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Preface

In the wake of energy crisis due to rapid growth of industries, urbanization,
transportation, and human habit, the efficient transfer of heat could play a vital role in
energy saving. Industries, household requirements, offices, transportation are all
dependent on heat exchanging equipment. Considering these, the present book has
incorporated different sections related to general aspects of heat transfer phenomena,
convective heat transfer mode, boiling and condensation, heat transfer to two phase
flow and heat transfer augmentation by different means. Technique of local heat flux
measurement by newly developed devices, heat transfer estimation during metal
casting along with numerical analysis, and heat transfer investigation in anemometry
are incorporated with analytical and experimental approach.

Natural convection heat transfer in variable engineering aspects is presented in this
book. Fluid flow through porous medium and application of nanofluid in different
geometrical configurations are discussed with emphasis on numerical simulation.
Similarly forced convection heat transfer in different conduit configurations are
included in this issue. Numerical approaches are systematically presented and
competently compared with the experimental available data.

Droplet impact and evaporation on modified surface, critical heat flux in sub-cooled
boiling region and subsequent modeling and details of drop wise condensation with
emphasis on droplet movement following temperature gradient are systematically
reported.

Two phase flow is a complex phenomenon and it is extensively observed in process
industries. Detailed description along with mechanisms and modeling are highlighted
here. Spray cooling and boiling phenomena, viscous dissipation effects on heat
transfer and heat generation and removal in solid state lasers are presented with great
skill.

Intensive investigation is going on to accelerate heat transfer. Some of the approaches
are presented in this issue. Enhancement of heat transfer by introducing vortex
generator in conduit flow, use of nanofluid as heat transfer liquid, imposing
impinging jet on heated surface, use of extended surface and step flow separation are
systematically presented.
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Chapter 1

Measurements of Local Heat Flux and
Water-Side Heat Transfer Coefficient in
Water Wall Tubes

Jan Taler and Dawid Taler

Additional information is available at the end of the chapter

http://dx.doi.org/10.5772/52959

1. Introduction

Measurements of heat flux and heat transfer coefficient are subject of many current studies.
A proper understanding of combustion and heat transfer in furnaces and heat exchange on
the water-steam side in water walls requires accurate measurement of heat flux which is
absorbed by membrane furnace walls. There are three broad categories of heat flux
measurements of the boiler water-walls: (1) portable heat flux meters inserted in inspection
ports [1], (2) Gardon type heat flux meters welded to the sections of the boiler tubes [1-4], (3)
tubular type instruments placed between two adjacent boiler tubes [5-14]. Tubular type and
Gardon meters strategically placed on the furnace tube wall can be a valuable boiler
diagnostic device for monitoring of slag deposition. If a heat flux instrument is to measure
the absorbed heat flux correctly, it must resemble the boiler tube as closely as possible so far
as radiant heat exchange with the flame and surrounding surfaces is concerned. Two main
factors in this respect are the emissivity and the temperature of the absorbing surface, but
since the instrument will almost always be coated with ash, it is generally the properties of
the ash and not the instrument that dominate the situation. Unfortunately, the thermal
conductivity can vary widely. Therefore, accurate measurements will only be performed if
the deposit on the meter is representative of that on the surrounding tubes. The tubular type
instruments known also as flux-tubes meet this requirement. In these devices the measured
boiler tube wall temperatures are used for the evaluation of the heat flux gn. The measuring
tube is fitted with two thermocouples in holes of known radial spacing r1 and r2. The
thermocouples are led away to the junction box where they are connected differentially to
give a flux related electromotive force.

The use of the one dimensional heat conduction equation for determining temperature
distribution in the tube wall leads to the simple formula

I NT EC H © 2012 The Author(s). Licensee InTech. This chapter is distributed under the terms of the Creative Commons
Attribution License http://creativecommons.org/licenses/by/3.0), which permits unrestricted use, distribution,
open science | open minds and reproduction in any medium, provided the original work is properly cited.
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_ k(fl_fZ) (1)

I = roln(rl/rz) '

The accuracy of this equation is very low because of the circumferential heat conduction in
the tube wall.

However, the measurement of the heat flux absorbed by water-walls with satisfactory
accuracy is a challenging task. Considerable work has been done in recent years in this field.
Previous attempts to accurately measure the local heat flux to membrane water walls in
steam boilers failed due to calculation of inside heat transfer coefficients. The heat flux can
only be determined accurately if the inside heat transfer coefficient is measured
experimentally.

New numerical methods for determining the heat flux in boiler furnaces, based on
experimentally acquired interior flux-tube temperatures, will be presented. The tubular type
instruments have been designed to provide a very accurate measurement of absorbed heat
flux gm, inside heat transfer coefficient hin, and water steam temperature Ty.

Two different tubular type instruments (flux tubes) were developed to identify boundary
conditions in water wall tubes of steam boilers.

The first meter is constructed from a short length of eccentric bare tube containing four
thermocouples on the fire side below the inner and outer surfaces of the tube. The fifth
thermocouple is located at the rear of the tube on the casing side of the water wall tube.
First, formulas for the view factor defining the heat flux distribution at the outer surface of
the flux tube were derived. The exact analytical expressions for the view factor compare
very well with approximate methods for determining view factor which are used by the
ANSYS software. The meter is constructed from a short length of eccentric tube containing
four thermocouples on the fireside below the inner and outer surfaces of the tube. The fifth
thermocouple is located at the rear of the tube (on the casing side of the water-wall tube).
The boundary conditions on the outer and inner surfaces of the water flux-tube must then
be determined from temperature measurements at the interior locations. Four K-type
sheathed thermocouples, 1 mm in diameter, are inserted into holes, which are parallel to the
tube axis. The thermal conduction effect at the hot junction is minimized because the
thermocouples pass through isothermal holes. The thermocouples are brought to the rear of
the tube in the slot machined in the tube wall. An austenitic cover plate with the thickness of
3 mm - welded to the tube — is used to protect the thermocouples from the incident flame
radiation. A K-type sheathed thermocouple with a pad is used to measure the temperature
at the rear of the flux-tube. This temperature is almost the same as the water-steam
temperature.

The non-linear least squares problem was solved numerically using the Levenberg-
Marquardt method. The temperature distribution at the cross section of the flux tube was
determined at every iteration step using the method of separation of variables.The heat
transfer conditions in adjacent boiler tubes have no impact on the temperature distribution
in the flux tubes.
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The second flux tube has two longitudinal fins which are welded to the eccentric bare tube.
In contrast to existing devices, in the developed flux-tube fins are not welded to adjacent
water-wall tubes. Temperature distribution in the flux-tube is symmetric and not disturbed
by different temperature fields in neighboring tubes. The temperature dependent thermal
conductivity of the flux-tube material was assumed. An inverse problem of heat conduction
was solved using the least squares method. Three unknown parameters were estimated
using the Levenberg-Marquardt method. At every iteration step, the temperature
distribution over the cross-section of the heat flux meter was computed using the ANSYS
CFX software. Test calculations were carried out to assess accuracy of the presented method.
The uncertainty in determined parameters was calculated using the variance propagation
rule by Gauss. The presented method is appropriate for membrane water-walls.

The developed meters have one particular advantage over the existing flux tubes to date.The
temperature distribution in the flux tube is not affected by the water wall tubes, since the
flux tube is not connected to adjacent waterwall tubes with metal bars, referred to as
membrane or webs. To determine the unknown parameters only the temperature
distribution at the cross section of the flux tube must be analysed.

2. Tubular type heat flux meter made of a bare tube

Heat flux meters are used for monitoring local waterwall slagging in coal and biomass fired
steam boilers [5-19].

The tubular type instruments (flux tubes) [10-14,19] and other measuring devices [15-18]
were developed to identify boundary conditions in water wall tubes of steam boilers. The
meter is constructed from a short length of eccentric tube containing four thermocouples on
the fire side below the inner and outer surfaces of the tube. The fifth thermocouple is located
at the rear of the tube on the casing side of the water wall tube.

Figure 1. The heat flux tube placed between two water wall tubes, a — flux tube, b — water wall tube, c -
thermal insulation

The boundary conditions at the outer and inner surfaces of the water flux-tube must then be
determined from temperature measurements at the interior locations. Four K-type sheathed

5
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thermocouples, 1 mm in diameter, are inserted into holes, which are parallel to the tube axis.
The thermal conduction effect at the hot junction is minimized because the thermocouples
pass through isothermal holes. The thermocouples are brought to the rear of the tube in the
slot machined in the protecting pad. An austenitic cover plate with the thickness of 3 mm
welded to the tube is used to protect the thermocouples from the incident flame radiation. A
K-type sheathed thermocouple with a pad is used to measure the temperature at the rear of
the flux-tube. This temperature is almost the same as the water-steam temperature. A
method for determining fireside heat flux, heat transfer coefficient on the inner surface and
temperature of water-steam mixture in water-wall tubes is developed. The unknown
parameters are estimated based on the temperature measurements at a few internal
locations from the solution of the inverse heat conduction problem. The non-linear least
squares problem is solved numerically using the Levenberg-Marquardt method. The
diameter of the measuring tube can be larger than the water-wall tube diameter. The view
factor defining the distribution of the heat flux on the measuring tube circumference is
determined using exact analytical formulas and compared with the results obtained
numerically using ANSYS software. The method developed can also be used for an
assessment of scale deposition on the inner surfaces of the water wall tubes or slagging on
the fire side. The presented method is suitable for water walls made of bare tubes as well as
for membrane water walls. The heat transfer conditions in adjacent boiler tubes have no
impact on the temperature distribution in the flux tubes.

2.1. View factor for radiation heat transfer between heat flux tube and flame

The heat flux distribution in the flux tube depends heavily on the heat flux distribution on
its outer surface. To determine the heat flux distribution g4 as a function of angular
coordinate ¢, the analytical formulas for the view factor y, defining radiation interchange
between an infinitesimal surface on the outer flux tube circumference and the infinite flame
or boiler surface, will be derived. The heat flux absorbed by the outer surface of the heat flux
tube q(¢) is given by

q(9)=q,v (). )

The specific thermal load of the water wall gm is defined as the ratio of the heat transfer rate
absorbed by the water wall to the projected surface area of the water wall. The view factor is
the fraction of the radiation leaving the surface element located on the flux tube surface that
arrives at the flame surface. The view factor can be computed from

l//:%(sin51+sin§2). 3)

The angles 61 and & are formed by the normal to the flux tube at ¢ and the tangents to the
flux tube and adjacent water-wall tube (Figures 2,4,6). Positive values of &1 are measured
clockwise with respect to the normal while positive values of ¢ are measured
counterclockwise with respect to the normal. The radial coordinate . of the flux tube outer
surface measured from the center 0 (Figure 2) is
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T, =ecosp+b* —e*(sing)?. 4)

where: ¢ — eccentric (Figure 2), b — outer radius of flux-tube.

The angle ¢, can be expressed in terms of the angle ¢, flux tube outer radius b, and eccentric

e (Figure 2)
(ecos¢+,/b2 —(esing/))stinqo
T
=arcsin , <—, 5
?4 b ?q > ©)
(ecoquulbz —(esingo)zjsinqo
@,=m —arcsin 2 , %S¢1S” (6)

First, the view factor for the angle interval 0<¢,<¢, ;; was determined

1+ cose
2—11034"13("1,11- )

The limit angle ¢, ;, (Figures 2 and 3) is given by

e
111 :arccosT, (8)

where c is the outer radius of the boiler tube.
Next the view factor in the angle interval @1115¢, <9, will be determined. The limit

angle g, ;,is: = =x/2)=(x/2)+arcsin(e/b) (Figure3). The view factor is
glePq,1218:P p (/’1(40 g 4

computed from Eq.(2), taking into account that (Figure 4)

v
5==,6,=
1 2 2

NN

_(3+¢1), g:ﬂ+;/—%, x; =bsing,, x;=bcosp,,

c . t_xi )
> 2,7/=arcsm > Z,gollsgongolz,
JE=x)2 +(y,+e) JE=x)2 +(y,+e)

p =arcsin

where f is the pitch of the water wall tubes.

Next the view factor y (¢) is determined in the angle interval ¢, ,<¢;<¢, 3 (Figures 3

and 5).
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Figure 4. Determination of view factor in the angle interval @, ;<@ <@,
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Figure 5. Limit angle ¢, 5

The limit angle ¢, ;5 (Figure 5) can be expressed as

(/)1,13=§+a)+1<, (10)
where the angles x i @ are given by
K= arctan%, (11)
0= arccosﬂ. (12)
+e?

The view factor y in the interval ¢,,,<¢,<¢ ;5 is calculated from the following

expression (Figure 6)

1, . .
'/’25(5““52_5““51)1‘/’1,12S (2R ZWEY (13)
where
5 ==, (14)
2
Sy =c+p-=, (15)
2
e=fry-2 (16)
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c

f =arcsin , (17)
2 2
Y=+ (v, +e)
. t—x;
y = —arcsin L (18)
V(= o)
x; =bsing,, (19)
y; =bcosp,. (20)
by
|
o ©
o | X /SUSY0L7 N
| P(X|,y|) ~‘T i &
| N2
2
s
t

Figure 7. Determination of mean view factor i/us for boiler setting over tube pitch ¢ using the crossed
string method



Measurements of Local Heat Flux and Water-Side Heat Transfer Coefficient in Water Wall Tubes

Radiation leaving the flame reaches also the boiler setting. The view factor for the radiation
heat exchange between boiler setting and rear side of the measuring tube can be calculated
in similar way as for the forward part. The mean heat flux qus resulting from the radiation
heat transfer between the flame and the boiler setting can be determined using the crossed-
string method [20-21].

The mean value of the view factor ys over the pitch length £ is calculated from (Figure?)

Ve :%[(FC+BG)—(FG+BC)] (21)

After substituting the lengths of straight FC and BG and circular segments FG and BC into
Eq. (21), the mean value of the view factor over the boiler setting can be expressed as:

b+c
Whs :T(tana)—a)). (22)

The mean heat flux over the setting surface is

qbs = qml//bs' (23)

The angle w is determined from

e2+t2—(b+c)2

b+c

tanw = (24)

If the diameters of the heat flux and water wall tubes are equal, then Eq.(24) simplifies to

tanw = iz—1
=1\l 3 . (25)

C

The view factor for the radiation heat exchange between boiler setting and rear side of the
measuring tube can be calculated in similar way as for the forward part. The view factor in
the angle interval ¢, ,<¢,<¢, 5 (Figure 8), accounting for the setting radiation, is given

by
1,. .
V’:'//bs'5(51“52_Sm51)f‘ﬂ1,z4ﬁ¢1g401,15 (26)

where the limit angle ¢, ,, is (Figure 8)

z
1/11/14:E—a)+1c. (27)

"1
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‘ t f qmlllbs ‘

Figure 9. Determination of view factor in the angle interval @, , < @,< ¢ |5

The angles 61 and ¢ are (Figure 9)

r
5123"‘5_(/’1/ (28)

8= (29)
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where
e=pry-=, (30)
2
/3 = arcsin ¢ ) 31)

JE=x )7 +(y, +e)

t—x.
y = —arcsin % (32)

Je-x 2y + 0

x; =bsing,, (33)

y; =bcosp,. (34)

The view factor y in the interval ¢, ;<@ <7, where ¢, s=¢,,,is given by

1,. .
(//:(//bs.E(Slné‘l+Sln52),(p1’]5ﬁ(pﬁﬂ', (35)
where
VA
Si=p—6-—, (36)
2
T
o, =—, 37
=2 ©7)
T
e=2-(r=5), (38)
. c
p =arcsin , (39)

¥ = —arcsin f , (40)
S +(y, +e)
x; = bcos[gz)l— %j, (41)

. 4
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| : 1
‘ |
|
o ‘ X S - :t
_____ L N - - i - - L:H]
|.0 f‘
\ oA P(xy) |
1 }‘ _\E‘Z_
@
*qm\lfbs

Figure 10. Determination of view factor in the angle interval ¢, <@, <7

The total view factor accounts for the radiation heat exchange between the heat flux tube

and flame and between the heat flux tube and the boiler setting.

2.2. Theory of the inverse problem

At first, the temperature distribution at the cross section of the measuring tube will be
determined, i.e. the direct problem will be solved. Linear direct heat conduction problem
can be solved using an analytical method. The temperature distribution will also be

calculated numerically using the finite element method (FEM). In order to show accuracy of

a numerical approach, the results obtained from numerical and analytical methods will be

compared. The following assumptions have been made:

thermal conductivity of the flux tube material is constant,

heat transfer coefficient at the inner surface of the measuring tube does not vary on the
tube circumference,

rear side of the water wall, including the measuring tube, is thermally insulated,
diameter of the eccentric flux tube is larger than the diameter of the water wall tubes,
the outside surface of the measuring flux tube is irradiated by the flame, so the heat
absorption on the tube fire side is non-uniform.

The cylindrical coordinate system is shown in Figurell.
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Figure 11. Approximation of the boundary condition on the outer tube surface

The temperature distribution in the eccentric heat flux tube is governed by heat conduction

10 00) 10 (koo
| kr—|+-—| =—— =0
ror or rop\ r 0

subject to the following boundary conditions

kVao- nL:rn = qmt//(go)

(20
or

r=a

The left side of Eq. (44) can be transformed as follows (Figurell)

kV9~n|r:r :(qr +q¢)~n

r:’ll

oT koT .
= {kgcos(q)l— go) + ?asm(gol— go)}

=1,

(43)

(44)

(45)

(46)

The second term in Eq. (46) can be neglected since it is very small and the boundary

condition (44) simplifies to

_ a.v(9)
o COS((01—¢)

060

[
or

(47)

15
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The heat flux over the tube circumference can be approximated by the Fourier polynomial

a.v(e) & 48
cos((ﬂl_ (/’) o :;qn COS(ngo) 4
where
1 T
qo = — Md(ﬂ’
ﬂOCOS((Dl—(D) (49)
2% 9, (9)

- ;Omcos(mp)dgo, n=1,..

n

The boundary value problem (43, 45, 47) was solved using the separation of variables to give

9(7/(0) = A, +ByInr + i(cnr” + Dnr’”)cos ne. (50)
n=1
where
_a(9)(1 51
K &ima' D
%=%%M, (52)

1 /0. 1
i ano((p) ;u (Bz+n)a—n 3)
" k Bi(uz’1 +1)+n(u2" —1)’

1 n : n
b __ana(w) gu (Bz n)a 50

" k Bi(u2”+1)+n(u2”—1).

The ratio of the outer to inner radius of the eccentric flux tube: u = u(¢ )= ro(¢) /a depends on
the angle ¢, since the outer radius of the tube flux

r, :ecos¢+,lb2—(6 sir1¢7)2 (55)

Eq. (50) can be used for the temperature calculation when all the boundary conditions are
known. In the inverse heat conduction problem three parameters are to be determined:

is the function of the angle ¢ .

e absorbed heat flux referred to the projected furnace wall surface: xi1= gm,
¢ heat transfer coefficient on the inner surface of the boiler tube: x>=1,
e  fluid bulk temperature: x3=Ty.
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These parameters appear in boundary conditions (44) and (45) and will be determined based
on the wall temperature measurements at m internal points (,¢i)

T(r,¢)=f ,i=1,..,m,m=3. (56)

In a general case, the unknown parameters: xi, ..., x» are determined by minimizing sum of
squares

S=(f-T,) (£-T,), (57)

where f=(fi, ..., fu)T is the vector of measured temperatures, and Tm = (T4, ..., Tm)" the vector
of computed temperatures Ti=T(ri, @), i=1, ..., m.

The parameters x1 ... x, for which the sum (34) is minimum are determined using the
Levenberg-Marquardt method [23,25]. The parameters, x, are calculated by the following
iteration

KD = x4 50k —o,1,.... (58)

where

(59)
)

where (" is the multiplier and I is the identity matrix. The Levenberg-Marquardt method

is a combination of the Gauss-Newton method (1#—0) and the steepest-descent method
(1P—0). The m x n Jacobian matrix of T(x®¥, ri) is given by

ox,  ox,
oT(x
w T , m=5, n=3, (60)
OXp | _
aT, oT,
| Ox; ox,, | e

17
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The symbol I denotes the identity matrix of n x n dimension, and x® the weight coefficient,
which changes in accordance with the algorithm suggested by Levenberg and Marquardt.
The upper index T denotes the transposed matrix. Temperature distribution T(r,¢, x®) is
computed at each iteration step using Eq. (50). After a few iterations we obtain a convergent
solution.

2.3. The uncertainty of the results

The uncertainties of the determined parameters x* will be estimated using the error
propagation rule of Gauss [23-26]. The propagation of uncertainty in the independent
variables: measured wall temperatures f, j=1, ...m, thermal conductivity k, radial and
angular positions of temperature sensors rj, ¢, j=1, ...m is estimated from the following
equation

2 2 2 2
|| o ox; | ox; | Ox;
R R D B |

j=1 j j=1
i=123

The 95% uncertainty in the estimated parameters can be expressed in the form

X; =X J_r20'xi,

(62)

where x:,i =1,2,3 represent the value of the parameters obtained using the least squares
method. The sensitivity coefficients 0x; / ﬁf]., ox; | ok, ox;/ 81’]., and ox;/ 6¢)j in the

expression (61) were calculated by means of the numerical approximation using central
difference quotients:

o, % (firforr fi+ 5,...,fm) =i s f;= 810 f)
of, 25

, (63)
where 0§ is a small number.

2.4. Computational and boiler tests

Firstly, a computational example will be presented. “Experimental data” are generated
artificially using the analytical solution (50).

Consider a water-wall tube with the following parameters (Figurel.):

e outer radius b =35 mm,

e inner radius a =25 mm,

e  pitch of the water-wall tubes ¢ = 80 mm,
e thermal conductivity k = 28.5 W/(m-K),
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Figure 12. View factor associated with radiation heat exchange between elemental surface on the boiler
setting or flux tube and flame: (a) — view factor for radiation heat transfer between flame and boiler setting,
(b) 1 - total view factor accounting radiation from furnace and boiler setting, 2 - approximation by the
Fourier polynomial of the seventh degree, 3 - exact view factor for furnace radiation, 4- view factor from
boiler setting
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e absorbed heat flux g»=200000 W/m?,
o  heat transfer coefficient h = 30000 W/(m?K),
e fluid temperature Ty= 318 °C.

The view factor distributions on the outer surface of the flux-tube and boiler setting were
calculated analytically and numerically by means of the finite element method (FEM) [22].
The changes of the view factor over the pitch length and tube circumference are illustrated
in Figures 12 and 13.

1 | | ‘ | ‘ | | ‘ |
‘A A A ANSYS
| Analytical method | i
0.8 — —
0.6 — -
5_ - -
0.4 — —
0.2 — —
0 ] ] | -
0 30 60 90 120 150 180
Angle ¢,, deg

Figure 13. Comparison of total view factor calculated by exact and FEM method

The agreement between the temperatures of the outer and inner tube surfaces which were
calculated analytically and numerically is also very good (Figures 14 and 15). The small
differences between the analytical and FEM solutions are caused by the approximate
boundary condition (47). The temperature distribution in the flux tube cross section is
shown in Figure 14.
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Figure 14. Computed temperature distribution in °C in the cross section of the heat flux tube; gm =

200000 W/m?, h = 30000 W/(m2K), Tr=318 °C
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The following input data is generated using Eq. (50): f, =437.98 °C, f, =434.47 °C,
f,=383.35 °C, f, =380.70 °C, f. =321.58°C.

The  following  values were  obtained using the  proposed  method:
q,, =200 000.35 W/m?, h"=30001.56 W/(m* -K), Tf* =318.00 °C.

In order to show the influence of the measurement errors on the determined thermal
boundary parameters, the 95% confidence intervals were calculated. The following
uncertainties of the measured values were assumed (at a 95% confidence interval):

20, = +02K,j=1, ... 5,20, = +0.5W/(mK) 20, =%0.05mm,20, =+05°j=1,..,5.

The uncertainties (95% confidence interval) of the coefficients xi were determined using the
error propagation rule formulated by Gauss.

The calculation using Eq. (61) yielded the following results: x1 = 200 000.35 + 3827.72 W/m?,
x2=30001.56 +2698.81 W/(m?-K), x3 = 318.0 £ 0.11 °C. The accuracy of the obtained results
is very satisfactory. There is only a small difference between the estimated parameters and
the input values. The highest temperature occurs at the crown of the flux-tube (Figures 14
and 15). The temperature of the inner surface of the flux tube is only a few degrees above the
saturation temperature of the water-steam mixture. Since the heat flux at the rear side of the
tube is small, the circumferential heat flow rate is significant. However, the rear surface
thermocouple indicates temperatures of 2-4 °C above the saturation temperature. Therefore,
the fifth thermocouple can be attached to the unheated side of the tube so as to measure the
temperature of the water-steam mixture flowing through the flux tube.

In the second example, experimental results will be presented. Measurements were
conducted at a 50MW pulverized coal fired boiler. The temperatures indicated by the flux
tube at the elevation of 19.2 m are shown in Figure 16. The heat flux tube is of 20G low
carbon steel with temperature dependent thermal conductivity

k(T)=53.26 - 0.02376224T, (64)

where the temperature T is expressed in °C and thermal conductivity in W/(m-K).

The unknown parameters were determined for eight time points which are marked in
Figure 16.

The inverse analysis was performed assuming the constant thermal conductivity k(T)
which was obtained from Eq.(64) for the average temperature: T = (T1 +TL,+T, + T4)/ 4.

The estimated parameters: heat flux gm, heat transfer coefficient i, and the water-steam

mixture Ty are depicted in Figure 17. The developed flux tube can work for a long time in the
destructive high temperature atmosphere of a coal-fired boiler.
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Figure 16. Measured flux tube temperatures; marks denote measured temperatures taken for the
inverse analysis
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Figure 17. Estimated parameters: absorbed heat flux gm, heat transfer coefficient i, and temperature of

water-steam mixture Ty

Flux tubes can also be used as a local slag monitor to detect a build up of slag. The presence

of the scale on the inner surface of the tube wall can also be detected.
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3. Tubular type heat flux meter made of a finned tube

In this section, a numerical method for determining the heat flux in boiler furnaces, based on
experimentally acquired interior flux-tube temperatures, is presented. The tubular type
instrument has been designed (Figure 18) to provide a very accurate measurement of
absorbed heat flux gm, inside heat transfer coefficient hin, and water steam temperature Ty.
The number of thermocouples is greater than three because the additional information can
help enhance the accuracy of parameter determining. In contrast to the existing devices, in
the developed flux-tube fins are not welded to adjacent water-wall tubes. Temperature
distribution in the flux-tube is symmetric and not disturbed by different temperature fields
in neighboring tubes. The temperature dependent thermal conductivity of the flux-tube
material was assumed. The meter is constructed from a short length of eccentric tube
containing four thermocouples on the fire side below the inner and outer surfaces of the
tube. The fifth thermocouple is located at the rear of the tube (on the casing side of the
water-wall tube). The boundary conditions on the outer and inner surfaces of the water flux-
tube must then be determined from temperature measurements in the interior locations.
Four K-type sheathed thermocouples, 1 mm in diameter, are inserted into holes, which are
parallel to the tube axis. The thermal conduction effect at the hot junction is minimized
because the thermocouples pass through isothermal holes. The thermocouples are brought
to the rear of the tube in the slot machined in the tube wall. An austenitic cover plate with
the thickness of 3 mm — welded to the tube — is used to protect the thermocouples from the
incident flame radiation. A K-type sheathed thermocouple with a pad is used to measure the
temperature at the rear of the flux-tube. This temperature is almost the same as the water-
steam temperature. An inverse problem of heat conduction was solved using the least
squares method. Three unknown parameters were estimated using the Levenberg-
Marquardt method [23, 25]. At every iteration step, the temperature distribution over the
cross-section of the heat flux meter was computed using the ANSYS CFX software
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Figure 18. The cross-section of the membrane wall in the combustion chamber of the steam boiler
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Test calculations were carried out to assess accuracy of the presented method. The
uncertainty in determined parameters was calculated using the Gauss variance propagation
rule. The presented method is appropriate for membrane water walls (Figure 18). The new
method has advantages in terms of simplicity and flexibility.

3.1. Theory

The furnace wall tubes in most modern units are welded together with steel bars (fins) to
provide membrane wall panels which are insulated on one side and exposed to a furnace on
the other, as shown schematically in Figure 18.

In a heat conduction model of the flux-tube the following assumptions are made:

e temperature distribution is two-dimensional and steady-state,

¢ the thermal conductivity of the flux-tube and membrane wall,

¢ may be dependent of temperature,

o the heat transfer coefficient /i» and the scale thickness ds is uniform over the inner tube
surface.

The temperature distribution is governed by the non-linear partial differential equation
v-[k(T)vT]=0, (65)

where V is the vector operator, which is called nabla (gradient operator), and in Cartesian
coordinates is defined by V =i0/0x +jo/0y + ko/0z +. The unknown boundary conditions may

ot

where g(s) is the radiation heat flux absorbed by the exposed flux tube and membrane wall

be expressed as

=q(s), (66)

S

surface. The local heat flux g(s) is a function of the view factor y(s) (Figure 19)

9(s)=q,¥(s), (67)

where g is measured heat flux (thermal loading of heating surface). The view factor (s)
from the infinite flame plane to the differential element on the membrane wall surface can
be determined graphically [7], or numerically [22].

In this chapter, y(s) was evaluated numerically using the finite element program ANSYS
[22], and is displayed in Figure 19 as a function of the extended coordinate s. Because of the
symmetry, only the representative water-wall section illustrated in Figure 20 needs to be
analyzed. The convective heat transfer from the inside tube surfaces to the water-steam
mixture is described by Newton's law of cooling
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oo

where 0T/on is the derivative in the normal direction, hix is the heat transfer coefficient and
Ty denotes the temperature of the water—steam mixture.

- hm(T\& —Tf), (68)

Sin

The reverse side of the membrane water-wall is thermally insulated. In addition to the
unknown boundary conditions, the internal temperature measurements fi are included in
the analysis

T(x)=f, i=1..,m, (69)

where m =5 denotes the number of thermocouples (Figure 18). The unknown parameters: x1
= qm, X2 = hin, and x3 = Ty were determined using the least-squares method. The symbol ri
denotes the inside tube radius, and k(T) is the temperature dependent thermal conductivity.
The object is to choose x = (x1, ..., xu)" for n = 3 such that computed temperatures T(x, ri)
agree within certain limits with the experimentally measured temperatures fi.

This may be expressed as

T(xrx)-f=0, i=1..,m, m=5. (70)
1
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Figure 19. View factor distribution on the outer surface of water-wall tube
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Figure 20. Temperature distribution in the flux tube cross-section for: g = 150000 W/m?,
hin = 27000 W/(m2K) and Tf=317°C
The least-squares method is used to determine parameters x. The sum of squares
i 2
S=Y[fi-T(xx)], m=5 (71)
i=1

is minimized using the Levenberg-Marquardt method [23, 25].

The uncertainties of the determined parameters x will be estimated using the error
propagation rule of Gauss [23-26].

3.2. Test computations

The flux-tubes were manufactured in the laboratory and then securely welded to the water-
wall tubes at different elevations in the furnace of the steam boiler. The coal fired boiler
produces 58.3 kg/s superheated steam at 11 MPa and 540°C.

The material of the heat flux-tube is 20G steel. The composition of the 20G mild steel is as
follows: 0.17-0.24% C, 0.7-1.0% Mn, 0.15-0.40% Si, Max 0.04% P, Max 0.04% S, and the
remainder is iron Fe. The heat flux-tube thermal conductivity is assumed to be temperature
dependent (Table 1).
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Figure 21. Solution of the inverse problem for the “exact” data: fi = 419.66°C, f» = 417.31°C, fs = 374.90°C,
f1=2373.19°C, fs = 318.01°C; (a) - temperature distribution in the flux-tube, (b) - iteration number for the
temperature T1
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Figure 22. Solution of the inverse problem for the “perturbed” data: fi =420.16°C, 2 =416.81°C, f3=
375.40°C, fa=372.69°C, 5 = 318.01°C; (a) - temperature distribution in the flux-tube, (b) - iteration

number for the temperature T1



30 An Overview of Heat Transfer Phenomena

Temperature T, °C 100 200 300 400
Thermal conductivity k, W/(m:K) 50.69 48.60 46.09 42.30

Table 1. Thermal conductivity k(T) of steel 20G as a function of temperature

To demonstrate that the maximum temperature of the fin tip is lower than the allowable
temperature for the 20G steel, the flux tube temperature was computed using ANSYS CFX
package [22]. Changes of the view factor on the flux tube, weld and fin surface were
calculated with ANSYS CFX. The temperature distribution shown in Figure 20 was obtained
for the following data: absorbed heat flux, g = 150000 W/m?, temperature of the water-
steam mixture, Tr = 317°C, and heat transfer coefficient at the tube inner surface, hi» = 27000
W/(m?2K). An inspection of the results shown in Figure 20 indicates that the maximum
temperature of the fin does not exceed 375°C.

Next, to illustrate the effectiveness of the presented method, test calculations were carried
out. The “measured” temperatures f, i =1, 2, ..., 5 were generated artificially by means of
ANSYS CEX for: gm = 250000 W/m?, hin = 30000 W/(m?>K) and T = 318°C. The following
values of “measured” temperatures were obtained fi = 419.66°C, f» = 417.31°C, f3 = 374.90°C,
fi = 373.19°C, f5 = 318.01°C. The temperature distribution in the flux tube cross-section,
reconstructed on the basis of five measured temperatures is depicted in Figure 21a.

The proposed inverse method is very accurate since the estimated parameters: gm =
250000.063 W/m?, hin = 30000.054 W/(m? -K) and T = 318.0°C differ insignificantly from the
input values. In order to show the influence of the measurement errors on the determined
parameters, the 95% confidence intervals were estimated. The following uncertainties of the
measured values were assumed (at 95% confidence interval): 2o F = 05K, /=12 ..5
]
20, =1 W/(m K),20, = 20.05mm, 20, = 0.5, j=1,...,5. The uncertainties (95%
] J

confidence interval) of the coefficients x; were determined using the error propagation rule
formulated by Gauss [23-26]. The calculated uncertainties are: £6% for qm, £33% for hin and
+0.3% for Tr. The accuracy of the results obtained is acceptable.

Then, the inverse analysis was carried out for perturbed data: fi = 420.16°C, f» = 416.81°C, fs =
375.40°C, fa = 372.69°C, f5 = 318.01°C. The reconstructed temperature distribution illustrates
Figure 22a.

The obtained results are: gm = 250118.613 W/m?, hi» = 30050.041 W/(m? -K) and Ty = 317.99°C.
The errors in the measured temperatures have little effect on the estimated parameters. The
number of iterations in the Levenberg-Marquardt procedure is small in both cases (Figures
21b and 22b).

4. Conclusions

Two different tubular type instruments (flux tubes) were developed to identify boundary
conditions in water wall tubes of steam boilers. The first measuring device is an eccentric
tube. The ends of the four thermocouples are located at the fireside part of the tube and the
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fifth thermocouple is attached to the unheated rear surface of the tube. The meter presented
in the paper has one particular advantage over the existing flux tubes to date. The
temperature distribution in the flux tube is not affected by the water wall tubes, since the
flux tube is not connected to adjacent waterwall tubes with metal bars, referred to as
membrane or webs. To determine the unknown parameters only the temperature
distribution at the cross section of the flux tube must be analyzed.

The second flux tube has two longitudinal fins. Fins attached to the flux tube are not welded
to the adjacent water-wall tubes, so the temperature distribution in the measuring device is
not affected by neighboring water-wall tubes. The installation of the flux tube is easier
because welding of fins to adjacent water-wall tubes is avoided. Based on the measured flux
tube temperatures the non-linear inverse heat conduction problem was solved. A CFD
based method for determining heat flux absorbed water wall tubes, heat transfer coefficient
at the inner flux tube surface and temperature of the water-steam mixture has been
presented. The proposed flux tube and the inverse procedure for determining absorbed heat
flux can be used both when the inner surface of the heat flux tube is clean and when scale or
corrosion deposits are present on the inner surface what can occur after a long time service
of the heat flux tube.

The flux tubes can work for a long time in the destructive high temperature atmosphere of a
coal-fired boiler.

Nomenclature

inner radius of boiler tube and flux-tube (m)

outer radius of flux-tube (m)

Biot number, Bi =ha/k

outer radius of boiler tube (m)

eccentric (m)

measured wall temperature at the i-th location (°C or K)

vector of measured wall temperatures

heat transfer coefficient (W/(m?-K))

identity matrix

Jacobian matrix of T

thermal conductivity (W/(m-K))

arbitrary length of boiler tube (m)

number of temperature measurement points

number of unknown parameters

Gm heat flux to be determined (absorbed heat flux referred to the projected furnace
water wall surface) (W/m?)

r coordinate in cylindrical coordinate system or radius (m)

Ti radial coordinate of the i-th thermocouple (m)

Tin inner radius of the flux-tube ( m)

7o outer radius of the flux-tube ( m)

:§~>\~'—trw»—n\_hwmmwm
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r position vector

s extended coordinate along the fireside water-wall surface (m)
S sum of the temperature difference squares (K?)

t pitch of the water wall tubes (m)

T temperature (°C or K)

Ty fluid temperature (°C or K)

Ti calculated temperature at the location( ri,¢i) (°C or K)

Tm m - dimensional column vector of calculated temperatures
u(¢p)  ratio of the outer to the inner radius of the tube, u (¢)=ro/a
Xi unknown parameter

X n-dimensional column vector of unknown parameters
Greek symbols

a, B’ Y, 51’ 629 € angles (rad)

0 temperature excess over the fluid temperature, 6 = T - Tt (K)
¢ angular coordinate (rad)

O angular coordinate of the i-th thermocouple (rad)
v multiplier in the Levenberg-Marquardt algorithm
P view factor

Subscripts

in inner

0 outer

i i-th temperature measurement point

f fluid
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1. Introduction

Casting process is desired because it is very versatile, flexible, and economical and happens
to be the shortest and fastest way to transform raw material into finished product. Squeeze
casting belongs to permanent mould casting method which offers considerable saving in
cost for large production quantities when the size of the casting is not large. Squeeze casting
has the advantage of producing good surface finish, close dimensional tolerance and the
absence of sand inclusions on the cast surfaces of the products as opined by Das and
Chatterjee, (1981).

The solidification process of the molten aluminium metal in the steel mould takes a complex
form, (Hosford and Caddell, 1993) and (Potter and Easterling, 1993). During solidification all
mechanisms of heat transfer are involved and the solidifying metal undergoes state and
phase changes. The final structure and properties of the cast product obtained depend on
the casting parameters applied i.e. applied pressures, die pre-heat temperature, delay time
and period of applied pressure on the solidifying metal, (Potter and Easterling, 1993),
(Bolton, 1989) and (Callister, 1997). The prediction of temperature distribution and
solidification rate in metal casting is very important in modern foundry technologies. This
helps to control the fundamental parameters such as the occurrence of defects, as well as,
the influence on final properties of cast products and the mould wall / cast metal interface
contact surface.

Heat transfer coefficients during squeeze cast of commercial aluminium were determined
using the solidification temperature versus time curves obtained for varying applied
pressures during squeeze casting process. The steel mould / cast aluminium metal interface
temperatures versus times curve obtained through polynomial curves fitting and

I NT EC H © 2012 The Author(s). Licensee InTech. This chapter is distributed under the terms of the Creative Commons
Attribution License http://creativecommons.org/licenses/by/3.0), which permits unrestricted use, distribution,
open science | open minds and reproduction in any medium, provided the original work is properly cited.
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extrapolation was compared with the numerically obtained temperatures versus times
curve. Interfacial heat transfer coefficients were determined experimentally from measured
values of heating and cooling temperatures of steel mould and cast metal and compared
with the numerically obtained values and found to be fairly close in values.

Aluminium is a product with unique properties, making it a natural partner for the building
and other manufacturing industries. The commercially pure aluminium metal used for this
research work finds extensive use in the building, manufacturing and process industries,
both as a material of construction and household goods. Products of squeeze casting are of
improved mechanical properties and could be given heat treatment. Heat dissipation from
the squeeze cast specimen is fast thus producing products of fine grains as compared to the
slow cooling of sand casting, which produces large grains. Products obtained through
squeeze casting are with improved mechanical properties.

2. Squeeze casting procedure

A metered quantity of molten metal was poured into the steel mould cavity at a supper-heat
temperature of between 40-60 °C fast but avoiding turbulence. The upper die was then
released to close the mould cavity with and without applying any load on the upper die.
Thermocouples were inserted into the drilled holes made in the die, which were used to
monitor both the die and cast metal temperatures. The terminals of the thermocouples were
connected to the chart recorder/plotter (set at the highest speed of 10mm/s and voltage 100mV)
through the cold junction apparatus, maintained at 0 °C throughout the measuring period.

3. Assumptions made

i.  Heat transfer in the molten metal cast zone is due to both conduction and convection
while conduction heat transfer occurs in the steel mould, it is convection at the outer
surface of the steel mould.

ii. The thickness of the cast specimen is much smaller than the diameter (radial
dimension), thus giving one dimensional heat transfer process.

iii. Considering the symmetrical nature of the cast specimen, solidification process was
assumed symmetrical and only lower half of the specimen’s thickness was analysed see
figure 1.

iv. The bottom of the squeeze casting rig was and the heat losses to the atmosphere was
small and neglected.

v. Heat losses through conduction and convection to the atmosphere at the punch were
neglected, as a result of short time of pressure application.

vi. The process of analyses in the cast specimen starts only when the steel mould cavity
had been filled with the required quantity of liquid molten metal (i.e. heat transfer
processes during pouring of molten aluminium into the steel mould are not
considered).

vii. Density of the molten and solidified aluminium metal was assumed to be the same and
independent of temperature.
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viii. Thermal conductivity and specific heat of aluminium metal were dependent on the cast
temperatures.
4. Heat transfer governing equations

4.1. Without pressure application on the cast metal

A measured quantity of molten aluminium metal was poured into the steel mould cavity.
The process of solidification begins from the steel mould/cast metal interface and continues
inwards into the cast metal. As this process continues, there was an increase in the thickness
of the solidified layer and a decrease in the liquid molten metal portion. For the situation
when no pressure was applied on the solidified molten metal, the governing heat transfer
equations in one dimension are given by equation (1).

2
LTl aor 0
ot or: ror

From figure 1, equation (1) is defined within the region with;

i.  Steel mould,

L<r, <(L+Q)

ii. Solidified molten,
(L-XT)<r<L
Ty = Ty =660 (°C) @)
iii. Liquid molten metal,
0<r, <(L-X])

oT,

Ks—2=0 3)
r=0 4)
T, =T,=720(°C) (5)

iv. At the phase change boundary condition;

dx! or, . o,
by =R T ©
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where,
r=L-XI @)

Liquid Molten Metal

Solidified Molten Metal

(L+Q)=Ro

Steel Mould

Figure 1. Schematic representation of solidification front in one dimension (radial direction)

4.2. Casting with pressure application on the solidified molten metal

As the cast aluminium metal solidifies, pressure is applied on the specimen, observing lapse
or delay time, t;, while varying the values of pressure applied. The time between the end of
pouring of molten metal and pressure application known as lapse time, is recorded. This is
necessary such that the cast specimen will not stick to the upper punch or cause the cast
metal to tear with pressure application. Due to the applied pressure, an internal energy Aq is
generated within the solidified molten metal, (see figure 2).

Inserting the internal energy into the heat transfer equation (1) for solidified molten metal, it
becomes equation (8),

oT, 0°T. 10T,
Co—S =K |—S+—"5|+A 8)
Psts ot {arz rs or 1
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where,
Va=Vaq,+Vq; ©)

Aq -internal energy generated by applied pressure,
Aqr -energy due to plastic strain within the solidified molten metal material,
Aqt -frictional energy generated during pressure application,

Var=Vap+Vqg, (10)
Aqep -frictional energy due to punch / solidified molten metal interface,
Agtm  -frictional energy due to steel mould cylindrical surface / solidified molten metal
interface.

VA
q
\ 4

h

ho
PO

IRARRHRHHRRR

dr

A

»

Figure 2. Cast specimen under pressure

39
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5. Formulation of heat transfer equations

Finite difference expressions for the nodal temperatures are obtained by either energy
balance within an elemental volume around the node or by substitutions into the governing
partial differential equations. Partial time derivative of temperature contained in the
equations can be written in terms of a moving gradient as in White (1991) at a velocity of
dx/dt. In the heat transfer equation, temperature is defined as a function of distance, r with
time, t and represented in equation (11).

T = T(r, t) (11)

5.1. In the steel mould

2
aT, , P, a4,

—s =g 12
dt Eop2 r, or (12)
where,
dr,
—L=0 13
a0t (13)
K
@, =—t (14)
pstCst
ast -thermal diffusivity of steel mould material.
5.2. In the solidified molten metal
2
di_ (I_G) dX:%=a5_5 Is +$% (15)
dt (M-G) dt or ort 1 or
where,
K
ag = S (16)
PsCs

as-thermal diffusivity of solidified molten metal material.

5.3. In the liquid molten metal

I-M 4 2
dn, (M) X on, | O o o a7
dt (N—M) dt or orr 1 or

where,
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a = (18)

Py

av -thermal diffusivity of liquid molten metal material.

6. Nodal divisions

The steel mould, the solidified metal and the molten metal regions were discretized
separately. Each of these regions was divided into a fixed number of gridal points as in
figure 1.

6.1. In the steel mould

Ay (19)

1=1,23,..,G1

6.2. In the solidified molten metal

dg = (20)
I1=G+1, G+2,G+3, ..., M-1

6.3. In the liquid molten metal portion

d, = (21)
I=M+1, M+2, M+3 ... N-1

6.4. In the phase change boundaries

The phase change is represented by the equations;

PR
n=(M-0) 22)

(23)
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6.5. At the completion of solidification

= (24)

As solidification time progresses, the boundary locations change, and the thickness of the
solidified molten metal in the radial direction increases. The rate of change of boundary
location with time is represented, mathematically in equation (25),

dd—}f=—(x’j”§_ X 25)

Where,
(XZ*1 —Xi) -are differences in the thickness of solidified molten metal at a particular time

interval as time progresses in the radial direction.
d -time interval.

7. Boundary conditions

The problem of phase change during solidification is that the location of the solidifying
molten metal / liquid molten metal interface is not known and this is determined
continuously by appropriate mathematical analysis. This moving interface is normally
expressed mathematically by the energy balance equations at the interfaces. In the
numerical analysis, as solidification of molten aluminium metal progresses, three boundary
interfaces occurred as:

7.1. Steel mould-atmosphere interface (I=1)

The heat conducted to the steel mould material (from I =2 to 1 = 1) equals the sum of the
change in the internal energy and heat convected from the surface of the steel metal mould
material into the atmosphere, mathematically represented in equation (26).

*

oT. 2K, oOT ;
st _ st st _ 2H (T]] _Toc) (26)
ot p,Cud, or p,C.d

st7st

st7st

I=1

7.2. In the solidified molten metal-steel mould interface (I = G)

The sum of the heat conducted from the solidifying molten metal/steel mould interface and
the change (decrease) in the internal energy at the boundary equal the sum of the heat
conducted to the steel mould and the change (increase) in the internal energy at the
interface.
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oT. 1 oT. oT, 1 oT.
K.—S54+-p.Cd.—5=K st 4y~ p C.d, 2st
S or 2105 SUS ot st or 2pst stst ot (27)

I=G

7.3. In the liquid molten metal - Solidified molten metal interface, (I = M)

The sum of the heat conducted from the liquid molten metal and the internal energy
generated equal the sum of heat conducted to the solidified molten metal and the internal
energy generated at the interface as in equation (28).

oT, 1 oT, oT. 1 oT.
KL _—pCd LK —S4+=pCud.—S
Lor 2P tiTgy TRy, TSty (28)
I=M
— >y — » X
Steel Mould Steel Mould

i+l i

Figure 3. Corner nodes. A) External, B) Internal nodes

7.4. At the corners

The usual one dimensional heat transfer analysis does not take into consideration heat loss
at the corners as represented in figure 3. Heat loss at both the external and internal corner
nodes of the steel mould have been considered and analysed while the die is lagged at the
bottom surface.

7.5. External corner effect

qi+1 + qg = qconv (29)
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The heat conducted from point Ri1 to point Ri added to the change in the internal energy
equal the amount of heat convected out to the atmosphere at point Rt., Fig. (3a). The finite
form of equation (29) is represented by equation (30),

K, oT, 1 OT. hy/ . o\ hi.
stZst _— 5 C st — (T —T! )+ =T/ =T/
dst 81’ 2pst st 8t dst( i oo) H( i oo) (30)

7.6. Internal corner effect

The heat conducted from point P to point Pr added to the change in the internal energy
amount to the heat conducted into the steel mould at point I, fig. (3b) thus becoming
equation (31);

KTy 1) o 0T, K, oT, K, 0T,

st _

+_
d, or 2755t "4, or Hl1oZ

(G20)

7.7. First time analysis

Solidification takes place only in the radial direction, a one-dimensional heat solidification
problem was assumed numerically to take place in the radial direction only after filling the
steel mould cavity with the liquid molten metal.

For the first time analysis, the specimen is considered to be in the molten stage and therefore
equation (32) for the liquid molten metal is used for computation. Thus;

a1, {62TL 1 8TL}

PCL— =K o o (32)
This equation is subjected to the boundary conditions with;
T, =T (33)
The instantaneous radius ri in the first time analysis is given by equation (34);
=Nl (34)
- (N-9)

1=G, G+1, G+2, G+3,....,, N

The boundary velocity of moving coordinate of equation (32) is given as equation (35);

dr,_d| (N=T) |
E_dt{(N—G)L}_O (39)
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7.8. At the completion of solidification

At the completion of solidification, the whole molten region becomes solidified molten
metal, and just before pressure is applied, the governing heat transfer equation becomes
equation (36) representing the solidified portion;

P L= K, {%+é%} (36)
The equation is applicable within the region defined by equation (37);

r=L (37)
The boundary motion at the completion of solidification is as in equation (38);

_(N-T)
rSC—(N_G)L (38)

I=G, G+1, G+2, G+3,..., .N

The boundary velocity at the completion of solidification is expressed as equation (39);

dre _d| (N=T) | _ 39
dt _dt{(N—G)L}_O &

where,
L -constant value

8. Finite difference of governing heat transfer equations

The heat transfer equations generated in the cast metal and interfaces are written in the
finite difference forms. These equations are presented in the various regions thus;

8.1. In the steel mould region

Ti]“ﬂ :{1_ 25?st _ 5ast :| Tl] +I:602',st + 5ast :| Tl]Jrl + 5c;st szfl (40)
dy Tl dy 1y dg;
where,
G-1
r. =L+ Q( ) (a)
st (G—l)
(41)
Q
d = b
e ®
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8.2. In the solidified molten metal portion

(1-6) (X" X)) 254, say

i+ _|q_ j
O R Ve, R £ |
_q) (Xt =-xi . ,
N (1 _G)( ’ r)+5055+5as 7}’+1+5Z5Tﬂ_1
(M-G) 42 rgd a2
where,
XI(1-G
Tg L- (E\SI—G)) (a)
_ X
dS (M—I) (b)
I1=G+1, G+2, G+3,.......... , M

8.3. In the liquid molten metal region

(1-m) (X" X)) 250, 50, e

T/ =] 1-
l (N_M) a di  nd
1-m) (X" -x])
( - ) r r +5aL+§aL i +%Tj
2 i+1 2 “i-1
(N_M) a dp  ndp dp
where,
rz(L—Xf)(I_M) (a)
L r (N—M)
=
d, = b
L (N—I) ( )
I=M, M+1, M+2, M43, ..., N
8.4. In the phase change boundary condition (I = M)
Xi =X - 5K, 0K T4 5K, T4 5K
pLthrfL pLthps pLthPL pLthps

T

j

(42)

(43)

(44)

(46)
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where,
\ (L-x]) o
= a
PL (N—M) )
X
hPs = (M—G) (b)

8.5. In the steel mould / atmosphere interface (I=1)

g | 20Ky | 20Ky oy 28H (1 o 48
(48)
st

i i i+1 i 0
dsztpstc dsztpstcst dy Py Cgy
I=1
where;
Q
dy = (G _ 1) (49)
1=1,2,3,...,G
8.6. In the solidified molten metal / steel mould interface (I=G)
; 20K I-G . N 20K -
TZ]+1 - u{ , 5 +dgps Cs + ps Cg ((]\/I —G))(Xiﬂ _Xi)"' - s_d,p,C, |T/
S st
(50)
I-G ) . ) .
+a pSCS ( ) <X£+1_X£)_2§K5 ]—;Ll—zaé‘KSt ’1_;]_1
(M-G) ds d,
where,
1
a= (a)
(dSpS CS - dstpst Cst )
Q
d, = b
st (G _ I) ( )
1=123,..G (1)
X
d. = L C
s (M - I) (©)

I =G+1,G+2,G+3,.... M
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8.7. In the liquid molten metal / solidified molten metal interface (I = M)

I-M . N\ 20K 20K
dpCr-pCr ((N N M)) (Xfrl -X] ) =L +dpCs-—+
T+ —p ( ) L S Ti
1 1-G) [ in o i
psCs m(xf+ - Xﬁ)
(52)
25K (I-G) (it i\l
+b{ S—,DSCS(M_G)(Xf+ _Xi) T,
S
25K (I-M) (. Ny
+b LypC XM _xT) T/
[ a, PL L(N_M)( r r) i+1
where,
b- : @
(dspscs + deLCL)
x/
do = L b
ST M-1) (b) (53)
_xJ
d, = (=) (c)
(N-1)
1=M, M+1, M+2, M+3,...,N
8.8. External corner effect (I=1)
i {1_ 26K, __26h 26k |
l pstcstdszt PCydy  PsCoH 1
20K ; 54
e ©4
pstcstdst
{ 26h 26k |,
pstCstdst pStCStH ’
where,
dy = < (55)



Experimental Determination of Heat Transfer Coefficients During Squeeze Casting of Aluminium 49

8.9. Internal corner effect I = G)

i+ _xi
T Z 14 26K " (I_G) (XT X,)+ 20K, n 20K T
pCsds (M-G)  dg psCsisdy  PsCsH1d,,
(56)
25K, T 20Ky 20Ky |y 1
Pscsdg psCodsd,  PsCsH1d,
where,
X/
de = L a
s~ (M-1) (a)
I1=G+1,G+2,G+3,...,.M (57)
Q
d,=—— b
st (G _ I) ( )
1=1,2,3,...,G
8.10. First time analysis
Finite difference form of equation (32) therefore becomes equation (58);
L PR LA [ L R (58)
dp  nd; dp - nd, d;
where,
(N-1) L (@
"= a
N-G
d, = b
e ®
I1=G+1, G+2, G+3, .......... ,.N

8.11. At the completion of solidification

Finite difference form of equation (36) becomes equation (60);

T,j+1: 1_25“:;_ 56{5 T]+ 60,’5+ 5“5 le+% ‘jl (60)
Z d§c rscdsc | déc Tscdse | .

where;
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Foe = N-1), (a)
(N-G) 1)
L
dgc = (N _ G) (b)

I[=G+1, G+2, G+3,..., (N-1)

9. Stability criteria

For stability criteria to be achieved, the values of temperature le in all the heat governing
equations should not be negative according to Ozisik (1985) and White (1991) not to negate
the law of thermodynamics which could lead to temperature fluctuations. Therefore, for
stability to be achieved, the coefficients of Tl.j in each of the equations must be greater than
zero.

10. Casting with pressure application and die heating

Pressure was applied only when the cast specimen was solidified, the governing heat
transfer equation therefore, takes the form of solidified molten metal (completion of
solidification). The finite difference of equation (8) is written as equation (62);

: 20 o ) o 0 ;
Tﬂ”{l- — “S}T/{ S+ “S}TH ST/, + AT ©)
dg reds dg reds dg

where,
AT -temperature change resulting from pressure application

The cast specimen height, h., is pressure dependent and the relationship is expressed with
the equation (63) below after performing series of experiment with various applied pressure;

h, =-0.00007 P +0.036833 (63)

where coefficient of correlation r = 0.996

The plastic flow stress, om, is dependent on both the applied pressure, P, and die
temperature, TM, (White, 1991), and expressed with the equation (64);

o(T)=0.244P - 0.0405TM +18.614 (64)

where coefficient of correlation r = 0.9508

11. Casting with die heating

Aluminium cast specimens were produced with die pre- heating temperatures of between
100- 300°C without applying pressure on the solidifying aluminium metal. The die heating
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process was carried out, using three electric heater rods (100Watts each) that were connected
to a.c supply. The required die temperatures were set and controlled, using a bimetallic
thermostat.

12. Heat transfer coefficient evaluations

The method of calculating heat transfer coefficients as reported by Santos et al (2001) and
Maleki et al, (2006) is based on the knowledge of known temperature histories at the interior
points of the casting or mould together with the numerical models of heat flow during
solidification. These temperatures are difficult to measure due to the difficulty in locating
accurate position of thermocouple at the interface. Therefore, the inverse heat conduction
problem based on non-linear estimation technique of Chattopadhyay, (2007) and Hu and
Yu, (2002), has been adopted to determine the values of interface heat transfer coefficients,
as a function of time during solidification of squeeze casting. Solidification of squeeze
casting of aluminium involves phase change and therefore thermal properties of aluminium
are temperature dependent, making the inverse heat conduction problem non-linear.

The governing heat transfer equation in one-dimensional cylindrical coordinates is given by
equation (65):

8T 10 oT
K r— 65
P ot rar( al 61’} (65)

Equation (65) holds within the boundary condition as expressed in equation (66):

0
q= Kul(T)a_Z: = hal(T)[Tal - TM:| (66)

The thermal conductivity Ka (Reed-Hill and Abbaschian 1973) and (Elliot, 1988) of
aluminium is dependent upon casting temperature, Ta, and expressed in equation (67):

K,,(T)=241.84—0.041T, (67)

The heat flow across the casting/mould interface can be characterized by an average
interfacial heat transfer coefficient, ha(T) as obtained by Gafur et al (2003) and Santos et al
(2004). This is expressed mathematically in equation (68):

(68)

1]

The heat transfer coefficient, h, at the interface is estimated by minimizing the errors
between numerically estimated and measured temperatures defined by equation (69):

F(h) = Z(Test - Texp )2 (69)
1
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where,

Test and Texp -are the estimated and experimentally measured temperatures at various
thermocouples location and times,

n -iteration stage

13. Numerical simulations of differential equations

Squeeze casting consists of two stages, the first of which is mould filling: - the mould is
filled with the required quantity of liquid molten metal; the second is cooling, this continues
until the part has solidified completely. Controlling both stages is of major importance for
obtaining sound casts with the required geometry and mechanical properties as observed by
(Kobryn and Semiatin, (2000), Browne and O’Mahoney, (2001) and Martorano and
Capocchi, (2000). When molten metal is poured into the mould cavity, it is initially in the
liquid state with a high fluidity. It quickly becomes very viscous, in the early stage of
solidification, and later completely solidifies (Gafur et al, 2003). For the numerical analysis
of heat transfer problem, the appropriate set of equations were determined that described
the heat transfer behaviour in the cast metal (Hearn, 1992). With the boundary conditions,
initial conditions, and thermo-physical properties of the materials being known, it is
possible to obtain the temperature and variation of the whole casting system (Ozisik, 1985)
and (Liu et al (1993). Finite number at discrete points (Adams and Rogers, (1973), Shampire,
(1994) and Bayazitoglu and Ozisik, (1988)) within the cast specimen was employed as the
numerical method of solution. This method provides the temperature at a discrete number
of points in the cast region. In the numerical method, the cast region is defined and divided
into discrete number of points. As temperature difference is imposed in the system, heat
flows from the high-temperature region to the low-temperature region as shown in figure 1.

To determine the temperature distribution, energy conservation equations were used for
each of the nodal points of the unknown temperature at the interfaces and the cast regions
((Incropera and Dewitt, 1985) and (Janna, 1988)). Temperatures were monitored at distance
2mm into the cast metal, represented by grid point M, and at the steel mould/cast metal
interface (see figure 4). By using measured temperatures in both the casting and the steel
mould, together with the numerical solutions of the solidification problem, heat transfer
coefficients were determined based on Beck (1970) solution of the inverse heat conduction
problem. The estimation of the surface heat transfer coefficients or heat flux density utilizing
a measured temperature history inside a heat-conducting solid is called the inverse heat
conduction problem (Cho and Hong 1996). This problem becomes non-linear, as the thermal
properties (thermal conductivity, specific heat) are temperature dependent.

14. Experimental procedure

Chromel-Alumel thermocouples TC2, TC3, TC4, TC5 and TC6 were positioned on the sides
of the cylindrical steel container, while TC1 and TC7 were positioned in the cast aluminium
metal in the cylindrical and bottom flat surfaces respectively as shown in figure 4 below.
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Thermocouples of chromel-alumel type, 3mm in diameter were used to determine the
solidifying temperatures of the cast molten metal and heating temperatures of the steel
mould at the various positions in the cylindrical steel container of figure 4. The solidifying
temperatures at both the cylindrical and flat bottom surfaces of the cast molten aluminium
metal were monitored at a position 2mm (from the surface of the steel mould —cast
aluminium metal interface) into the cast molten aluminium metal.

At the steel mould wall in the cylindrical surface, thermocouples were positioned at X2 =
4mm, X3 = 8mm, X4 = 12mm, X5 = 16mm and X6 = 20mm measured from the cast
aluminium metal / steel mould interface to monitor the heating temperatures at these
positions of the steel mould wall as shown in fig. 4. From the temperatures versus time
curves obtained for each position in the steel mould, the interface heating temperature
versus time curve at the cast aluminium metal / steel mould, for position when X = 0 was
obtained by using the polynomial curve fitting method.

¥}

\ 4

X1
—>| f—
TC2 TC3 TC4 TC5 TC6

Cle ) ®
X2 i
EE——
X3
X4
X5

Y1
4
e
>
()]
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\

1-upper punch, 2-cylindrical steel mould, 3-lower die
(X1=2,X2=4,X3=8,X4=12, X5=16, X6 =20, Y1 =2 (mm))

Figure 4. Schematic diagram of squeeze casting test rig



54 An Overview of Heat Transfer Phenomena

This was done by selecting a particular time of heating of steel mould, say t = 10sec. and
drawing vertical lines cutting across the heating temperatures versus time curves at various
thermocouples’ distances within the steel mould. At the point of intersection with each
curve, the value of temperature was read against distance X, for the chosen time, t = 10sec.
The value of interface steel mould / cast temperature at time say, t = 10sec. was determined
at the steel mould / cast metal interface by substituting the value of X = 0 in the polynomial
curve fitting equation (70) obtained from the values of temperatures at various distances in
the steel mould at a chosen time, t = 10sec.

Ty =0.0031X* - 0.168X° +3.263X* - 22.812X +117.8 (70)

The temperature obtained by this method corresponds to the interface steel mould / cast
metal temperature at a distance X = 0 for the chosen time t = 10sec. If this procedure is
repeated for a number of time increments, the temperatures obtained with corresponding
times represent the temperature at X=0, for such time increments. The graph of extrapolated
temperatures versus time is drawn for position when X = 0 to represent the heating
temperatures versus time curve at the steel mould / cast aluminium metal interface is shown
in figure 5.

- i, 6, W B
240 . W Zﬂm__m

200 A .In'l'-. - . -

Temperature, *C

0 50 100 150 200 250 300 350 400 450
Time, sec.

Figure 5. Effect of distance on the heating temperatures of steel mould (extrapolated heating curve at
the cast specimen/steel mould interface i.e. X=0)

15. Interface heat transfer coefficients determination

Extrapolated temperature versus time curve of figure 5 for position when X = 0 (i.e. cast
aluminium metal / steel mould interface) was used to determine the heat transfer
coefficients of solidifying molten aluminium metal. It was used to determine the interface
heat transfer coefficients in the cast aluminium metal / steel mould for no pressure and with
pressure applications at both the cylindrical and bottom flat surfaces of the steel mould.
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The interface heat transfer coefficients between the steel mould and cast aluminium metal at
the cylindrical and bottom flat surfaces were determined from the extrapolated
experimental heating temperature versus time curve obtained for position X = 0 and
aluminjum cast solidification temperature versus time curves obtained for the cylindrical
and bottom flat surfaces, using equations (66) and (67).

The interface heat transfer coefficients were determined also numerically by the inverse
method using the Finite Difference Method (FDM) and the obtained results were compared
with the experimentally derived values.

16. Discussions of results
16.1. Temperature-time curves

Figure 6 shows typical temperature versus time curves for solidifying molten aluminium
metal and steel mould respectively without the application of pressure on solidifying metal.

This figure shows the comparison of the numerical method usually applied by Cho and
Hong (1996) to determine interface steel mould / cast metal temperature versus time curve
with the extrapolated experimental method of this present work. The heating curve, as
obtained through extrapolations of polynomial curves fitting equations and numerical
methods are in close agreement and the deviations from the values obtained numerically
varied from between 1.26- 19.31%.

Typical result obtained under pressure is also shown in figure 7, indicating the solidification
and heating curves generated for solidifying molten aluminium metal and steel mould
which follow the same patterns to the curves in figure 6.
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Figure 6. Comparison of experimental measured temperatures with numerical values of aluminium
metal without pressure application (P = 0)

With the application of pressure, the peak temperatures recorded are about the same 649°C
and 648°C for a pressure of 85.86 MPa at the bottom flat and cylindrical surfaces of the steel
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mould respectively (see figure 7). The peak temperature (649°C) obtained at the bottom flat
surface of the steel mould under applied pressure is found to be higher than that
temperature (607°C) without pressure application. This effect may be associated to
additional internal heat generated, resulting to higher temperature during pressure
application on the solidifying molten aluminium.
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Figure 7. Effect of pressure on the experimental measured temperatures of solidification of aluminium
metal (P = 85.86MPa) for side and bottom mould's surface

16.2. Interface heat transfer coefficients with time

From the temperature with time curves of figure 6, the heat transfer coefficients for both
cylindrical and bottom flat surfaces were determined for both numerical and calculated
values and shown in figure 8. The maximum heat transfer coefficients of 2927.92 W/m?K and
2975.14 W/m?K are obtained at the cylindrical and bottom flat surfaces respectively for no
pressure application, which is close to 2900 W/m?K as obtained for pure aluminium by Kim
and Lee (1997). The values of heat transfer coefficients decrease rapidly for both the
cylindrical and bottom flat surfaces to a level of 866.70 W/m?K and 969.50 W/m?K
respectively in 90 seconds. These values further decrease to 361.80 W/m?K and 478.80
W/m2K at these surfaces in another 150 seconds and further decrease then becomes not so
noticeable.

From figure 8, the peak values of interface heat transfer coefficients are 2927.92 W/m?K and
2956.73 W/m?K as obtained by experimental and numerical determinations respectively at
the cylindrical surface for no pressure application. For times within 40 seconds to 120
seconds the values of the interfacial heat transfer coefficients obtained numerically and
experimentally are found to show higher values of about 19.83 % for numerical results to
experimental results.

With the application of pressure on the solidifying aluminium metal, the heat transfer
coefficients reach maximum values of 3085.34 W/m?K and 3351.08 W/m?K in the cylindrical
and bottom flat surfaces respectively (see figure 9). These values also decrease to 847.80
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W/m?K and 783.63 W/m?K in 240 seconds in the cylindrical and bottom flat surfaces
respectively, while further decrease with time of solidification is no longer pronounced.

16.3. Interface heat transfer coefficients with solidification temperatures

Figures 10 and 12 show the calculated experimental interface heat transfer coefficients for
solidifying molten aluminium metal as a function of solidification temperatures of the
solidifying molten aluminium metal. Figure 10 shows the variation of heat transfer
coefficient with solidification temperatures of aluminium at the cylindrical surface, while
figure 12 is the interface heat transfer coefficients with solidifying temperature at the bottom
flat surface with and without the application of pressure on the solidifying metal. From the
two graphs, the maximum interface heat transfer coefficients obtained without pressure and
with pressure application in the bottom flat surface of the steel mould are 2975.14 W/m?K
and 3351.08 W/m?K respectively.
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Figure 8. Comparison of numerical values of heat transfer coefficients with calculated experimental
values (P =0)
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Figure 9. Effect of time of solidification of aluminium metal on heat transfer coefficients with pressure
application (P = 85.86MPa) at side and bottom surfaces of steel mould
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Figure 11 shows the numerical values of the variation of interface heat transfer coefficients
with the solidification temperature of aluminium metal at the cylindrical surface with the
application of pressure. The maximum value of heat transfer coefficient of 3397.29 W/m?K at
applied pressure of 85.86Mpa as compared to 3351.08 W/m?K obtained through the
experimental procedure.

At solidifying temperature above 600°C, a sharp reduction in the interface heat transfer
coefficients is noticed at both surfaces as is shown on figures 10, 11 and 12.

For temperatures below 500°C, the interface heat transfer coefficients for both no pressure
and pressure applications are close in values. This shows that at temperature below 500°C,
the effect of applied pressure is no longer significant on the interface heat transfer coefficient
values. The drop in temperature results in solidification of the molten aluminium, which in
turn leads to a drop in the heat transfer coefficient values. The effect of applied pressure on
the heat transfer coefficients of aluminium becomes more pronounced at solidifying
temperatures above 500°C which was also reported by Cho and Hong (1996). Below this
temperature, the effect of applied pressure on interface heat transfer coefficient values
becomes less pronounced.

Therefore, from figures 10, 11 and 12, it is observed that the effect of applied pressure
becomes more significant at temperature close to the liquidus temperature of aluminium as
measured along the bottom flat surface of the steel mould (see figure 12). The maximum
value of 3397.29 W/mK is obtained for pressure level of 85.86MPa as compared to 2975.14
W/mZK for no pressure at the bottom flat surface of the steel mould.
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Figure 10. Typical effects of pressure applications on heat transfer coefficients with solidifying
temperature at the side cylindrical mould surface by experimental method

16.4. Peak interface heat transfer coefficients with applied pressures

Figure 13 shows the variation of peak values of interface heat transfer coefficients with and
without pressure applications. Higher experimental values of heat transfer coefficients are
obtained at the bottom flat surface than at the cylindrical surface of the steel mould (see
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figure 13). This can be associated to greater effect of pressure application experienced at the
bottom flat surface than at the side cylindrical surface, thus leading possibly to greater
additional internal heat energy generated, and hence obtained higher values of heat transfer
coefficients. The results of numerical determination of heat transfer coefficients as in figure
13 shows higher values as compared to the values obtained by experimental method. At
applied pressure of 85.86MPa, the obtained heat transfer coefficients are 3397.29 W/m?K and
3351.08 W/m2K by numerical and experimental procedures respectively. From the curves of
heat transfer coefficients obtained with temperatures of figures 10, 11 and 12, three distinct
portions are noticed. These portions are easily differentiated by the aluminium solidification
temperature. These temperatures are below 500°C, solidus phase, 500 to 660°C, liquidus-
solidus phase, and above 660°C liquidus phase of solidification of molten aluminium.
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Figure 11. Typical effects of pressure application on heat transfer coefficients with solidifying
temperature of the side cylindrical mould surface by numerical method
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Figure 12. Typical effects of pressure applications on the heat transfer coefficients with solidifying
temperature at the bottom flat mould surface

59



60 An Overview of Heat Transfer Phenomena

The liquidus-solidus phase, which occurs over a solidification temperature range of 500°C to
660°C, instead of a constant solidification temperature of 660°C can be attributed to the
presence of impurities such as silicon, magnesium and manganese in the commercially pure
aluminium a fact supported by Higgins (1983).
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Figure 13. Effect of pressure on the peak values of heat transfer coefficients of aluminium metal at
liquidus stage at side and bottom flat moulds' surfaces

The empirical equations for each of the distinct phase changes as a function of applied
pressures and solidification temperatures are determined for both the experimental and
numerical methods. The empirical equations obtained are for mean average values of heat
transfer coefficients based on the experimental method at the cylindrical and flat bottom
surfaces. These are equations (71-73):

Temperatures below 500°C (solidus phase),

H (o) = 3.081T +1.303P —232.942 (71)

exp)
with coefficient of correlation r = 0.9545.

Temperatures between 500°C and 660°C (liquidus-solidus phase),
hLS(EXp) =10.420T + 5.641P — 4176.022 (72)

with coefficient of correlation r = 0.9884.

Temperatures above 660°C (super heat, liquidus phase),

h =2.769T +2.518P +988.921 (73)

L(exp)
with coefficient of correlation r = 0.7825.

The empirical equations (74-76) obtained through the numerical methods are from the
results of the computer simulations of heat transfer coefficients at the cylindrical cast metal /
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steel mould interface by the application of various applied pressures. These empirical
equations are:

Temperatures below 500°C (solidus phase),

hy ) = 3.849T +3.643P —700.427 (74)

(num

with coefficient of correlation r = 0.969

Temperatures between 500°C and 660°C (liquidus-solidus phase),
Ry 5uumy = 9-027T + 3.414P — 3000.625 (75)

with coefficient of correlation r = 0.964

Temperatures above 660°C (super heat, liquidus phase),

h; ) = 2489T +2.787P +1342.19 (76)

(num

with coefficient of correlation r =0.772

16.5. Die heating effect

Figure 14 is the effect of die pre-heat temperatures on the values of heat transfer coefficients
of aluminium metal without the application of pressure. From the figure, the heat transfer
coefficients become lower with increase in die pre-heat temperatures. At die temperature of
950C, the heat transfer coefficient is 3185.34 W/m?K and drop to a value of 2476.73 W/m?K at
die temperature of 300°C. For all the die temperatures, there is a fall in the heat transfer
coefficient’s values as solidification temperature decreases.
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Figure 14. Typical effect of die temperature on heat transfer coefficients without the application of
pressure (P=0)
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16.6. Comparison of heat transfer coefficient with semi-empirical method

The values of heat transfer coefficients determined using experimental, heat differential
equations (numerical), and methods of semi-empirical equations are shown in figure 15
under a pressure application of 85.86MPa. From this graph, the peak values of interface heat
transfer coefficient are 3358.19 W/m?K and 3198.79 W/m?K as obtained by heat differential
and method of semi-empirical equations respectively for a pressure application of 85.86MPa.
The heat transfer coefficients” values for the three methods drop with time and are found to
be 1708.03, 1976.81 and 1838.72 W/m?K in 100seconds for experimental, differential and
methods of semi-empirical equations respectively.

With die temperature of TM=150°C, the peak heat transfer coefficients of 3088.99 W/m’K,
3249.84 W/m?K and 2982.60 W/m?K are obtained for experimental, heat differential and method
of semi-empirical equations as shown on figure 16 following the same pattern as in figure 15.
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Figure 15. Typical comparison of numerical values of interface heat transfer coefficients with
experimental and empirical values with pressure application (P=85.86MPa, TM =300C)
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Figure 16. Typical comparison of numerical values of interface heat transfer coefficients with
experimental and empirical values with die heating (TM=150°C)
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17. Conclusions
The following conclusions can be made from the present investigation:

The graph of temperature against time curves obtained by extrapolating to steel mould / cast
metal interface by polynomial curve fitting to heating temperatures graphs with times at
various steel mould locations are found to agree in values to the usual numerical methods
obtained by previous authors. The interface heat transfer coefficients obtained by the
numerical and experimental methods without the application of pressure are found to have
values close to that of the numerical methods. The values of the numerical methods were
higher by about 19.83%.

Effect of pressure application on the solidifying molten aluminium is more pronounced at
casting temperatures above 500°C of the cast aluminium specimen on the values of the
interface heat transfer coefficients obtained. Interface heat transfer coefficients are found to
decrease with increase in solidification time in both the cylindrical and bottom flat surfaces
of the steel mould and thereafter remain fairly constant at temperature below 500°C

Values of experimental peak heat transfer coefficients at the bottom flat surface are found to
be higher with pressure application on the solidifying aluminium metal than at the
cylindrical surface.

The empirical equations, relating the values of interface heat transfer coefficients with the
applied pressures and solidification temperatures at three distinct stages of solidifying
molten aluminium are determined and can be applied to determine the heat transfer
coefficients.

The values of heat transfer coefficients obtained by heat differential equations incorporating
internal heat energy and methods of semi-empirical equations are very close in values. The
values as obtained by semi-empirical equations were higher by about 1.7% within the first 5
seconds of solidification.

The semi-empirical equations generated are flexible and could be used to predict the casting
temperatures of other metals if the heat transfer coefficient values at the three phase changes
are known.

Nomenclature

Cu -Specific heat of liquid molten aluminium metal,

GCs -Specific heat of solidified molten aluminium metal,

Cst - Specific heat of steel mould,

dsc -Spatial step size in the solidified molten metal at completion of solidification,
de -Spatial step sizes at the Liquid portion,

des -Spatial step size at the solidified molten metal phase change,

dee -Spatial step size at the solidified molten metal phase change,

ds -Spatial step size in the solidified molten metal,

ho -Initial height of cast specimen metal (no pressure application),
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hee -Spatial step size at the liquid molten metal phase change,

hrs -Spatial step size at the solidified molten metal phase change,

H’ -Convective heat transfer of the surrounding atmosphere around the steel mould,
I -grid point,

G -grid point at the steel mould-solidified molten metal interface,

M -grid point at the solidified molten metal-liquid molten metal interface,
N -grid point at the centre of the solidifying cast specimen metal,

Ko -Thermal conductivity of liquid molten metal,

Kt -Thermal conductivity of steel mould material,

Ks -Thermal conductivity of solidified molten metal,

Ro -external radius of steel mould,

L -internal radius of steel mould,

r -radial axis/coordinate,

T -Temperature,

T- -ambient temperature,

Ti -temperature at a specified grid point(, j),

To -temperature of liquid molten metal,

Ts, TM  -temperature of steel mould,

Tvm -melting temperature of cast (aluminium) metal,

Tp -pouring temperature of liquid molten metal (super heat temperature),
Ts -temperature of solidified molten metal,

Xir -thickness of solidified molten metal at a specified grid point-radial direction,
Q -Thickness of the cylindrical steel mould.

Greek symbols

oL -thermal diffusivity of the liquid molten metal,

Olst -thermal diffusivity of the steel mould material,

os -thermal diffusivity of solidified molten metal,

) -time interval step,

pst -density of steel mould material,

ps -density of solidified molten metal,

pL -density of liquid molten metal,

oM -Plastic flow stress (temperature dependent).
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1. Introduction

The hot-wire anemometer is a famous thermal instrument for turbulence measurements [1].
The principle of operation of the anemometer is based on the heat transfer from a fine
filament where it is exposed to an unknown flow that varies with deviation in the flow rate.
The hot-wire filament is made from a special material that processes a temperature
coefficient of resistance [2]. Thermal anemometry is the most common method employed to
measure instantaneous fluid velocity. It may be operated in one of these two modes,
constant current (CC) mode and constant temperature (CT) mode.

Constant-Current (CC) mode: In this mode, the current flow through the hot wire is kept
constant and variation in the wire resistance caused by the fluid flow is measured by
monitoring the voltage drop variations across the filament.

Constant Temperature (CT) mode: In this mode, the hotwire filament is positioned in a
feedback circuit and tends to maintain the hotwire at a constant resistance and hence at a
constant temperature and fluctuations in the cooling of the hot wire, filaments are similar to
variations in the current flow through the hotwire.

Hot wire anemometers are normally operated in the constant (CTA) mode. The hot-wire
anemometry has been used for many years in fluid mechanics as a relatively economical and
effective method of measuring the flow velocity and turbulence. It is based on the
convective heat transfer from a heated sensing element .Briefly; any fluid velocity change
would cause a corresponding change of the convective heat loss to the surrounding fluid
from an electrically heated sensing probe. The variation of heat loss from the thermal
element can be interpreted as a measure of the fluid velocity changes. In subsonic
incompressible flow the heat transfer from a hot wire sensor is dependent on the mass flow,
ambient temperature and wire temperature. Since density variations are assumed to be zero,

I NT EC H © 2012 The Author(s). Licensee InTech. This chapter is distributed under the terms of the Creative Commons
Attribution License http://creativecommons.org/licenses/by/3.0), which permits unrestricted use, distribution,
open science | open minds and reproduction in any medium, provided the original work is properly cited.
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the mass flow variations are only function of velocity changes. The major advantage of
maintaining the hot wire at a constant operational temperature and thereby at a constant
resistance is that the thermal inertia of the sensing element is automatically adjusted when
the flow conditions are varied. The electronic circuit of chosen CTA is shown schematically
in Fig. 1. This mode of operation is achieved by incorporating a feedback differential
amplifier into the hot-wire anemometer circuit. Such set-up obtains a rapid variation in the
heating current and compensates for instantaneous changes in the flow velocity [2]. The
sensing element in case studied in this research is a tungsten wire that is heated by an
electric current to a temperature of approximately 250 °C. The heat is transferred from the
wire mainly through convection. This heat loss is strongly dependent on the excess
temperature of the wire, the physical properties of the sensing element and its geometrical
configuration. The authors strive to present an analytical solution for heat transfer equation
of hotwire for states that can ignore the radiation term for the wire. The fundamental
principle of hot-wire anemometer is based on the convective heat transfer, thus in the
research, an attempt is made to develop a better perception from the heat transfer of the hot-
wire sensor. Also, the effect of air flow temperature variations on the voltage of hot wire,
CTA has been studied experimentally. Furthermore, on the basis of air flow velocity and
ambient temperature variations, the percentage errors in velocity measurements have been
calculated. Finally, based on results, an accurate method has been proposed to compensate
for air flow temperature variations.

,}" ﬂ‘wrhﬁn‘
Resisior R3
RH'

Figure 1. Schematic of a constant temperature anemometer

2. Theoretical background

The hot-wire involves one part of a Wheatstone bridge, where the wire resistance is kept
constant over the bandwidth of the feedback loop. The electrical power dissipationQejec,
when the sensor is heated, is given by:
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2
Qelec =I"Ry @

I and Rw are the current passing through the sensor and the resistance of the sensor at the
temperature Tw, respectively. The convection heat transfer rate to the fluid can be expressed
in terms of the heat-transfer coefficient h, as:

Q=A_h(Ty ~T,) @)

Where Aw is the surface area of sensor and (Tw-Ta) is the difference between the temperature
of the hot-wire sensor and the temperature of the fluid. For steady-state operation, the rate
of electric power dissipation equals to the rate of convective heat transfer (assuming the
conductive heat transfer to the two prongs is negligible). Thus,

I’Ry, = ndLh(Tyy - T, ) = nLk(Tyy - Ty )Nu 3)

By introducing the wire voltage E,, = IR,, and using equation (3), one can conclude that (k is
the thermal conductivity of the fluid):

E2

ﬁ =niLk(Ty, — T, )Nu (4)

According to the pioneering experimental and theoretical work by King, the convective heat
transfer is often expressed in the following form:

Nu = A + BRe" (5)

Where A and B are empirical calibration constants. For long wires in air, King found that
A=0.338, B=0.69 and n=0.5. It is interesting to note that King based his derivations on the
assumption of potential flow, which is a poor approximation of the real flow around a wire
at low Reynolds’ numbers, so King’s derivation is in a sense approximately erroneous.
Nevertheless, King’s law has been the considered tool for fitting calibration data in practical
hot-wire anemometry for almost a hundred years [3].

By introducing equation (5) into equation (4) can give:

) 0.5
B ak(Ty, —Ty) A+ B(pdj U5y ©6)
Ry B

Equation (6) states that the hot-wire voltage is sensitive both to the velocity and temperature
of air. Here, rearranging the equation (6) gives:

2
—EW =(A+BUYSYT, -T,) %)
A4

Where 1, 1, k, d, 0 and p have been included in the constant coefficients A and B.
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According to equation (7), Kanevce and Oka [4] introduced the following expression to
correct the hot-wire output voltage for the temperature drift:

0.5
Ty — T,
Ecorr :EW[TW_Ta J 8)
w T lar

Tar is ambient reference temperature during sensor calibration and Ta is ambient
temperature during data acquisition where Ecor is corrected voltage. For a hot wire probe
with a finite length active wire element, the conductive heat transfer to prongs must be
taken into account. In practice this is often achieved by the modifying equation [7] as:

Ep_ A+BU"|(T,, - T, 9
Ry, ( )( w “) ©)
The values of A, B and n can be determined by a suitable calibration procedure. It should be
noted that the term (Tw-Ta) and physical properties of fluid are dependent on the ambient
temperature. In the previous related studies, the effect of term (Tw-Ta) is considered only to
compensate the ambient temperature variations [5]. In other word, the variations of physical
properties of fluid and Nusselt number are ignored. So in this study, the variations of
Nusselt number with the fluid temperature have been considered. The following equation
for correction of output voltage E. has been proposed by the relations extended in Ref. [6].

TW - Ta,r

Ecorr = Ew[ Ty - T,

0.5(1+m)
J (10)

In Ref. [7], equation (10) is employed to correct the voltage of CTA output. Results showed
that the required error correction factor (m) depends on whether the fluid temperature
decreases or increases with respect to the calibration temperature of the CTA.

The CT mode velocity and temperature sensitivities corresponding to equation (9) are:

1 0.5
s 0, _nBu"?|R,(T,-T)) an
“oou 2 A+BU"
( n) 0.5
oE _1|R,(A-BU
5= Zw T (12)

00 2| T,-T,

Where 0 is a small fluctuation in the fluid temperature. Equations (11) and (12) show that
the value of Su increases and the value of Se decreases by increasing the value of (Tw-Ta). A
high over-heat ratio (Rw/Ra) is recommended for the measurement of velocity fluctuations
[2]. In Ref. [7], it is stated that for an over-heat ratio of 1.4, the error incurred amounts to
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about 2.5% per degree Celsius temperature change. With the increase in the overheat ratio to
1.6, the error in CTA output is reduced to about 2% per degree Celsius temperature change.

The heat transfer process from a hot-wire sensor is usually expressed in a non-dimensional
form where involve a relationship between the Nusselt number, the Reynolds number and
the Prandtl number. The Nusselt number is usually assumed to be a function of Reynolds
and Prandtl numbers and under most flow conditions, the Prandtl number is constant.

In hot-wire anemometry, the sizes of the sensing element are small, so that the Reynolds
number of the flow is very low and the flow pattern over the sensor can be assumed to be
symmetrical and quasi-steady. Due to the statement of the flow continuity, the mean free
path of the particles is very much less than the diameter of the wire and conventional heat
transfer theories are applicable [8]. Furthermore, the length of the sensor is much greater
than its diameter. Hence, it may be assumed that the loss conduction through the ends is
negligible and the relation for the heat transfer from an infinite cylinder can be applied.
Kramers [9] has proposed the following equation based on heat-transfer experimental
results for wires (with infinite length-to-diameter ratio), placed in air, water and oil:

Nu = 0.42Pr92 4 0 57Pr0-33Re0- (13)

He selected the film temperature Tt = (Twt+Ta)/2 as the reference temperature for the fluid
properties.

3. Experimental procedure

An air condition unit was used to carry out the experiments (Fig. 2). A laminar airflow was
achieved by means of honeycombs network and screens. The air condition unit is powered
by a small variable speed electric fan and four controllable heating elements provide a stable
air temperature. The air flow velocity was measured by a pitot tube and a pressure
transducer during the calibration and test. The output voltage from the hot-wire, pressure
transducer output voltage, and the thermometer (NTC) output voltage are transferred to a
computer, via an A/D card, having a 12 bit resolution and up to 100 kHz frequency.

The sensing element in our case is a standard 5um diameter tungsten wire that is heated by
an electric current to a temperature of approximately 250 °C. The active wire length is 1.25
mm. For such probes, the convective heat transfer is about 85 percent of the total heat
transfer from the heated-wire element [2].

Before measurements, the hot-wire sensor was calibrated in a wind tunnel and the response
of the anemometer bridge voltage was also expanded as a least square fit with a 5" order
polynomial (U=Co+Ci1E+C2E+C3E3+C4E4+C5E?).

The experiments were carried out on a hot wire sensor operating at an over-heat ratio
(Rw/Ra) of 1.8. The sensor, after calibration, was tested at different temperatures. The velocity
range was 1-2 m/s, which corresponds to a Reynolds number of 0.18-0.35, and the
temperature range, was 17.5-40 °C.
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Figure 2. The laboratory air condition unit

4. Results and discussions

To examine the behavior of the hot wire sensor in different conditions and determine the
temperature distribution along it, the general hot wire equation must be derived initially. By
considering an incremental element of the hot wire, Fig.3, an energy balance can be
performed where assume that there is the uniform temperature over its cross-section
according to the equation (14).

Hear generated
WP
A,

Heat conduction ot

2
= koA 12w 0T }

+ ——= X

ax = dx*

Area A

Heat accumulated

BT.,.,-
= Aw —_—
PwCw o dx

Heat conduction in

aT,
K Aw x Heat to cross-flow
= ndh(Ty—T,) dx

Figure 3. Heat balance for an incremental element [2].
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2 2

IA7ZU = 7dh(Tyy ~ T )~ Ky Ay (;CT;U +ndoz (Tip T | + prycep Ay % (14)
Where 1 is electrical current, xw is the electrical resistant of the wire material at the local wire
temperature, Tw, and Aw is the cross-sectional area of wire where h is the heat-transfer
coefficient, cw is the specific heat of the wire material per unit mass, kw is the thermal
conductivity of the wire material and d is the diameter of wire. With using the fourth-order
Runge-Kutta method, this nonlinear secondary differential equation is solved in two
conditions: with radiation term and without radiation term. Fig.4 shows the results for this
step. As it is shown, the radiation term does not have any effect on the temperature
distribution. The previous results achieved in Ref.[3] indicate that, the error due to radiation
is in the range 0.1-0.01% and is quite negligible.

1.5
i With radiation term
i = = = = Without radiation term
1
&«
T}
O
?
53!
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0.1 0.2 0.3 0.4 0.5

Figure 4. The solution of equation (14) with and without radiation term
Under steady conditions,

0Ty,
ot

X, can be expressed as y,, = x; + 7,0 (Tyy —1;) - Where y,and g, are the values of the
resistivity at the ambient fluid temperature, Ta, and at 0°C and o is temperature coefficient
of resistivity at 0°C. Thus, equation (14) can be rewritten as equation 15 [2]:



74 An Overview of Heat Transfer Phenomena

KwAwdz%"+[12;{°a“—7zdh](Tw —Ta)+[12"ﬂJ -0 (15)
dx Ay Ay
With assuming the ambient temperature is constant along the wire, this equation is of the
following form (16):

2TW+KT+I< =0 (16)

A2 171772
Where

Ti=Tw-Ta

And

The value of Ki may be negative or positive. Therefore, the solution of equation (16) and
temperature distribution along the wire are dependent on the value of Ki. Equation (16) is
solved in three states: Ki<0, Ki=0, Ki>0.

4.1. State I: Ki<0

For more hot-wire applications, K1 will be negative [2]. In Ref. [2], it is declared that in this
state, the solution for a wire of length L will become:

K, cosh(|K1|O'5 xj

Twzm -2 |+T, (17)

The mean wire temperature, Tw,m is obtained by integrating equation (17):

T, = % [50,T, (x)ax (18)

Inserting equation (17) into equation (18) gives:
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K, tanh(|1<1|0'5 L/ 2]
T, = 21— T
K| |K1|O'5L/2 . v

The non-dimensional steady state wire temperature distribution will be achieved such as
equation (20) [2]:

Lxlk 0.5 Lxlk 0.5
X|21| cosh ﬁ —Cosh(xx|K1|O'5)

2
Tw=Ta 20
Tw,m _Ta L><|K1|05 ) L><|K1|O5 . L><|K1|05 (20)
COS —SI —_—
2 2

Where Ta is the ambient fluid temperature and Tw,m is the mean wire temperature.

The convective and conductive heat transfer rate can be found from the flow conditions and
the wire temperature distribution will earn according to the following equations:

X dT,
Qcond :2kwAw d;‘) (21)
x=1/2
Qconv = ”dhL(Tw,m -Ty) (22)

To achieve a reasonable accuracy, the ratio of conductive heat transfer to convective heat
transfer should be as low as possible.

Qcond -2
Qeonv

0.5
oo 1<1|0'5 X tanh[0.5L|K1| ]

zdLh

(23)

1—205tanh(0.5L|K1|0'5]
Lk

According to equation (23), to reduce the effect of the conductive heat transfer rate, the wire
should be as long as possible and the thermal conductive of the wire material should have a
low value.

The temperature distribution in the form (Tw-Ta)/ (Twm-Ta), is shown in Fig.5. It is shown that
the uniformity of the temperature distribution along the wire increases for longer length
wires. Also, the value of temperature in different parts of the wire approaches to mean
temperature with escalating the length wire.
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Figure 5. The temperature distribution along a hot wire for various values of L (Ki<0).

The effect of wire length on the percent of conduction and convection heat transfer is shown
in Fig. 6. (Diameter of wire is 5um and the air velocity is equal to 20 m/s). As it is shown the
conductive end losses reduces with increasing the wire length but it should be noted, the
maximum value of tanh (0.5L |K11%) is approximately 1, so exceeding the wire length over
5.3/1K11%5 will not cause a reduction in the conductive heat transfer rate.
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Figure 6. The percent of conduction and convection heat transfer for different wire length.
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For hot-wire anemometer applications it is usually advantageous to minimize the rate of
conductive heat transfer rate relative to the forced convective heat transfer rate [2]. Fig.7
shows the effect of wire diameter on the non-dimensional temperature distribution. It is
shown, the uniformity of temperature distribution decreases with increasing the wire
diameter. This variation is due to increasing the wire diameter that will cause the
conductive heat transfer rate to the two prongs to be increased as well.

1.6 T T T T T

=D=0.00025 m
= D= 0.00000 5 m
—D=0.0000075 m
—D=0.00001 m

(Tw-Ta)(Tw,m-Ta)

-5.5 B4 0.3 0.2 0.1 ) &l a2 &3 a4 a5
xL
Figure 7. The temperature distribution along the hot wire for various values of d (K1<0).

Comparing between Figs. 6 and 7 shows that the wire diameter has the greater influence on
the temperature distribution rather than the wire length.

4.2, State II; K1=0

In this state, the temperature distribution equation is obtained as:

2
1 21 x 1
Tw(x)=—51<2L (Lj 2T (24)

According to equations (24) and (18), the mean wire temperature is determined as:
Ly 2
To,m = EKZL +T, (25)

By using equations (24) and (25), the non-dimensional wire temperature distribution can be
expressed as:
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For this state, the non-dimensional temperature distribution is shown in Fig.8. It can be
observed that the temperature distribution along the wire is independent of the wire length
and for various values of L, all temperature profiles are identical. Also, it can be observed
from equation (26) that the non-dimensional temperature distribution does not depend on
the wire diameter.

LS ' ' o L=1.25 mm
¢ L=2.5 mm
L=3.75 mm
L=4 mm
g gt ]
é
g
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Figure 8. The temperature distribution along a hot wire for various values of L (K1=0).

Furthermore, the ratio of conductive heat transfer rate to the forced convective heat transfer
rate can be expressed as:

Qcond _3 kpd 7)
Qeonp 2 IL

While it is shown, this ratio is directly proportional to the length and it will increase with
inverse proportion to the wire diameter.

4.3. State III; Ki>0

Using the mathematical analysis, it can be demonstrated that temperature distribution
equation is:

Tp=—2| ———— 2 —1|+T, (28)
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The mean wire temperature and the non-dimensional wire temperature distribution can be
expressed as:

_ _1|+T 29)
TR (k)L ’
0.5 0.5
L><(I§1) cos(xx(Kl)OEJ—cos Lx(il)
Tw _ Ta
= (30)
T, -T 0.5 0.5 0.5
emen Lx(il) . LX(I?) cos LX|I;1|

Fig.9 shows the non-dimensional temperature distribution (Ki>0). As it is shown, in this
state some fluctuations appear in the temperature profiles. It can be demonstrated from
equation (28) that, with approaching the wire length to m/1k11°%?, these fluctuations increases
wherever the amplitude oscillatin decreases with growing the wire length.

: : I : I : I ' | —rL=1.25 mm
——L=1.5mm
6 L=3.75 mm
L= num

1

Figure 9. The temperature distribution along a hot wire for various values of L (K1>0).

It should be noted that the temperature profile is strongly dependent on the value of Ki
which is relevant to the heat transfer coefficient (Nusselt number). With setting the value of
K1 to zero, one could determine the critical Nusselt number as the following equation:

2
I“y a
Nu .. ,=-—200 31
critical Agk (31)
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In summary, the authors consider the temperature distribution along the hot-wire in the
following cases:

Case I, Nu>Nu «itca: in this case, increasing the wire length and decreasing the wire
diameter will cause the uniformity of temperature distribution to be increased considerably.

Case II, Nu=Nu «itca:in this case, the temperature distribution is independent of length and
diameter of wire.

Case III, Nu<Nu citcai: here, temperature distribution is non-uniform and there are some
fluctuations in temperature distribution.

According to equation (4), by knowing Ew, Rw, Tw and Ta in the anemometer, one can
calculate the Nu number. The electrical resistance of the wire’s material increases linearly
with temperature, so that the resistance can be described as:

Ry =R, [1+a,(T,, -~ T,)] (32)

Where Ro is the value of the resistance at a reference temperature Toand « is the temperature
coefficient of resistance. The recommended value for over-heat ratio is equal to 1.8 and the
wire temperature of the chosen probe is then 249.22 °C.

In practical application, the hot-wire anemometer output is bridge voltage E (Fig. 1) whereas
for determining the Nusselt number, the value of Ew is required. For a balanced anemometer
bridge, the relationship between E (bridge voltage) and Ew (hot-wire sensor voltage) is:

E
© TR Ry @ (33)
For comparison, the calculated Nusselt number by equation (4) that it is based on the fluid
properties evaluated at the film temperature defined as the mean of the upstream flow
temperature and temperature on the hot wire versus Reynolds number where based on the
fluid properties evaluated at the film temperature is presented in Fig.10 with Kramer’s
experimental formula.

As it is shown, the data does not collapse to one curve and the deviation increases with
increasing Reynolds number. Our results are lower than those given by Kramer’s
formula and the differences may be caused by the effect of conductive heat transfer to
the prongs and three-dimensional effect encountered in experiments. In Ref. [2], it is
stated that for a standard probe (d=5pm and 1=1.25 mm), the conductive heat transfer to
the two prongs is about 15 percent of the total heat transfer from the heated-wire
element. Although, the results in this study show that at the high velocity, the
percentage of error between the predicted Nusselt number by Kramer’s formula and the
achieved Nusselt number in this study is 50%. This result confirms that, there is a
significant difference between the heat transfer process from finite length hot-wire
sensor and infinite length one.
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Figure 10. Heat transfer from a hot wire in a free stream flow.

In the next phase, the thermal response of the hot-wire anemometer relative to the velocity
and also the air ambient temperature variation is investigated [11]. Figs. 11 and 12 show the
variation of convection heat transfer coefficient (h) and Nusselt number versus Reynolds
number at different ambient temperatures where fluid properties evaluated at the film
temperature Tt =(Ta+Tw)/2.

The achieved results indicate convection heat transfer coefficient and Nusselt number vary
with variation of air flow temperature and as expected, both of them decrease with
increasing the ambient temperature.

Different equations have been proposed to modify the Nusselt number. Lundstrom et al. [3]
claim that it was necessary to evaluate the fluid properties at the air temperature and their
results show that evaluating the properties at the film temperature is not enough to achieve
a temperature independent calibration law. Collis and Williams [10] realized, using the film
reference temperature, that it was necessary to include a temperature loading factor in the
Nusselt number King’s law according to the following equation;

-0.17

T
Nu| = A+ BRO4 (34)

I

Nusselt number (hd/k) includes both the heat-transfer coefficient and the thermal
conductivity of the fluid and these parameters are dependent on the ambient temperature.
The temperature role on k can be expressed as:
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k (1)
— == (35)
k. T,
T and T: are in absolute temperature but the variation of h with ambient temperature is
unknown.

AWO0F oy Tee20tC

| —t— Ta=25"C
—8— Ta=30°C
—— Ta=d0"C

3800 - /
3600 |-
3400}
3200
L L 1 1 1
i 1.5 3 35

h (w/m’k)

T

‘:’clunit}' (m/s)

Figure 11. Variations of heat-transfer coefficient Vs. velocity at different ambient temperatures. [11]
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Figure 12. Variations of Nusselt number Vs. Re at different ambient temperatures. [11]
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However, the fundamental mechanism for variation of Nusselt number is not known yet but
it can be compensated empirically by introducing the modified Nusselt number according
to the following equation [11]:

T
Ny =Nu [T“] (36)
ar

Where temperatures are in absolute temperature and Tar is the reference temperature at
which the sensor calibration is performed. When the correction is applied to the data in Fig.
12, the data collapse approximately to a single curve as shown in Fig.13.
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Figure 13. The achieved Nusselt number Vs. Re by employing equation (36) [11].

Fig. 14 presents the response of the CTA on wind speed approximately equal to 1 and 2 m/s
at various temperatures. The temperature varies between 22.5 and 37.5°C. As it is shown, the
bridge voltage decreases as the higher ambient temperature.

Calibration equations do not include ambient temperature variations, so a correction
procedure should be applied. There are three main practical ways [2]:

- Automatic compensation: Use a temperature sensor in the Wheatstone bridge.
- Manual adjustment: Manual adjustment can be made by changing the value of the
resistant, Rw, to compensate the changes in Ta.
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- Analytical correction: Measure the flow temperature separately and compensate using
the heat transfer equation.
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Figure 14. Response of CTA at various ambient temperatures. [11]

In this research, the voltage error due to changes in the ambient temperature is corrected

—_— 0.5 T 0.5
E. =F| W~ "a _ta 37

using equation (10) and (37):

w ~tar a,r

Equation (10) only considers the effect of ambient temperature variation but equation (37)
regards the effect of Nusselt variation as well the ambient temperature variation.

The percentage error is presented in Fig.15 as a function of flow temperature. The other
parameters are reference temperature, Ta,r=25 °C, average sensor temperature, Tw=249.22
°C and flow velocity, U=1.5 m/s.

It can be seen that the achieved results from equation (37) are more reasonable. It should be
noted that by increasing the air temperature, the fluid properties will be changed and these
changes have to be taken into consideration. This factor is considered in equation (37) so
that at high air temperature it can compensate the ambient temperature variations
adequately.
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Figure 15. Error in the measurement of flow velocity for the hot wire sensor [11]

5. Conclusion

The analytical solutions for heat transfer equation of hotwire indicate that the temperature
distribution along a hot-wire sensor is dependent on the critical Nusselt number.
Nu<Nucritcal leads to increasing the wire length and decreasing the wire diameter which will
cause the uniformity of temperature distribution to be increased considerably. For
Nu=Nucritcal, wire length and diameter don’t have any effect on the temperature distribution.
If Nu>Nueitca, some fluctuations will appear in the temperature profiles.

The results from experimental investigation show that the values of both the air temperature
and Nusselt number have influence on the output voltage of the CTA. In this study, two
ways have been employed to compensate the ambient temperature changes. In the first case,
the effect of ambient temperature variation is only considered but in the second case, the
effect of Nusselt variation is also regarded. At low temperature variation, the accuracy of
two methods is almost the same whereas by increasing the air temperature, the second
method which consider the changes in fluid properties, provide more accurate results in
compare with the first method.
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6. Appendix

Aw Surface area of sensor,m?

Cw Specific heat of the wire material per unit mass, J/Kg. K
D Wire diameter, m

E Bridge voltage ,V

Ecorr Corrected voltage, V

Ew Hot-wire sensor voltage, V

H heat-transfer coefficient, W/m2K

I Electrical current passing through the sensor, A

K Thermal conductivity of the fluid, W/m. K

kw Thermal conductivity of the wire material, W/m. K
L Wire length, m

M Temperature loading factor used in equation (10)
N Constant used in equation (7)

Nu Nusselt Number, hd/k

Pr Prandtl number, pCp/K

Otec Electrical power dissipation, W

Re Reynolds number, ud/v

Rw Sensor resistance

Ta Ambient temperature during data acquisition, K

Tar Ambient reference temperature during sensor calibration, K
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Tw Temperature of hot-wire sensor, K

Twm Mean wire temperature, K

U Instantaneous velocity, m/s

Ao Temperature coefficient of resistivity at 0°C

E Emissivity of the sensor

X Stefan-Boltzmann constant

Zo Values of resistivity at 0°C

Za Values of resistivity at the ambient fluid temperature
M Dynamic viscosity, N.s/m?

Author details

Mojtaba Dehghan Manshadi and Mohammad Kazemi Esfeh
Malekashtar University of Technology, Iran
University of Yazd, Yazd, Iran

7. References

[1] Manshadi M. D. (2011). “The Importance of Turbulence in Assessment of Wind Tunnel
Flow Quality”, Book chapter No. 12, Wind Tunnels and Experimental Fluid Dynamics
Research, Edited by Jorge Colman Lerner and Ulfilas Boldes, Intech publisher.

[2] Bruun H H. Hot-wire Anemometry, Principles and Signal Analysis. Oxford University
Press; 1995.

[3] LundstrOm H, Sandberg M, Mosfegh B. Temperature dependence of convective heat
transfer from fine wires in air: A comprehensive experimental investigation with
application to temperature compensation in hot-wire anemometry. Experimental
Thermal and Fluid Science 2007; 32: 649-657.

[4] Kanevce G, Oka S. Correcting hot-wire readings for influence of fluid temperature
variations 1973. DISA Info, No. 15, 21-24.

[5] Benjamin SF, Roberts CA. Measuring flow velocity at elevated temperature with a hot
wire anemometer calibrated in cold flow. Heat and Mass Transfer 2002; 45: 703-706.

[6] Improved temperature correction in stream Ware®. DANTEC DYNAMICS. Technical
Note of dynamics, Publication No.TN049909, P2, 2002.



88 An Overview of Heat Transfer Phenomena

[7] Ardakani MA, Farhani F. Experimental study on response of hot wire and cylindrical hot
film anemometers operating under varying fluid temperatures. Flow Measurement and
Instrumentation 2009; 20: 174_179.

[8] Suminska OA. Application of a constant temperature anemometer for balloon-borne
stratospheric turbulence soundings. MSc thesis. University of Rostock; 2008.

[9] Kramers H. Heat transfer from spheres to flowing media. Physica 1946,12:61-80.

[10] Collis DC, Williams M]. Two-dimensional convection from heated wires at low
Reynolds numbers. J. Fluid Mech 1959; 6:357-384.

[11] Dehghan Manshaid M, Kazemi Esfeh M. A new approach about heat transfer of hot-
wire anemometer. Accepted to publishing in the Applied Mechanics and Materials
Journal, 2012.



Section 2

Convection Heat Transfer
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Boundary-Layer Flow in a Porous Medium
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1. Introduction

The natural convection flow over a surface embedded in saturated porous media is
encountered in many engineering problems such as the design of pebble-bed nuclear
reactors, ceramic processing, crude oil drilling, geothermal energy conversion, use of fibrous
material in the thermal insulation of buildings, catalytic reactors and compact heat
exchangers, heat transfer from storage of agricultural products which generate heat as a
result of metabolism, petroleum reservoirs, storage of nuclear wastes, etc.

The derivation of the empirical equations which govern the flow and heat transfer in a
porous medium has been discussed in [1-5]. The natural convection on vertical surfaces in
porous media has been studied used Darcy’s law by a number of authors [6-20]. Boundary
layer analysis of natural convection over a cone has been investigated by Yih [21-24].
Murthy and Singh [25] obtained the similarity solution for non-Darcy mixed convection
about an isothermal vertical cone with fixed apex half angle, pointing downwards in a fluid
saturated porous medium with uniform free stream velocity, but a semi-similar solution of
an unsteady mixed convection flow over a rotating cone in a rotating viscous fluid has been
obtained Roy and Anilkumar [26]. The laminar steady nonsimilar natural convection flow of
gases over an isothermal vertical cone has been investigated by Takhar et al. [27]. The
development of unsteady mixed convection flow of an incompressible laminar viscous fluid
over a vertical cone has been investigated by Singh and Roy [28] when the fluid in the
external stream is set into motion impulsively, and at the same time the surface temperature
is suddenly changed from its ambient temperature. An analysis has been carried out by
Kumari and Nath [29] to study the non-Darcy natural convention flow of Newtonian fluids
on a vertical cone embedded in a saturated porous medium with power-law variation of the
wall temperature/concentration or heat/mass flux and suction/injection. Cheng [30-34]
focused on the problem of natural convection from a vertical cone in a porous medium with
mixed thermal boundary conditions, Soret and Dufour effects and with variable viscosity.

I NT EC H © 2012 The Author(s). Licensee InTech. This chapter is distributed under the terms of the Creative Commons
Attribution License http://creativecommons.org/licenses/by/3.0), which permits unrestricted use, distribution,
open science | open minds and reproduction in any medium, provided the original work is properly cited.
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The conventional heat transfer fluids including oil, water and ethylene glycol etc. are poor
heat transfer fluids, since the thermal conductivity of these fluids play an important role on
the heat transfer coefficient between the heat transfer medium and the heat transfer surface.
An innovative technique for improving heat transfer by using ultra fine solid particles in the
fluids has been used extensively during the last several years. Choi [35] introduced the term
nanofluid refers to these kinds of fluids by suspending nanoparticles in the base fluid.
Khanafer et al. [36] investigated the heat transfer enhancement in a two-dimensional enclosure
utilizing nanofluids. The convective boundary-layer flow over vertical plate, stretching sheet
and moving surface studied by numerous studies and in the review papers Buongiorno [37],
Daungthongsuk and Wongwises [38], Oztop [39], Nield and Kuznetsov [40,41], Ahmad and
Pop [42], Khan and Pop [43], Kuznetsov and Nield [44,45] and Bachok et al. [46].

From literature survey the base aim of this work is to study the free convection boundary-
layer flow past a vertical cone embedded in a porous medium filled with a nanofluid, the
basic fluid being a non-Newtonian fluid by using similarity transformations. The reduced
coupled ordinary differential equations are solved numerically. The effects of the
parameters governing the problem are studied and discussed.

2. Mathematical formulation of the problem

Consider the problem of natural convection about a downward-pointing vertical cone of
half angle 7 embedded in a porous medium saturated with a non-Newtonian power-law
nanofluid. The origin of the coordinate system is placed at the vertex of the full cone, with
x being the coordinate along the surface of the cone measured from the origin and y being
the coordinate perpendicular to the conical surface Fig (1). The temperature of the porous
medium on the surface of the cone is kept at constant temperature T, , and the ambient
porous medium temperature is held at constant temperature T .

¥

Figure 1. A schematic diagram of the physical model.
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The nanofluid properties are assumed to be constant except for density variations in the
buoyancy force term. The thermo physical properties of the nanofluid are given in Table 1
(see Oztop and Abu-Nada [39]). Assuming that the thermal boundary layer is sufficiently
thin compared with the local radius, the equations governing the problem of Darcy flow
through a homogeneous porous medium saturated with power-law nanofluid near the
vertical cone can be written in two-dimensional Cartesian coordinates (x,y) as:

o(r"u) N o(r"v) _ 0

Ox 8y 4 (1)
6u" _ ('Dﬁ)nf KgC087 6T (2)
oy Hhog oy’
2
UL 3)
ox oy oy

Where u and v are the volume-averaged velocity components in the x and y directions,
respectively, T is the volume-averaged temperature. n is the power-law viscosity index of
the power-law nanofluid and g is the gravitational acceleration. m =y =0 corresponds to
flow over a vertical flat plate and m =1 corresponds to flow over a vertical cone. n is the
viscosity index. For the case of n=1, the base fluid is Newtonian. We note that n<1 and
n>1 represent pseudo-plastic fluid and dilatant fluid, respectively. Property p,. and u,
are the density and effective viscosity of the nanofluid, and K is the modified permeability
of the porous medium. Furthermore, «,, and f, are the equivalent thermal diffusivity

and the thermal expansion coefficient of the saturated porous medium, which are defined as
(see Khanafer et al. [36]):

A Ry
(-0 " (o),

) ky _(ks+2kf)—2¢(kf—ks)
(pC”)nf_(1_¢)(pc”)f+¢(pc”)s’ Z_(ks+2kf)+z¢(kf—ks)'
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Here ¢ is the solid volume fraction.

The associated boundary conditions of Egs. (1)-(3) can be written as:

v=0;,T=T, aty=0;
u=0;T—>T, 6 as y—>o,

©)

where u f is the viscosity of the basic fluid, p / and p, are the densities of the pure fluid
and nanoparticle, respectively, ( pcp) and ( pcp) are the specific heat parameters of the
f s
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base fluid and nanoparticle, respectively, k, and k; are the thermal conductivities of the

base fluid and nanoparticle, respectively. The local radius to a point in the boundary layer »
can be represented by the local radius of the vertical cone r =xsiny .

p(kg/m®)  C,(J/kgK) k(W/mK)  px10°(K™)

Pure water 997.1 4179 0.613 21

Copper (Cu) 8933 385 401 1.67
Silver (Ag) 10500 235 429 1.89
Alumina (Al20s) 3970 765 40 0.85
Titanium Oxide (TiO2) 4250 686.2 8.9538 0.9

Table 1. Thermo-physical properties of water and nanoparticles [39].
By introducing the following non-dimensional variables:

v(xy)

= zRaxm’ fn=———""5
X agr Ra,

0(n) = —=-.
Tw_Too

The continuity equation is automatically satisfied by defining a stream function (x,y) such

that:

r"’u:a—vl andrmv:—a—w. @)
oy ox
where;
K ( ﬂ) (T. -T.) 1/n
E\PP) oSy Ly — Ly
Ra, = [iJ f . ®)
oy Hy
Integration the momentum Eq. (2) we have:
PP) Kgcosy
ﬁu":L(T—Tw). )

My My

Substituting variables (6) into Egs. (1)-(5) with Eq. (9), we obtain the following system of
ordinary differential equations:

1 . (pB)
' — _ S } 1
o) [l ¢+¢(pﬂ)f]9 w
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ks

k
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along with the boundary conditions:

f(0)=0, 6(0)=1,

Fl(e0) =0, O(e0) =1. (12

where primes denote differentiation with respect to 7 , the quantity of practical interest, in

this chapter is the Nusselt number Nu_ which is defined in the form:

_or
|,
Nu, =% =0 g 129(), (13)
’ km Tw - Too

where h denotes the local heat transfer coefficient.

3. Results and discussion

In this study we have presented similarity reductions for the effect of a nanoparticle volume
fraction on the free convection flow of nanofluids over a vertical cone via similarity
transformations. The numerical solutions of the resulted similarity reductions are obtained
for the original variables which are shown in Egs. (10) and (11) along with the boundary
conditions (12) by using the implicit finite-difference method. The physical quantity of
interest here is the Nusselt number Nu, and it is obtained and shown in Egs. (13) and (14).
The distributions of the velocity f'(77), the temperature 6(r7) from Eqgs.(10) and (11) and the
Nusselt number in the case of Cu-water and Ag-water are shown in Figs. 2-8. The
computations are carried for various values of the nanoparticles volume fraction for

different types of nanoparticles, when the base fluid is water. Nanoparticles volume fraction
¢ is varied from 0 to 0.3. The nanoparticles used in the study are from Copper (Cu), Silver

(Ag), Alumina (Al20s) and Titanium oxide (TiO2).

In order to verify the accuracy of the present method, we have compared our results with
those of Yih [22] for the rate of heat transfer 8'(0) in the absence of the nanoparticles (¢ = 0) .
The comparisons in all the above cases are found to be in excellent agreement, as shown in
Table 2. It is clear that as a geometry shape parameter m increases, the local Nusselt number
increases. While Table 3 depict the heat transfer rate 8'(0) for various values of nanoparticles
volume fraction ¢ for different types of nanoparticles when the base fluid is water. Figs. 2 and
3 show the effects of the nanoparticle volume fraction ¢ on the velocity distribution in the
case of Cu-water when ¢=0,0.05,0.1,0.15,0.2,0.3 . It is noted that the velocity along the cone

increases with the nanoparticle volume fraction in both of the two cases (i.e. Cu-water and Ag-
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water), moreover the velocity distribution in the case of Ag-water is larger than that for Cu-
water. We can show that the change of the velocity distribution when we use different types of
nanoparticles from Fig. 4, which depict the Ag-nanoparticles are the highest when the base
fluid is water and when ¢=0.1. Thus the presence of the nanoparticles volume fraction

increases the momentum boundary layer thickness.

Cu-Water

------ Pure water

' ()

$=0,0.05,0.1,0.1502,0.3

Figure 2. Effects of the nanoparticle volume fraction ¢ on velocity distribution f'(77) in the case of
Cu-Water.

n Vertical plate Vertical cone
Yih [22] Present method Yih [22] Present method
0.5 0.3766 0.3768 0.6522 0.6524
0.8 0.4237 0.4238 0.7339 0.7340
1.0 0.4437 0.4437 0.7686 0.7686
1.5 0.4753 0.4752 0.8233 0.8233
2.0 0.4938 0.4938 0.8552 0.8552

Table 2. Comparison of results for the reduced Nusselt number —6'(0) for vertical plate (4 =0) and
vertical cone (4 =1) when ¢=0.

1 Cu Ag Al O, TiO,
0.05 0.7423 0.7704 0.6604 0.6725
0.1 0.6931 0.7330 0.5642 0.5852
0.15 0.6301 0.6732 0.4780 0.5057
0.2 0.5591 0.6002 0.4006 0.4331
0.3 0.4052 0.4357 0.2673 0.3062

Table 3. Values of —'(0) for various values of ¢ when n=1.
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Ag-Water

0.6+
$=0,0.0501,01502,03

0.4+

0.2 4

0.0

Figure 3. Effects of the nanoparticle volume fraction ¢ on velocity distribution f'(77) in the case of

Ag-Water.

f' ()

Figure 4. Velocity profiles f'(77) for different types of nanofluids when ¢ =0.1.

Figs. 5 and 6 are presented to show the effect of the volume fraction of nanoparticles Cu and
Ag respectively, on temperature distribution. These figures illustrate the streamline for
different values of ¢, when the volume fraction of the nanoparticles increases from 0 to 0.3,

the thermal boundary layer is increased. This agrees with the physical behavior, when the
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volume of copper and silver nanoparticles increases the thermal conductivity increases, and
then the thermal boundary layer thickness increases. Moreover Fig. 7 displays the behavior
of the different types of nanoparticles on temperature distribution when ¢ =0.1. The figure

showed that by using different types of nanofluid as the values of the temperature change
and the Ag-nanoparticles are the lower distribution.

1.0

Cu-lWater
0.8+
i
0.4 -
$=0,005,0.1,0.15,02,03
0.2+
0.0 .

0 2 4 6 8 10

Figure 5. Effects of the nanoparticle volume fraction ¢ on temperature distribution 8(7) in the case of

Cu-Water.

1.0+

Ag-Water

0.8

0.6

a(m)

0.4 4
$=0,0.0501,0.1502,03

024

0.0

Figure 6. Effects of the nanoparticle volume fraction ¢ on temperature distribution 8(7) in the case of

Ag-Water.
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a(n)

Figure 7. Temperature profiles 6(77) for different types of nanofluids when ¢=0.1.

Fig. 8 shows the variation of the reduced Nusselt number with the nanoparticles volume
fraction ¢ for the selected types of the nanoparticles. It is clear that the heat transfer rates

decrease with the increase in the nanoparticles volume fraction ¢ . The change in the reduced
Nusselt number is found to be lower for higher values of the parameter ¢ . It is observed that
the reduced Nusselt number is higher in the case of Ag-nanoparticles and next Cu-
nanoparticles, TiOx-nanoparticles and Al:Os-nanoparticles. Also, the Fig. 8 and Table 3 show
that the values of 0'(0) change with nanofluid changes, namely we can say that the shear stress
and heat transfer rate change by taking different types of nanofluid. Furthermore this depicts
that the nanofluids will be very important materials in the heating and cooling processes.

0.8 4

02 J T J T d T y T y
0.05 0.10 0.15 0.20 0.25 0.30

Figure 8. Effects of the nanoparticle volume fraction ¢ on dimensionless heat transfer rates.
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4. Conclusions

The problem of the steady free convection boundary layer flow past a vertical cone
embedded in porous medium filled with a non-Newtonian nanofluid has been studied and
the special case when the base fluid is water has been considered. The effects of the solid
volume fraction ¢ on the flow and heat transfer characteristics are determined for four
types of nanofluids: Copper (Cu), Silver (Ag), Alumina (Al20s) and Titanium oxide (TiO2). It
has been shown, as expected, that increasing of the values of the nanoparticles volume
fraction lead to an increase of the velocity and the temperature profiles and to an decrease of
the Nusselt number for the values of the parameter ¢. It has been found that the Ag-
nanoparticles proved to have the highest cooling performance and Alumina-nanoparticles
enhanced to have highest heating performance for this problem.

Nomenclature

C, specific heat at constant temperature

f dimensionless stream function

g acceleration due to gravity

h local heat transfer coefficient

K permeability coefficient of the porous medium
k thermal conductivity

m geometry shape parameter

Nu, reduced Nusselt number

n viscosity index, n>0

Ra, modified Rayleigh number

r local radius of the cone

T temperature

T, temperature at the surface of the cone
T, ambient temperature attained as y — oo
u,v Darcian velocity components in * - and Y _directions
X,y Cartesian coordinates

Greek symbols

a thermal diffusivity

B volumetric expansion coefficient

¥ half angle of the cone

n similarity variable

0 dimensionless temperature

U effective viscosity
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Py density of the fluid
Ps nanoparticles mass density
( pC p) y heat capacitance of the nanofluid

n
( PC, )f heat capacity of the fluid
( pC p) effective heat capacity of the nanoparticles material

s
¢ nanoparticles volume fraction

stream function

Subscripts
f fluid fraction
nf nanofluid fraction
s solid fraction
w condition at the wall
0 stream function condition at the infinity
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1. Introduction

In many circumstances of practical concern, thermal sources are encapsulated into closed
cavities containing a fluid, such as in the case of fuel tanks. In other applications it is the
heat source itself which needs to be thermally controlled, such as in electronic packaging,
passive cooling, space heating, nuclear design, and geophysics; another example is the
natural convection around a horizontally-placed or vertically-positioned radiator, which
can be used for a centralized heating and cooling system to regulate the air temperature in a
cavity. The location of the radiator affects the temperature distribution and heat transfer in a
cavity. Normally, a higher position of the radiator is reasonable when the radiator is used as
a cooling device, while a lower position for the radiator is reasonable when the radiator is
used for a heating one. It is worth studying the temperature distribution and heat transfer in
thermal management and design. Whether the radiator is used as a cooling device or a
heating device, the heat transfer of a object in a cavity can be simplified and dominated by
natural convection heat transfer mechanism in an enclosure with an isolated plate.

Shyy and Rao [1] conducted an investigation of transient natural convection around an
enclosed vertical plate. Numerical simulations and experimental data of natural convection
air cooling of an array of two-dimensional discrete flush heaters on a vertical wall of a
rectangular enclosure were performed by Ho and Chang [2]. Yang and Tao [3] developed a
computational method to deal with the internal isolated islands (set the main diagonal
element coefficient big values in velocity discrete equations)for natural convection in an
enclosure. Experimental work and numerical simulation were studied by Wang [4]
regarding natural convection in an inclined cube enclosure with multiple internal isolated
plates. Also, numerical analysis on a 3x3 array of discrete heat sources flush-mounted on
one vertical wall of a rectangular enclosure filled with various liquids was done by Tou and

I NT EC H © 2012 The Author(s). Licensee InTech. This chapter is distributed under the terms of the Creative Commons
Attribution License http://creativecommons.org/licenses/by/3.0), which permits unrestricted use, distribution,
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Tso [5]. Natural convection from a discrete bottom flush-mounted rectangular heat source
on bottom of a horizontal enclosure was studied by Sezai and Mohamad [6]. Deng et al. [7]
investigated numerically the steady state natural convection induced by multiple discrete
heat sources (DHSs) in horizontal enclosures. Unsteady convection numerical modelling in
a vertical channel with a square cylinder was studied by Saha [8], Static bifurcation was
found by Liu and Tao [9,10] who performed numerical computations for the heat transfer
and fluid flow characteristics of an internal vertical channel composed by a pair of parallel
plates situated in an enclosure. Barozzi and Corticelli [11,12] investigated the two-
dimensional buoyant flow in a closed cabinet containing two vertical heating plates with a
time-accurate finite method. The predictions showed the long-term behavior of numerical
solution is time-dependent. The studies mentioned above have not been concerned with the
effect of location for heat source or heat sink on the fluid flow and heat transfer.

Following the pioneering numerical works mentioned above, the present study represents a
further effort to extend the studies with numerical simulation. The main objective of this
study is to analyze the variation effect of the horizontal and vertical location ratios, a/H and
b/H, respectively (defined in the following section) for different cold and hot isolated
vertical plates in an enclosure, with respect to the flow configuration, temperature
distribution, temperature difference distribution (defined in the following section) and heat
transfer characteristics of the natural convection. Effect of Rayleigh number on the fluid flow
and heat transfer is also presented.

2. Physical model and numerical method

The physical configuration and boundary conditions of problems investigated in this study
are shown in Fig. 1. The two horizontal walls are considered to be insulated, and the two
vertical walls which have the same temperatures, as well as the isolated vertical plate are
maintained at T; and T,, respectively. In this study, the investigations are carried out

through the variation of horizontal location ratio a/H and vertical location ratio b/H in the
cases of T > T, (inthiscase T, =T,,T, =T,) and T, < T, (inthiscase T, =T, T, =T, ).

In the present model, the flow is simulated as a two dimensional phenomenon with the
following assumptions or simplifications: a) the fluid (air) is Newtonian, incompressible and
the flow is laminar, and; b) the temperature difference T, —T, is small, so that the effect of
temperature on fluid density is expressed adequately by the Boussinesq approximation.
Next, we consider the following dimensionless variables:

T-T s
X:l;y:l;uzl;vzi;p:%;(g: c.pr=Y.R gPH AT
H H Uy Ug pUz T,-T, va

where the reference velocity is defined as Uy = (Ra Pr)/2a/H.

The governing equations, that express the conservation of mass, momentum and energy in
the fluid domain, become:
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where V2=6%/0X?>+0>/0Y? and K:k/kf, with kand kf being the vertical block

location conductivity and thermal conductivity of the fluid, respectively.
No-slip condition is imposed on all the walls for the velocities. Thermal boundary
conditions are that 00©/0Y =0 for the horizontal insulated walls, and ® =1 for the inner

heat source and ® =0 for the vertical cold walls or ® =0 for the inner heat sink and ®=1
for the vertical hot walls.

The average Nusselt number is given below:

H M oar or
Nu—m( .([ —&‘X:OdY"r .([ &‘X:L/de) (5)
y I
. il
W
T12/"]::
=8
A
“u '|lf »
0 X
3 L d

Figure 1. Schematic diagram of configuration
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Equations (1) to (5) are solved using a finite volume method (FVM) on a staggered grid
system [13]. In the course of discretization, QUICK scheme is adopted to deal with
convection and diffusion terms. The equations from the discretization of Egs. (1) to (4) are
solved by the line-by-line procedure, combining the tri-diagonal matrix algorithm (TDMA)
and successive over-relaxation iteration (SOR) and the Gauss-Seidel iteration technique with
additional block-correction method for fast convergence. The SIMPLE algorithm [13] is used
to treat the coupling of the momentum and energy equations. Pressure—correction and
velocity-correction schemes are implemented in the model algorithm to arrive at converged
solution when both the pressure and velocity satisfy the momentum and continuity
equations. The solution is considered to converge when the sum of the normalized residuals
for each control equation is of order 10 .

Special attention is paid to treatment of the isolated solid region. The presence of isolated
area is accounted for by a strategy [3, 14] in which a part of solution domain is located in the
flow field, therefore, the governing Eqs. (1) to (4) apply to both the fluid and the solid
regions. Both the velocity and the dimensionless temperature in it remained zero in iteration
process. For details, Ref.[3] may be consulted.

Non-uniform staggered grid system is employed with denser grids clustering near the plate
and walls so as to resolve the boundary layer properly. Test runs are performed on a series
of non-uniform grids to determine the grids size effects for the Rayleigh numbers 10%
10°and 10° at grid systems 40x 40, 60x 60 and 80x 80, respectively. For each calculation
case, a grid independent resolution is obtained. The maximum difference in average Nusselt
number between grid (40x40) and grid (60x 60) is 5%, the difference in average Nusselt
number between grid (60 x 60) and grid (80 x 80) is less than 0.2%, so the 60 x 60 non-uniform
grids are used.

The developed computational model is validated against benchmark computational results
and is also compared with experimental data. Accuracy of the numerical procedure is
validated by the comparison between the predicted results with the benchmark solutions of
de Vahl Davis [15] for pure natural convection model in a square cavity with opposite
heated and cooled side walls. As shown in Table 1, good agreements are achieved for both
the maximum velocity and the average Nusselt number in a broad range of Rayleigh
numbers Ra=10* to 10°. Another comparison is also made with respect to the experimental

work of Wang [4]. The computationally obtained flow patterns for Ra=2x10" are

compared with the flow visualization in Fig. 2. It is seen that the model adequately predicts
the flow patterns obtained in the visualizations.

Ra Present Benchmark

umax N’/l Umax Nu
104 0.192 2.231 0.193 2.245
10° 0.129 4.50 0.132 4.510
10° 0.078 8.817 0.077 8.806

Table 1. Comparisons between the predicted results and the benchmark resolutions of de Vahl
Davis[15]
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(a) (b)

Figure 2. Flow field (a) Flow visualization [4], (b) Computation

3. Results and discussion

The configuration dimension is in the proportion of L:H:W =80:15:3 .We will examine the
fluid flow and heat transfer characteristics under the circumstances of heating or cooling at
various locations, followed by the dependence to the Rayleigh number.

3.1. Effect of location on the fluid flow and heat transfer

Numerical simulations have been conducted to elucidate the effect of location ratios
variation a/H (0.3< a/H <2.7, b/H=0.3) and b/H (0.3< b/H <4.0, a/H =0.3) on the natural
convection of a cold isolated vertical plate and hot isolated vertical plate in an enclosure,

Rayleigh number is fixed at Ra=2.5x10* in both cases.

3.2. Flow and temperature fields

The buoyancy-driven flow and temperature fields in the enclosure for a cold plate and a hot
plate with the variation of location ratios a/H and b/H are illustrated by means of contour

maps of streamlines and isotherms, respectively, as exemplified in Figs. 3 to 6.

For Fig.3 (a-f), there are two vortices flow where the directions are different for cold plate
and hot plate. With the increase of horizontal location ratioa/H near the middle of the
enclosure, the two vertices structure around the vertical plate tend to be more symmetric for
cold plate and hot plate. The spaces at the two sides of the plate are large enough for the
flow within it to develop, so buoyant convection flow is strong on the upper surface of hot
plate, indicating the strong effect of the natural convection, while convection is weak in the
case of cold plate relatively.
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0

(a) 1>  aH=03 (b) 1<,  aH=03

() T,>T al=13 d) 1<, aM=13

—

() T1>T  aH=27 H 5<  aH=27

Figure 3. Streamlines for different horizontal locations at Ra =2.5x10*
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Dimensionless temperature distributions, plotted against the variation of the horizontal
location ratioa/H , are displayed in Fig.4 (a-f). From this plot, it can be seen that isotherms
near walls are almost vertical up to the upper and lower walls. This is due to the conduction
effect. The figures reveal also that dimensionless temperature distributions of cold plate are
more stratified than those of the hot plate.

(@ T>T aH=03

) 7,<1,  al=13

() L>T  aH=27 0 hi<D

Figure 4. Isotherms for different horizontal locations at Ra = 2.5x10*
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For Fig. 3(a and b), Fig. 5 and Fig. 6, we observe significantly different fluid flow and
temperature distribution phenomena: the larger of the vertical location ratiob/H, the
stronger the flow below the cold plate surface, and the more stratified temperature
distribution for the hot plate.

(a) Ii>T bH=20 (b) <7,  bA=2.0

=

(c) >T, bH=40 (d 7<m,  bH=40

Figure 5. Streamlines for different vertical locations at Ra =2.5x 10*

It is apparent from the comparison of fluid flow configurations and dimensionless
temperature distributions of the cold plate and hot plates that the vertical location ratio b/H

has a substantial effect on the flow configuration and temperature profile.

3.3. Temperature difference distribution

Uniform temperature difference in an enclosure may have practical importance, particularly
in electronics and air conditioning. In order to describe the uniformity of temperature
difference in an enclosure we define TD, which means difference of node temperature and
average temperature where average temperature is obtained by a weighted area method.
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(a) > bH=2.0 (b) T,<7,  bH=2.0

-

(c) TT>T b/H=4.0 (d 7,<7»  bH=4.0
Figure 6. Isotherms for different vertical locations at Ra =2.5x10*
Z ti ij Al]
Z Az’j

Two cases are studied at Ra:2.5><104, case 1: a/H=0.3 and b/H=0.3, and case2: a/H =0.3
and b/H=2.0. Figure 7 shows the temperature difference distribution, marked as TD and

TD=t; - 6)

plotted against the height of enclosure, while the width is fixed for heating and cooling
conditions.

It can be seen that, in case 1, the temperature difference of heating condition along the
height of enclosure is more uniform (the maximum dimensionless temperature difference is
0.11) than that for cooling condition (the maximum dimensionless temperature difference is
0.48). While with the increase of height, the dimensionless temperature differences between
heating condition (the maximum dimensionless temperature difference is 0.203) and cooling
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condition (the maximum dimensionless temperature difference is 0.245) are not great along
the height of enclosure in case 2. It implies that the requirement of heating and cooling in
case 2 for same component can be met.

0.3 T T T T
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Figure 7. Variation of temperature difference with the height of enclosure for heating and cooling
condition

3.4. Heat transfer

Next, attention is focused on the role which the location ratio can play in the heat transfer
rate. Figures 8 and 9 present results of the average Nusselt number defined by Equation (5).
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For both the cold and the hot plates, b/His fixed at 0.3. Results show that the same trend
occurs with the increase of a/H for both cold plate and hot plate. When the plate is within a
wide range of enclosure values, 0.3<a/H <4.8, the effect of its location on heat transfer is
small. The variation character of Nu vs. a/H implies that in a wide range of a/H , the spaces
at the two sides of the plate are large enough for the flow within it to develop, therefore, the
average heat transfer rate is not sensitive to the distance from the side wall. Indeed, the
average hot plate Nusselt number is 20% to 39% higher as compared to that of the cold
plate. The fact that the average Nusselt number of the hot plate is higher than the
corresponding cold plate, can be explained if we consider the streamlines shown in Fig. 3
and temperature profiles in Fig. 4. From these figures we note that the natural convection
occurs easier for the hot plate, due to a higher heat transfer than for the cold plate under the
same boundary conditions. The steep increase of average Nusselt number near walls for the
cold and hot plates in Fig. 8 is referred to as the “chimney effect”. The present results
confirm the fact that the stronger chimney effect enhances the heat transfer [16, 17]. For Pr
~1, the boundary layer thickness for the plate scales as [18],

gty |
50, ~y| LI )

av

Which indicates that & increases as y"/*.

11 T T T T

—i— cold plate &
10 ? —&— hot plate ]
bH =0.3 I
i Ra=25000
g L
B L
3
=
7 L

Figure 8. Variation of Nu with horizontal location

The convection is enhanced due to the instability of thermal boundary layers near the left
plate and right wall (0O<a/H <0.3) or right plate and left wall (4.8<a/H <5). In this spacing, the

thermal boundary layers of wall and plate merge with each other, so the boundary layer
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thickness is thin leading to the increase of Nusselt number. Therefore, the characteristics of
the fluid flow and heat transfer in enclosure are very sensitive to the distance between the
wall side and the plate.

Different trends occur when the cold plate and the hot plate are at different vertical location
which is shown in Fig. 9. Study of Fig. 9 reveals that for cold plate, as the vertical location
ratio increases from 0.3 to 3.3 the average Nusselt number increases from 4.33 to 5.68, and
slightly decreases from 5.68 to 5.52 when location ratio increases to 4. That means there
exists a maximum average Nusselt number when cold plate location (b/H),,, is 3.3. For the

hot plate, average Nusselt number slightly increases from 5.47 to 5.61 when location ratio
increase from 0.3 t01.33, and decreases from 5.61 to 4.3 when vertical location ratio increases
from 1.33 to 4. There is an appropriate location which corresponds to a maximum heat
transfer density for the hot plate also. This can be attributed to two different flow patterns.
However, the average Nusselt number variation is not significant for cold and hot plates.

By comparison of Fig. 3(a and b), Fig. 5(c and d), Fig. 6(c and d), and Fig. 9, it can be seen
that the symmetry phenomenon appears, i.e. the identical problems of natural convection in
an enclosure [19].

56

541

52¢

Nu

481

—+— cold plate

—b— hot plate
aH=0.3
Ra=25000

46}

44}

4.2
0

Figure 9. Variation of Nu with vertical location

3.5. Effect of Ra on the fluid flow and heat transfer

The procedure is then repeated over the range10* < Ra<10®. The effect of the Rayleigh
number on the average Nusselt number by setting a/H=0.3 and b/H=0.3 under the
circumstances of heating or cooling the block is shown in Fig. 10.

The flow patterns and isotherms are drawn for two typical Rayleigh numbers: Ra =1.0x 10
and Ra=1.0x10" for one geometrical configuration a/H=0.3 and b/H=0.3. These are
presented in Figs. 11 and 12.
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For the low Rayleigh numbers (Ra=10> — 10*), the flow field consists of a single big vortex
in the half domain of cavity. With an increase in Rayleigh number, the heat transfer process
is dominated successively by conduction mode, combined mode of conduction-convection
and convection mechanism. When the Rayleigh number increases to as high as1.0x10, it
indicates the convection mode is predominated, these can be seen from Figs. 11 and 12.

At the lower Rayleigh numbers (Ra=10? — 10*), Nusselt number of heating condition is a
little bit higher than that of cooling condition which can be explained that convection of the
hot plate is easier to establish than that of cold plate, conduction mechanism is prevailed
and hence heat transfer is mainly dominated by conduction. That is why the Nu values
shown in Fig. 10 are almost constant in the low Ra number range.

With the increase in Rayleigh number, Eq. (7) shows that at high Rayleigh numbers, the
boundary layers on the enclosure right wall and plate left surface become very thin, leading
to a significant increase in Nusselt number. It can be seen from Figs. 10 to 12 that in the
convection regime (Ra >10*), the flow fields difference between the cold plate and the hot
plate is appreciable, and the deviations of the Nusselt number between the cold plate and

the hot plate are greater. The reason is that heat convection of the hot plate is easier to
establish than that of the cold plate.

25

201

15+

Nu

10+

—+— cooling
-8~ heating

10 10 10 10
Ra

Figure 10. Nu versus Ra for heating and cooling cases

3.6. Special case -non steady state prediction

When the isolate is located in the middle of the enclosure,i.e. L:H:W:b=80:15:4:5, After giving
definition of dimensionless time F = %(Ra Pr)% , it is easy get the dimensionless non-
steady governing equation based on Equation(1)-(4).

The boundary conditions for this system are as same as steady system above.
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(a) Ra=1.0x10°

(b) Ra=1.0x10"

Figure 1. T, <T, flow patterns (left) and isotherms (right) at different Rayleigh numbers

The zero initial conditions set for velocity and temperature fields.

A perfectly time-periodic solution is predicted shown in Fig. 13 for different Raleigh
number(Ra=10%, Ra=5x10%, Ra=10°> and Ra=10°). Fig. 13a reports the time dependent behavior
of dimensionless temperature at the monitoring point (x,y)=(1.3,1.53) of the cavity, and the
average Nusselt number result is depicted in Fig. 13c. The first noteworthy feature of Fig. 13
is that, except low value of Ra number(Ra=10000,50000) : after a few time units, a transition
to oscillatory flow occurs. the symmetric solution breaks down as instabilities grow, and the
time behaviors of quantities relative to geometrically symmetric points begin to differ, The
quantities at location (x,y)=(1.3,1.53) exhibit a clearly periodic behavior for Ra=100000(Fig.

13c,d), the period being about 10 time unit.
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)

(a) Ra=1.0x102
f/ 1

(b) Ra=1.0x10"

Figure 12. T, > T, flow patterns (left) and isotherms (right) at different Rayleigh numbers

The isotherms are plotted in Fig. 14 for approximately equal time interval in one periodic
circle When analyzing the macroscopic nature of the flow configurations, We observe the
isotherms are not centrosymmetric at any point in time. The flow configurations manifest
themselves in same pattern—the rolls movie to the left or right with the oscillation.
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(a)variation of dimensionless temperature with dimensionless time for Ra=10000,50000,100000,1000000 at the
monitoring point (X, ) = (1.3,1.53) of the cavity

(b) variation of average Nusselt number with dimensionless time for Ra=10000,50000,100000,1000000 at the
monitoring point (X, ) = (1.3,1.53) of the cavity

() Partial enlargement of T—F at the monitoring point (X,¥) = (1.3,1.53) in the cavity for Ra=10°
(d)Partial enlargement of Nu—F at the monitoring point (x,¥) = (1.3,1.53) in the cavity for Ra=10

Figure 13. Time history of the dimensionless temperature and Nusselt number at the monitoring point
(x,y) =(1.3,1.53) of the cavity
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{a) F=749 (b) F=759 {c) F=175 (d) F=786

Figure 14. Series of instantaneous streamlines for Ra =10°

4. Concluding remarks

A numerical study has been presented to unveil primarily the effect of location ratio

variation of cold isolated vertical plate and hot isolated vertical plate on the natural

convection in an enclosure. We conclude as follows from the numerical results.

a.

The flow configurations and dimensionless temperature profiles of cold plate and hot
plate are different;

The stratification is found to be strong for cold plate, while for the hot plate is relatively
weak;

The temperature difference along the height of the enclosure in heating conditions is
more uniform than that obtained in cooling conditions;

The increase of vertical location near the middle of enclosure leads to small
temperature differences in heating and cooling conditions;

The trend of the average Nu number variation is the same for the cold and hot plates,
when the plate is fixed at different horizontal locations. However, the average Nu
number of the hot plate is about 20% to 39% larger than that of cold plate at the same
Rayleigh number of 25000. For narrow distances between the inner plate and the
bounding wall, the inner plate Nusselt number is enhanced, aside from this, the plate
average Nusselt number is insensitive to the plate position;

The average Nu numbers tend to decrease with the increase of vertical location ratio
(1.33<b/H<4) for hot plate, but for the cold plate the average Nu number tends to
augment with the increase of vertical location ratio (0.3< b/H <3.3);

An optimum vertical location ratio exists at which the heat transfer is maximum for
both cold and hot plates at a specific Rayleigh number;

Non-steady modeling simulations reveals that solutions are unique for values of
Rayleigh number 10 and 5x10* where the flow and heat transfer is steady state. While
unsteady state flow and heat transfer is appeared as a function of Ra=10° and Ra=10¢ for
the rectangular block located in the middle of the cavity.
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Nomenclature

a horizontal location

A node (i, j) based control volume area
b vertical location

F non-dimensional time

g gravitational acceleration

H height of vertical plate

k vertical block location thermal conductivity
ky fluid thermal conductivity

K relative thermal conductivity

L characteristic length of the enclosure
Nu Nusselt number

p pressure

p non-dimensional pressure

Pr Prandtl number

Ra Rayleigh number

t node (i, j) temperature

T temperature

TD temperature difference

u,v velocity components

u,v dimensionless velocity

W width of vertical plate

X,y Cartesian coordinates

XY dimensionless coordinates
Greek symbols

a thermal diffusivity

i) coefficient of thermal expansion
) velocity boundary layer thickness
Or thermal boundary layer thickness
Yo, density of the fluid

v kinematic viscosity of the fluid

(C) dimensionless temperature
Subscipts

c cold

h hot

opt optimization

R reference
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Chapter 6

Forced Convective Heat Transfer
and Fluid Flow Characteristics in Curved Ducts

Tilak T. Chandratilleke and Nima Nadim

Additional information is available at the end of the chapter

http://dx.doi.org/10.5772/53064

1. Introduction

Curved fluid flow passages are common in most technological systems involving fluid
transport, heat exchange and thermal power generation. Some examples are: compact heat
exchangers, steam boilers, gas turbines blades, rocket engine nozzle cooling and
refrigeration. Such flows are subjected to centrifugal forces arising from continuous change
in flow direction and, exhibit unique fluid and thermal characteristics that are vastly
different to those within straight passages.

The centrifugal action induced by duct curvature imparts two key effects on the fluid flow.
It produces a lateral fluid movement directed from inner duct wall towards the outer wall in
the axial flow, thus causing a spiralling fluid motion through the duct. This lateral fluid
movement is manifested by large counter-rotating pairs of vortices appearing in the duct
cross section and is referred to as secondary flow. The centrifugal action also forms a radial
fluid pressure gradient positively biased towards the outer duct wall. The lateral fluid
circulation takes place adversely to the radial pressure field and is dampened by the viscous
effects. The combined actions of the positive radial pressure gradient and the viscous forces
lead to the formation of a stagnant fluid region near the outer wall. Beyond a certain critical
axial flow rate, the radial pressure gradient would exceed the equilibrium condition in the
stagnant fluid region at outer wall and triggers a localised flow circulation that forms
additional pairs of vortices. This flow condition is known as Dean Instability [1] and the
additional vortices are called Dean Vortices.

D 2
In his pioneering work, Dean [1] proposed the dimensionless Dean Number K = {?’1} Re

for characterising the secondary flow behaviour. Moffat [2] and Eustice [3] have
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experimentally observed and verified the critical velocity requirements for Dean Instability,
while Baylis [4] and Humphery et al. [5] affirmed the use of Dean Number in designating
secondary flow behaviour. However, subsequent studies by Cheng et al. [6], Ghia and
Shokhey [7], and Sugiyama et al, [8] showed that the duct aspect ratio and curvature ratio
also significantly influence Dean Instability in curved rectangular ducts.

For rectangular ducts, Chandratilleke et al. [9,10,11] reported an extensive parametric study,
capturing the profound influence from duct aspect ratio, curvature ratio and wall heat flux
on the flow behaviour. Using an approach based on the stream function, they developed a
two-dimensional model simplified by dynamic similarity assumption in axial direction. This
simulation showed very good correlation to the data from their own experimental work
[10,11]. The locations of Dean vortex formation within the flow was qualitatively identified
through the use of intersecting stream function contours of zero potential. Comprehensive
results were presented within the Dean Number range of 25 < K < 500, aspect ratio at 1 < Ar
< 8 and Grashof number at 12.5 < Gr < 12500. It was identified that the onset of Dean
Instability would strongly be dependent on the duct aspect ratio wherein more Dean
vortices are produced in ducts of high aspect ratio. The wall heat flux radically changed the
flow patterns and showed a tendency to suppress Dean vortex formation. Subsequently,
Yanase [12] and Fellouah et al. [13,14] confirmed and validated the findings by
Chandpratilleke et al. [11].

The stream function approach is clearly limited to two-dimensional flows and does not
accurately applied for real flow situations. In developing improved models, Guo et al. [15]
considered laminar incompressible flow and formulated a three-dimensional simulation to
explore the interactive behaviour of geometrical and flow parameters on heat transfer and
pressure drop. Using flow entropy for hydrothermal assessment, they reported the influence
from Reynolds number and curvature ratio on the flow profile and Nusselt number. For
curved rectangular ducts, Ko et al. [16] proposed to split the overall flow entropy into
individual contributions from heat transfer and fluid viscous friction. The relative magnitudes
of these components were appraised to determine the heat or viscous-biased irreversibility in
the flow domain. This approach was adopted for achieving thermal optimisation in ducts
through minimised overall entropy, and illustrated for enhancing forced convection in curved
ducts with longitudinal fins under laminar and turbulent conditions [17,18,19]. However, the
entropy approach did not warrant precise identification of Dean Instability.

Fellouah et al. [13,14] also have presented a useful three-dimensional model for rectangular
curved ducts of aspect ratio within 0.5 < Ar < 12 and curvature ratio at 5.5 <y < 20 and.
Considering both water and air as working fluids, their results were was experimentally
validated using a semi-circular duct. These tests also provided visualisation data on vortex
formation at several Dean Numbers. For detecting Dean Instability, they suggested the use
of the radial gradient of the axial fluid velocity. In this, a limiting value for the radial
gradient of axial velocity is arbitrarily assigned as a triggering threshold for Dean
Instability. This approach represents an early attempt to incorporate Dean vortex detection
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to a simulation process rather than a trail-and-error method as previously practised. In spite
of the perceived benefits in computation, this approach cannot be rationalised because the
radial gradient of axial velocity is remotely linked with vortex generation. This short fall is
reflected when the model of Fellouah et al. [13] failed to detect Dean Instability that was
clearly observed in some reported cases [10,11]. With improved capabilities, Chandratilleke
et al. [20,21] have suggested other approaches that will be discussed later.

Most experimental and numerical analyses on curved ducts have been performed on
rectangular duct geometries. By virtue of shape, such ducts have less wall interference on
secondary vortex formation, making it relatively easier for numerical modelling and
convenient for experimentation including flow visualisation. Ducts with elliptical and
circular cross sections have received less research attention in spite of being a common
geometry used in most technological systems. The curved duct flow behaviour in such
geometries remains relatively unexplored.

Dong and Ebadian [22], and Silva et al. [23] have numerically simulated the flow through
elliptical curved channels and observed that the stagnation regions are vastly different to
those in rectangular ducts. Unlike in rectangular ducts, Dean Instability was seen to
originate within the flow rather than at the outer duct wall. Papadopoulos and
Hatzikonstantinou [24] considered elliptical curved ducts with internal fins and have
numerically investigated the effects of fin height on friction factor and heat transfer. They
concluded that the appearance of secondary vortices next to the concave wall would make
the friction factor dependent on both fin and duct heights. Andrade et al. [25] reported a
study with a finite element numerical model and discussed the influence from temperature-
dependent viscosity on heat transfer and velocity profile for fully-developed forced
convection in elliptical curved tube. They considered both cooling and heating cases
wherein the Nusselt Number was found to be lower for cases of variable viscosity than
constant properties. This was attributed to the increased viscosity at the cooler inner duct
wall dampening the secondary flow and the vortex formation.

The above review of published literature indicates that the available modelling methods
have yet to develop for realistic representation of complex secondary flow behaviour and
improved predictability for Dean Instability. Parametric influences of duct geometry and
flow variables remain unexplored and poorly understood with no decisive approach for
defining the onset of Dean vortices and their locations. Significantly improving these
shortfalls, this chapter describes an advanced three-dimensional numerical simulation
methodology based on helicity, which is congruent with the vortex motion of secondary
flow. Facilitating much compliant tracking of vortex flow paths, the model uses a curvilinear
mesh that is more effective in capturing the intricate details of vortices and flexibly applied
to both rectangular and elliptical ducts. Two intuitive approaches for detecting the onset of
Dean Instability are proposed and examined in the study. An extensive parametric
investigation is presented with physical interpretation of results for improved
understanding of flow behaviour. A thermal optimisation scheme based on flow
irreversibilities is developed for curved ducts.
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2. Nomenclature

Ar Aspect Ratio=a/b
a Height of cross section (mm)
b Width of cross section (mm)
D, Hydraulic diameter = ab (mm)
(a+Db)
2
F, Centrifugal force (N)
g Gravity (m/s?)
H Helicity (m/s?)
H Dimensionless Helicity = H[jh
uin
i,jk Unit vectors in X,y,z directions
D 2
K Dean number = [?}’J Re
p Static pressure (Pa)
p* Dimensionless static pressure = ] P
2
E P uin
R Radius of curved channel (m)
u.D
Re Reynolds number = —#—"
v
S Coordinate along duct cross section for defining secondary flow direction
u,, Velocity at duct inlet (m/s)
u,v,w Velocities component (m/s)
uw,v,w Dimensionless velocity = 10,
in
V. Axial velocity (m/s)
XY,z Coordinates (m)
x*,y*lz* Dimensionless coordinates= 24"~
h
Greek symbols
y Curvature ratio=R/b
0 Angular position of cross section (deg)
0]

Dissipation function
Kinematic Viscosity (m?/s)
Dynamic viscosity (Ns/m?)
Density (kg/m?)

8 ™ ® <
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3. Model description and numerical analysis

Fig. 1 shows the rectangular and elliptical duct geometries used for the three-dimensional
model developed in the current study. It also indicates the key geometrical parameters of
duct height a, duct width b and the duct radius of curvature R. The geometrical model
consists of a semi-circular curved duct test section fitted with a straight inlet passage to
ensure fully-developed flow at entry to the curved duct and an outlet passage for smooth
flow exit.

Curved section

&
!
a
¥ Inlet passage \
Outlet passage
i
z 1 b
{a) Rectangular curved duct (k) Duct cross section
Curved section .
87T

Outlet passage Inlet passage Fia
U ~
{(a) Elliptical curved duct (b) Duet cross section

Figure 1. Geometry of rectangular and elliptical curved duct models

The analysis focuses on semi-circular curved ducts having fixed width b of 10 mm and
constant radius of curvature R of 125 mm. The duct aspect ratio Ar is changed by varying
duct height a. The working fluid air is assumed to be an incompressible Newtonian fluid
with temperature-dependent fluid properties. The air enters at an inlet temperature of 300 K
and flows steadily through the passage under laminar flow conditions. A uniform heat flux
is applied on the outer wall (rectangular duct) or outer half of duct periphery (elliptical
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duct), while all the other walls being adiabatic. Constant velocity condition is applied to the
inlet of the straight duct preceding the curved duct. The flow exit is taken to be a pressure
outlet. The duct walls are assumed to have no slip boundary condition.

The numerical model solves the following governing equations:

Time-averaged continuity equation:
V.(V)=0 @

Momentum and Energy conservation equations:

VV(pV)=-Vp+uV?V +p,§+E ()

_ ) 2)
V.¥(pc,T)=kVT+5; (b)

The magnitude of the centrifugal body force term in radial direction is given by,

2
_ v _p(u2+w2)

F o T2 3
T o

Considering the position and alignment of curved part of geometry, centrifugal source term

in Cartesian coordinate system is obtained from,

1+ sign(-z) (u2 +w?
2

FC =p )(xg + zlz) 4)

2 Xtz
In Eq. 4, a Sign Function is used to ensure the centrifugal source term is applied only on
the curved side of the geometry (i.e. z < 0). For obtaining the dimensionless parameters,

the characteristics length, velocity and pressure are chosen to be Dy, U, %pUmz,

respectively.

The thermally-induced buoyancy is included in the model by relating the density pm in Eq.
2(a) to local fluid temperature. For this, a sixth-order polynomial as given by Eq. 5 is
developed, where the coefficients are obtained using the published data. This approach is
necessary because the linearity of the Boussinesq approximation caused some discrepancy
and is found to be inadequate for evaluating the wall pressure gradient.

A(T)=10"T —=3x1072T° +3x107°T* —2x107°T% + 6x10™*T* - 0.1008T +9.3618  (5)

In capturing the helix-like fluid motion of secondary flow, this three-dimensional model
incorporates a helicity function, which is defined by Eq. 6. The helicity is non-
dimensionalised using the reference helicity based on hydraulic diameter, as given by Eq. 7.

H=V.o= (T8 00y P00y @O (©)
oy Oz 0z Ox ox 0oy
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u? . D
Hx~—=H =H(—* (7)
h in

For identifying the onset of Dean Instability, the model proposes two separate criteria. The
first criterion is based on helicity, which is computed from Eq. 7. The second criterion uses
the outer duct wall pressure gradient profile for which the non-dimensional wall pressure
gradient is obtained from Eq. 8. A sign convention is incorporated in Eq. 8 to designate the
opposite rotational directions of the vortices in upper and lower half of duct cross section,
following the selection of coordinate S along the outer wall of duct cross section, as depicted
in Fig. 1(b).

D
D at upper half of cross section
* y pu?, ds

dp _ 2 in (8)
ds D d .

P at lower half of cross section

1/ pu?. ds

2 p m

For the forced convective heat transfer in the duct, the local Nusselt Number is defined as
Nu =hTthere the heat transfer coefficient h, is determined by considering the grid cell

temperature difference between the heated wall and the adjacent fluid cell. The average

INudA
A

Nusselt number is obtained from the surface integral, Nu=

The model formulates a thermal optimisation scheme using flow irreversibility as a
criterion. For this, the overall entropy generation is split in to the components
of irreversibility contributed by the wall heat transfer, including thermally-induced
buoyancy effects and, that due to fluid flow friction compounded by secondary fluid
motion. As such, the components of entropy generation from heat transfer (St) and that
from fluid friction (Sp) within the solution domain are evaluated using the expressions 9
(a), (b) and (c).

k| or, or, 0T,
5 = — — — —
T ax) +(ay) +(az) (@)

U
S, =@ b
b=t ®)

)

where

Wy Ly (g

ow.p, Ou Ov w
oy 0Oz 0z Ox

] e R A K

The entropy terms are generalised as volumetric-averaged values using,

)2 +(
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" ISTdv

St = - (@)

Sy = '[Sﬂ (b) (10)
b dv

S:q” =57+ S;;’ ()

Based on the above volumetric entropy generation terms, Bejan number is defined as,

_5r

BE—T
Sg

(11)

Bejan Number reflects the relative domination of flow irreversibility by heat transfer with
respect to the overall irreversibility [26]. In this, magnitude 1.0 for Bejan Number indicates
the entropy generation totally dominated by heat transfer while 0 refers to fluid friction
causing all of the flow irreversibility. Thus for curved ducts, the Bejan number performs as a
visual map signifying the relative strength of thermal effects within the fluid domain
interacted by the secondary flow and Dean vortices. This approach is then utilised for
thermally optimising the forced convection process in curved ducts.

Incorporating above governing equations, a finite volume-based CFD model is formulated
with the commercial package FLUENT where SIMPLE algorithm is used for pressure-
velocity coupling. The momentum and energy equations are discretised by first and second
order schemes, respectively. Since the model considers both buoyancy and centrifugal
source terms, pressure discretisation is performed with body force-weighted approach. The
stability of the solution is monitored through continuity, velocity, energy and dimensionless
helicty where the convergence is achieved with values not higher than 10°. Grid
independency is carefully checked paying a special attention to boundary layer modelling at
the outer wall.

The simulation is performed to obtain the profiles of velocity, helicity, temperature and
Bejan Number at curved duct for a range of flow rates giving Dean Number within 80 to
1600. The wall heat flux is varied up to 1000 W/m?2. The results showing some signs of Dean
vortices are further refined by re-running the simulations with closer steps of K to
determine the exact point of instability and the critical Dean number. This procedure is
repeated for all aspect ratios, flow rates and heat fluxes. Forced convection is evaluated by
the local and average Nusselt numbers at the duct wall.

3.1. Mesh generation, grid sensitivity and model validation

In secondary flow simulations, the solution convergence is critically dependant on the grid
selection because of the intricate flow patterns and intense flow gradients. For rectangular
ducts, a fully structured mesh would be adequate. However, due to the geometrical shape,
elliptical ducts tend to have much extreme flow field gradients and would require a more
stringent grid arrangement.
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In rectangular ducts a progressively reducing mesh is used with a much finer mesh near the
outer wall where the onset of Dean Instability is anticipated. This approach has not been
attempted in previous studies [11-13, 18-19] wherein it was argued that a mesh size less than
1 mm would not improve the accuracy, but only increase the computational time. The mesh
refinement of the present analysis clearly identifies that a finer mesh near the wall is critical
for detecting the onset of Dean vortices as accurately as possible. For testing grid
dependency, the current study uses five mesh schemes indicated in Table 1. In this, columns
A, B and C represent the number of grids over duct width, height and length, respectively,
while the column D indicates the progressive reduction of grid size over duct width towards
the outer wall.

Number of Grids

Scheme

A B C D
Mesh1 26 51 305 1
Mesh2 31 64 305 1
Mesh3 43 84 305 1
Mesh4 50 98 305 1
Mesh5 26 51 305 1.05

Table 1. Grid selection and mesh schemes for rectangular ducts

—e— Meshl
—o— Mesh2
—o— Mesh3
—o— Mesh4
—e— Mesh5

du/dx

0.1 ya 03 0.5

-2

Figure 2. Grid dependancy test for rectangular duct using velocity derivative in y-direction at exit
K=130, Ar=2

For rectangular ducts, Fig. 2 illustrates the grid dependency test conducted using the
velocity derivative in y-direction at the duct outer wall. The Schemes 4 and 5 having mesh
size less than 1 mm show better suitability than the other three schemes. However, the
Scheme 5 is chosen as the optimum because of its slightly larger cell volume arising from
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progressively varied mesh size. This approach remarkably improved the vortex capturing
ability in the solution domain without excessive computational demand. As such, the
present study performed all computations with Scheme 5 of mesh size less than 1 mm,
achieving much higher accuracy than any previously reported work.

2
nw L ﬁ%
— =
‘X xb
> 2 2 o o o
1 - kW R A
Y
AR | — et
pooiplin =10
e asne W S
- = 2 —nwe 14
!_F 1} 1 (b} Effect of nw selection
T I (horizontal profile in middic)
1 nh
| nh=40
: nh=44
- 7 I| .35 nh=52
e | =
======= M 3
11 I i u-ls E
.".I .é
1 / ¥/b
b / e siefes
.ff.;
K .25
3 () Effect of nh selection
(a) Chiid arvanigement (vertical profile in middic)
003 |, i bk
¥ —— 2225
0,01
0 yb
T e E L E2ER S
[d;l Effect of na 5F1uc{im () Effect of nb selection
thorizomal profile in middle) jeurved profile on outer boundary)

Figure 3. Grid arrangement and grid sensitivity analysis for elliptical curved duct at exit

For handling steeper flow gradients in elliptical ducts, the current analysis uses the different
grid arrangement depicted in Fig. 3. This scheme divides the elliptical duct cross section into
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five regions, as shown in Fig. 3(a) and, the rectangular cells are swept along the axial
direction to obtain a fully hexagonal structured mesh. The grid distribution is determined
by the parameters nw, nh, nb and na, which are respectively, the number of grids on duct
width, duct height and duct periphery while na represents the number of layers along the
axial direction. This formation ensures uniform grid residual throughout the solution
domain. Figs. 3(b), (c) and (d) show the grid sensitivity analysis in terms of nw, nh and nb
and na, where 36 permutations are considered. For elliptical duct simulation, the optimal
grid selection is taken to be nw = 12, nh =52, nb =7 and na = 250.

In validating results for a rectangular duct, Figs. 4(a) and 4(b) show a comparison of the
axial flow velocity in x and y directions from the current model with those from Ghia and
Shokhey [7] and Fellouah et al. [14]. It is seen that both magnitudes and trends of axial
velocity are very favourably matched confirming the integrity of the current numerical
process. Similarly for an elliptical duct, Figs. 4(c) and 4(d) provide a comparison of the axial
velocity profiles at the mid cross section planes from the current study with those from
Dong and Ebadian [22] and Silva et al. [23]. A very good agreement is clearly evident,
validating the numerical consistency of the present simulation.
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Figure 4. Model validation using dimensionless axial velocity profile at curved duct exit
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4. Results and discussion
4.1. Fluid flow characteristics and geometrical influence

Fig. 5 depicts typical dimensionless helicity profiles at the exit of both rectangular and
elliptical curved ducts for several Dean numbers with no external wall heating. These
patterns show unique flow features that are not present in straight ducts. Initially at low K,
the flow profiles indicate two large counter-rotating vortices that are attributable to the
centrifugal action from the duct curvature.

Dean vortices

(b) k=180 (c) K=260 (d) K=300 (e) K=380
Elliptical duct 4r =4

Figure 5. Dimensionless helicity contours in curved ducts for varied flow rates-no wall heating
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In curved ducts, the centrifugal action is manifested as two key effects. It generates a
positive radial pressure field directed towards the outer duct wall (left wall in Fig. 5). Within
this positive (adverse) pressure field, the centrifugal force drives the fluid radially away
from the inner wall towards the outer duct wall. This sets up a lateral fluid circulation called
secondary flow, which is manifested as the formation of counter-rotating vortices observed
in Fig 5 in the duct cross section.

Increased axial flow rate (larger K) makes the secondary fluid motion more vigorous to
produce stronger vortices. The positive radial pressure field is also Higher flow rate also
intensifies that imparts more adverse effect on the secondary fluid motion. This latter effect
adversely acts on to slow it down assisted by fluid viscosity. Consequently near the outer
duct wall, a stagnant flow region is formed and a state of fluid equilibrium is established.
Above a certain critical value of K, the radial pressure field becomes far greater for fluid
equilibrium within the stagnant region and a weak local fluid recirculation is triggered. This
flow situation is referred to as the Dean Instability identified by the critical value of the
Dean number. The local fluid circulation triggering flow instability is manifested as pairs of
additional vortices called Dean Vortices. In Fig. 5, the onset of Dean Instability occurs within
K =80 to 180 for the rectangular duct while for the Dean vortices between K = 180 to 260.
These Dean vortices are designated as the helicity contour corresponding to H* = 0.01. Upon
inception, Dean vortices gradually grow bigger with increasing K, as depicted.

It is noticed that in rectangular ducts, the Dean instability tends to occur at a lower K than in
elliptical ducts of the same aspect ratio. This is because in rectangular ducts, the secondary
vortex motion is less steeply deflected at the outer wall by the cross sectional geometry than
in elliptical ducts allowing more freedom for fluid movement and Dean vortex formation.

4.2. Dean instability and detection of Dean vortices

In curved ducts, the appearance of Dean vortices is traditionally identified through tedious
flow visualisation or by numerical trial-and-error approach. In the latter, simulations are
repeatedly performed to gradually narrow down the range of K for determining the critical
Dean number and the flow patterns within a chosen tolerance limit. This involves
guesswork and significant computational time. Chandratilleke et.al. [11] successfully
developed a criterion based on zero-potential stream function contours to identify the
locations of Dean vortex generation. Whilst that approach is adequate for two-dimensional
cases, it is not applicable for three-dimensional flow. The work of Fellouah et al. [13] used
the radial gradient of the axial velocity as a measure of identifying the flow instability. Such
technique is not justifiable because the axial velocity change in radial direction is not
physically connected with the secondary vortex generation. This inadequacy is clearly
reflected in the work of Fellouah et al. [13], where their simulation failed to detect Dean
vortices for some basic flow conditions. For example around K = 180 for a rectangular duct,
Fellouah et al. [13] and Silva et al. [23] did not detect Dean vortices while the current study
clearly predicts such vortices.

As of now, a reliable technique for identifying Dean vortices is not available in literature,
particularly for three-dimensional simulations. The formulation of a generalised approach is
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difficult because the inception of Dean vortices are influenced by strongly inter-dependant
effects of duct geometry and the flow variables. In forming a technique for Dean vortex
detection, the present study proposes two practical criteria that can be integrated into and
directly performed within the computational process.

4.2.1. Criterion 1 - Helicity threshold method

This criterion utilises dimensionless helicity H* for tracking the onset of Dean Instability. It
assigns the minimum threshold value for H* by which the helicity contours are demarcated in
the flow domain. These contours are designated as Dean vortices. This selection of H*
threshold essentially depends on the contour detection accuracy required, similar to defining
the boundary layer thickness with a chosen velocity tolerance in traditional fluid flows.

Through exhaustive simulation runs, the current study has identified and proposes H* = +
0.01 to be an excellent choice that warrants precise and consistent detection of Dean vortices
for all cases examined. A key advantage of this technique is that the detection precision can
be varied to suit the required accuracy. Also, the technique can be readily integrated into the
computational process to perform locally in the solution domain rather than as a
cumbersome post-processing method. Hence, the determination of Dean vortices is more
precise and less time consuming. The achievable precision is demonstrated below in Fig. 6,
where the helicity contours obtained by using H* = 0.01 are shown just before and just after
the onset of Dean vortices (indicated by arrows).

For the rectangular duct, the Dean vortices are absent in the flow for K = 95. However, when
K is increased to 102, the helicity contours indicating Dean vortices are first detected.
Similarly for the elliptical duct, the appearance of Dean vortices is detectable within K =230
to 235. By adopting H* threshold less than 0.01, this range can be further narrowed to
improve precision of K value that corresponds to the onset of Dean Instability. The critical
Dean numbers thus determined are: K = 100 for the rectangular duct and K =234 for the
elliptical duct. However, evidently such refinements to H* would only incur a marginal
benefit towards precision at the expense of significant increase in computational demand.
Therefore, H* = 0.01 is concluded to be a very appropriate threshold for detecting Dean
Instability. Previous methods never provided this degree of accuracy, flexibility or ability
for vortex detection, signifying that this method is far superior to any reported approach
including that by Ghia and Shokhey [7] and Fellouah et al. [13] using the axial velocity
gradient.

4.2.2. Criterion 2 - Adverse wall pressure gradient method

This criterion is based on the unique features of the fluid pressure distribution along the
outer duct wall. The gradient of this pressure profile shows inflection points that initially
remain negative at low flow velocities and gradually shifts towards positive magnitudes as
the flow rate is increased. Outer wall duct locations indicating negative-to-positive gradient
change strongly correlates to the appearance of Dean vortices and forms the basis for a
criterion to identify Dean Instability. These characteristics are illustrated in Fig. 7.
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Figure 6. Detection of Dean vortex formation using helicity threshold method H* =+ 0.01

For several Dean Numbers, Fig. 7 shows typical outer wall pressure gradient profiles
evaluated from Eq. 8 for a rectangular duct in Fig. 7(a) and, for elliptical ducts in Figs. 7 (b)
and (c). The variable S is the displacement coordinate along the outer duct wall boundary,
as indicated in Fig. 1. At low values of K in Fig. 7(a), the pressure gradient remains negative
over the entire outer wall. As K increases, the inflection points of the profile gradually shift
to towards a positive magnitude, thus creating regions of adverse pressure gradients at the
outer wall. The corresponding helicity contours indicate that these localities at the outer wall
would develop flow reversal leading to the generation of Dean vortices. At K = 139, the
inflection points have just become positive, representing the critical Dean Number and the

onset of Dean Instability.

Showing similar trends, Fig. 7(b) illustrates the pressure gradient profile for an elliptical
duct of aspect ratio 3. At K =285, the entire pressure profile remains negative over the outer
wall and the corresponding helicity patterns in Fig. 8(a) show Dean vortices are absent in
the flow. At K =291, the pressure gradient just changes from negative to positive at the duct
centre and the first appearance (onset) of Dean vortices is noted in the flow profile of Fig.
8(a). For K =297, the pressure gradient profile shows distinctly positive regions that well
correlate to Dean vortex locations, as depicted.
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Figure 7. Pressure gradient profiles along the outer wall of curved duct

Above observations conclusively indicate that the adverse (positive) pressure gradients at
the outer duct wall could be effectively used for detecting the onset and location of Dean
vortices. However, this approach has some drawback as discussed below.

Fig. 7(c) shows the outer wall pressure gradient for an elliptical duct of aspect ratio Ar =1
(circular). This profile does not exhibit the negative-to-positive changeover in the pressure
gradient as for elliptical ducts with Ar > 1 illustrated in Figs. 7(a) and 7(b), meaning that
Dean vortices are not predicted according to the adverse pressure criterion. However to the
contrary, Fig. 8(c) indeed shows the onset of Dean vortices at K = 92. This may seem a
contradiction that is clarified below.

For a duct with Ar =1 (circular duct), Fig. 8(c) clearly shows that the Dean vortices appear in
the centre of the flow, but not at the outer wall as with rectangular and elliptical ducts.
Therefore, the outer wall pressure gradient has lesser bearing on the flow reversal associated
with Dean vortex formation. As such, the pressure gradient criterion tends to over predict
the critical Dean Number for instability and has diminished suitability for elliptical ducts
with aspect ratio near unity. It would perform satisfactorily for ducts with aspect ratio Ar >
1 where Dean vortices are formed at outer duct wall. Upon this overarching scrutiny, the
helicity threshold method can be regarded as a precise, reliable and universally applicable
technique for detecting Dean vortices in curved ducts of any shape and aspect ratio.
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Figure 8. Dean vortex formation in elliptical ducts of different aspect ratios (detected using H* = 0.01)

4.2.3. Effect of duct aspect ratio

Obtained by using the helicity threshold method in the current study, Fig. 9 illustrates the
influence of duct aspect ratio on the critical flow requirement for triggering Dean Instability
in both rectangular and elliptical ducts. For comparison, the figure also provides the critical
Dean number from the experimental results of Chen et al. [6] for rectangular ducts.

It is noted that the critical Dean number initially increases with the aspect ratio up to a
certain value and then falls away for higher K. This behaviour conforms to the trend shown
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in Fig. 8 for elliptical ducts and the observations reported in previous experimental and
numerical work. For rectangular ducts, the current model under-predicts the critical
requirement for Dean Instability compared to the experimental results of [6]. This is because,
the helicity method identifies Dean vortices much early in the growth process, whilst in
experiments, the vortices are visually observed after they have grown to a detectable size at
a higher Dean number.

= -0-= Chengetal [6]

300
—=&— Current study-Recrangular

250 —O— Current study-Elliptical

200

150

Critical Dean number

100

50

Aspect ratio

Figure 9. Effect of aspect ratio on critical Dean number

4.3. Thermal characteristics and forced convection
4.3.1. Effects of flow rate

The helicity contours and the fluid temperature fields in Fig. 10 illustrate the effect of outer
wall heating in rectangular and elliptical ducts for two selected values of K. The comparison
of helicity contours in Figs. 10 and 5 indicates the wall heating essentially sets up a
convective fluid circulation that interacts with the secondary flow and significantly alters
the flow characteristics. This fluid circulation is driven by the buoyancy forces resulting
from thermally-induced density changes.

As evident in Fig. 10 for K =80, at low flow rates, the convective circulation dominates the
flow behaviour with less influence from secondary vortices. When the flow rate is increased,
the centrifugal action intensifies and more vigorous secondary flow develops in the duct.
Consequently, the secondary vortices overcome the thermal buoyancy effects to become more
dominant and determine the overall fluid behaviour, as illustrated in Fig. 10 for K= 380.

Due to the confined geometry, the fluid flow within elliptical ducts is generally more
constrained and tends to have steeper fluid flow gradients than in rectangular ducts. This
geometrical effect is more pronounced at low flow rate when the flow patterns are
dominated by thermally-induced buoyancy. Fig. 10 with K = 80, clearly demonstrates that
the elliptical duct has sharper velocity and temperature gradients at the outer wall
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compared to the rectangular duct. Consequently, the elliptical duct exhibits a higher rate of
forced convection than in the rectangular duct within the lower range of K in Fig. 11. For
increased flow rate, the secondary vortices begin to dominate the flow behaviour. As shown
in Fig. 10 for K = 380, the rectangular duct has steeper velocity and temperature gradients at
the outer wall compared to elliptical duct. This gives rise to a higher forced convection in
rectangular ducts compared to the elliptical duct when K approximately exceeds 350, as

depicted in Fig. 11.
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Figure 12. Variation of duct skin friction factor with Dean number, Ar =4, =100 W/m?

For elliptical and rectangular ducts, Fig. 12 shows the comparison of skin friction factor,
which essentially depends on the velocity gradient and is related to the duct pressure drop.
With inherently steep fluid profiles, the elliptical duct has slightly larger skin friction
compared to rectangular ducts with no crossover in the entire flow range.

4.3.2. Effects of outer wall heating

Comparison of helicity contours in Figs. 10 and 5 at K = 380 indicates that with outer wall
heating, a tendency is developed to impede the formation process of Dean vortices in both
types of ducts. This is instigated by the thermal buoyancy-driven convection that
continually acts to displace the fluid layer at the outer wall, thus weakening the formation of
the stagnant fluid region, where the Dean Instability would occur. Hence, the flow reversal
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is undermined with diminished potential for Dean vortex generation. High wall heat fluxes
would impart more adversity on the triggering flow conditions of Dean Instability. In Fig.
13, these wall heating effects are clearly evident as a gradual decline in Nusselt number with
increased outer wall heat flux for both types of ducts.
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Figure 13. Variation of average Nusselt number at outer wall with outer wall heat flux, Ar =4, K =250
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Figure 14. Variation of average duct Skin Friction with outer wall heat flux, Ar = 4, K =250

With high wall heat fluxes, thermally induced convective circulation becomes stronger,
imparting additional resistance to the axial fluid motion. This effect is more pronounced in
elliptical ducts than in rectangular ducts. Consequently, duct skin friction coefficient tends
to be relatively higher for elliptical ducts while indicating some increase with the wall heat
flux, as evident in Fig. 14.
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4.4. Thermal optimisation

Fig. 15 shows the Bejan number (Be) distribution in curved duct cross sections. For both
rectangular and elliptical ducts at lower K, the flow irreversibility is practically dominated
by the entropy generation from wall heat transfer (Be ~ 1 with a red cast) over the entire
flow cross section. As K increases, Bejan Number contours gradually acquire magnitudes
less than 1 indicated by the blue cast. This signifies that in curved ducts, the secondary flow
provides favourable fluid mixing to transport the hot fluid away from the heated wall,
which in turn will improve forced convection. Magnitudes of Be < 1 also signifies an
increased contribution to the total irreversibility from viscous effects, which would negate
the overall flow benefits. These effects are less pronounced in rectangular ducts than in
elliptical ducts. The opposing thermal and hydrodynamic trends identify a potentially
useful technique for thermal optimisation of fluid flow through heated curved ducts, as
explained below.

K =400 K= 1000 K= 1600

Figure 15. Bejan Number contours for rectangular and elliptical curved ducts, g =100 W/m?

Fig. 16 illustrates the variation of the flow irreversibility components S, Sp and Sg for
rectangular and elliptical ducts with K, evaluated using Eq. 9 and 10. It is evident from the
figure that, when K is increased, St steadily falls while Sp rapidly grows. Although this
falling trend is similar to both types of ducts, the thermal irreversibility component S: decays
more gently in elliptical duct compared to the rectangular duct. This means, the elliptical
duct is less efficient in transporting heat from the wall than the rectangular duct. On the
other hand, the viscous irreversibility component Sp grows more rapidly in elliptical ducts,
signifying that the elliptical shape causes higher frictional pressure loses.

The overall irreversibility Sg, which is the sum of St and Sp, is initially dominated by the
thermal irreversibility component and steadily falls with K for both duct shapes. However,
the falling gradient is steeper for the rectangular duct, which implies more effective heat
transfer in the fluid domain with lesser adversity from viscous effects.
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At a certain value of K, Sg reaches a minimum. This point of inflection is identified as
practically the best possible “trade-off” between the highest achievable thermal benefits
with the least viscous penalty for curved duct flows. It is noted that the magnitude of the
lowest overall irreversibility is higher for elliptical ducts than for rectangular ducts,
indicating rectangular ducts would thermally better perform.

Irreversibilty components St, Sp,Sg

250 750 1250
Dean Number

(a) Rectangular duct

Irreversibilly components St, Sp, Sg

250 750 1250
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(k) Elliptical duct

Figure 16. Curved duct thermal optimisation using total entropy generation
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5. Conclusions

This book chapter provides a broad overview of the reported findings from the published
numerical and experimental studies on fluid flow in curved duct geometries. It then
presents and discusses the latest contributions to this field realised through an extensive
research programmes of the authors where new analytical techniques and methodologies
have been discovered for clearer fundamental understanding on fluid and thermal
behaviour in curved du