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Advances in Lubricated Bearings

Hubert Schwarze * and Thomas Hagemann

Institute of Tribology and Energy Conversion Machinery, Clausthal University of Technology,
38678 Clausthal-Zellerfeld, Germany; hagemann@itr.tu-clausthal.de
* Correspondence: schwarze@itr.tu-clausthal.de; Tel.: +49-5323-72-2464

Advances in the design and development of lubricated bearings have been a goal of
tribology engineers over decades, as the requirements on efficiency, power density, and
robustness continuously increase in the history of rotating machinery. Today, numerous
applications of bearings exist operating under different boundary conditions with high
variety in bearing size, speed, and loads. Each of these aspects involves specific challenges
ranging from the manufacturing process to the demands in operation. The latter ones
typically include a sufficiently low wear level and acceptable vibrations ensuring safe and
stable operation. Besides the general task of optimizing well-known bearing solutions,
novel fields of application frequently occur. Solving the issues appearing during operation
of all of these bearings in complex drive trains requires innovative approaches based on
the experience and the physical understanding of the particular phenomena by tribology
engineers. This Special Issue (SI) contributes to the latest steps in understanding bearing
operating behavior [1–6], its interaction with lubricants [7,8], and its role as a component in
the drive train [9–12].

Stottrop et al. [1] and Buchhorn et al. [2] investigate the operating behavior of original
size large turbine tilting-pad bearings on a special test rig. The first study [1] compares the
performance of the same test bearing with different lubrication designs provoking flooded
conditions in the first case and non-flooded ones in the second case. The non-flooded
design exhibits higher film thickness and lower power loss while the temperature level
does not change significantly. In their second investigation [2], the authors show that the
precise modification of convective heat transfer outside the lubricant gap by systematic
modification of oil flow is an appropriate measure to optimize the operating behavior of
tilting-pad bearings. In the investigated case, a trailing edge lube oil pocket designed to
improve heat transfer at the pads’ trailing edge free surface provides significant lower
maximum pad metal temperatures with only slightly increasing power loss for the test
bearing with evacuated housing. Schüler and Berner [3] propose a different approach to
reduce temperatures in high-speed journal bearings. They apply so-called eddy grooves
in the highly loaded pad region in order to generate radial flow components to reduce
temperature gradients in the film. Experimental results for a five-pad tilting-pad bearing
provide a reduction of maximum pad temperature of over 20 K for high surface speeds
and simultaneously high mechanical loads. Tauviqirrahman et al. [4] investigate a different
aspect of surface structure. In their theoretical study, the authors apply three types of
heterogeneous/smooth sliding surface arrangements to a journal bearing in a CFD analysis
and gain an improvement of load-carrying capacity and average acoustic power level
compared to the conventional plain surface design. Colombo et al. [5] derive a design
procedure for passively compensated bearings controlled by diaphragm valves applied
in aerostatic bearings. Numerical investigations for a single pad show that significant
improvements of stiffness can be achieved by the valve design. Moreover, sensitivity
analysis of the design procedure proves its suitability for a wide range of parameters.
Chernets et al. [6] present a calculation procedure for metal-polymer bearings operating at
the lower end of Stribeck curve at boundary or dry friction. The authors put an emphasis
on the impact of Young’s modulus reduction with increasing temperature on the predicted
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results and establish an improvement of the operating behavior due to the decrease in the
rigidity of the polymer composites of the bearing bushing.

The tribological interaction of bearing surface and the lubricant is a central question
in bearing applications. Khaskhoussi et al. [7] study the hydrophobicity and oleophilic
behavior of lead/lead-free bronze coatings for varying dimple diameters and density of
laser textured surfaces. The experimental results highlight that the porous textured surface
serves as an oil reservoir due to its good oleophilic behavior ensuring better lubrication and
higher wear resistance. In addition, relevant hydrophobicity is observed, suggesting that
surface texturing promotes the water-repellant barrier effect on the surface. Nassef et al. [8]
investigate the dynamic behavior of ball bearings lubricated by lithium grease with different
fractions of reduced graphene oxide (rGO) as a nano-additive. In their experiments, a
significant reduction of the temperature level and improvement of damping is obtained by
the application of rGO compared to base lithium grease showing the significance of this
additive in enhancing bearing performance.

In high-speed turbomachinery applications, hydrodynamic journal bearings are the
main damping element to ensure limited vibrational amplitudes in the resonance frequen-
cies of the rotor-bearing system and rotordynamic stability within the entire operating
range of the machine. In this domain, turbochargers used, for example, in automotive
applications represent one of the most complex rotor-bearing system since they run at
extremely high rotating frequencies and simultaneously low static loads. Generally, this
combination encourages non-linear system behavior since self-excited sub-synchronous
vibrations induced by the oil films arise. To enable safe operation, the bearing design
commonly features two oil films connected by a full- or semi-floating bush to provide
damping by the second film if the other one becomes unstable. Adiletta [9] theoretically
studies the impact of non-circular bore profiles on the stability of a rigid rotor supported by
full-floating bush bearings. The non-circular profile is applied on the stator side of the outer
film. The investigations show an influence of the geometrical shape of the sliding surface
as well as of its angular orientation in the bore. Results indicate that a suitable design is
able to increase stability threshold speed. Ziese et al. [10] analyze the impact of bearing
model complexity on predicted operating behavior of a turbocharger with semi-floating
bush bearings. Validation with test data shows that increasing model complexity improves
correspondence with experimentally determined vibrations. In particular, the cavitation
in the journal bearing and the consideration of the commonly neglected thrust bearing
contribute to the enhancements. Completely different issues are involved in the bearing
arrangements of slow running planetary gear units for wind turbines. Hagemann et al. [11]
investigate the impact of the special load situation in these type of bearings that exist due
to the helical gears applied here. Consequently, the planet bearing has to restore high force
as well as moment loads generated by the two mesh contacts between sun and planet gear
and planet and ring gear, respectively. Different design measures and load situations are
analyzed considering operation in the mixed friction regime and potentially occurring
wear mechanisms. Moreover, the high flexibility of the structure due to the lightweight
requirements and the simultaneously high mechanical loads accompany structure defor-
mations that lead to modifications of the shape of the lubricant gap. Hagemann et al. [12]
focus on this phenomenon in the second part of their study and show that its consideration
is essential for the simulation results. Generally, the results indicate an improvement of
predicted operating conditions by the consideration of structure deformation in the bearing
analysis for this application. The peak load in the bearing decreases since the loaded
proportion of the sliding surface increases.

Although lubricated bearings have been applied for centuries and studied with con-
tinuously improving methods for decades, continuous improvements of bearings and new
challenges accompanying with their application are still part of current research. This SI
contributes to the progress in this field. The guest editors would like to express their sincere
thanks to the authors, reviewers and the editorial staff of MDPI Lubricants that helped to
develop and finalize this SI.
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Article

Experimental Investigation of a Large Tilting-Pad Journal
Bearing—Comparison of a Flooded and Non-Flooded Design

Michael Stottrop *, Nico Buchhorn and Beate Bender

Product Development, Ruhr-University Bochum, 44801 Bochum, Germany; nico.buchhorn@rub.de (N.B.);
beate.bender@rub.de (B.B.)
* Correspondence: michael.stottrop@rub.de

Abstract: In tilting-pad journal bearings (TPJB), power loss corresponds to the internal friction in the
shearing of the oil. Besides the lubrication gap, intermediate spaces between the pads account for
a notable amount of frictional losses. Against the background of increasing demands for efficiency
and sustainable use of resources, the reduction of power loss takes a key position in the further
development of bearings. In our research, we compare two bearing lubrication concepts of a five-pad
TPJB. Our objective is to work out the influence of different lubrication methods and bearing housing
designs on the bearing operation characteristics. We conduct experimental testing of a 500 mm TPJB
in two different bearing configurations with respect to the lubrication concept: an oil-flooded and
non-flooded bearing design. In the flooded bearing design, oil is supplied via spray-bars and axial
seals ensure the inter-pad spaces to be completely filled with oil. The non-flooded design comes
without axial seals but oil drain channels to avoid oil accumulation in the bearing. In the latter design,
oil is fed in via leading edge grooves (LEG). For the non-flooded bearing design, the experimental
data show that the unloaded pads are not completely filled with oil and therefore, no pressure
build-up occurs. The absence of additional load on the lower pads compared to the flooded design
results in an increase of minimum film thickness. With the non-flooded design, power loss at high
speeds is reduced to almost half. As a result, the efficiency of the entire turbomachinery application
can be considerably improved.

Keywords: tilting-pad journal bearing; experimental investigation; power loss; lubrication method;
flooded bearing design; non-flooded bearing design; spray-bar; leading edge groove

1. Introduction

Hydrodynamic bearings are used in a wide range of applications in rotating machinery.
The wear-free operation under full lubrication and the easy mounting are the main advan-
tages. In turbomachinery, tilting pad journal bearings (TPJB) play an important role as
they show good stiffness and damping characteristics and do not tend to cause self-excited
vibrations. With an increasing demand for better efficiency of high-speed machinery, the
aim is to keep the power loss of the bearings as low as possible.

In hydrodynamic bearings, the power loss is equivalent to the heat resulting from
friction. The heat is dissipated as an unavoidable consequence of the shearing of the oil,
which is vital for the pressure build-up in the lubrication gap between shaft and bearing.
Besides the lubrication gap, notable friction power occurs in other areas of the bearing
that do not contribute to pressure build-up. In TPJB, the friction in the intermediates
space between two pads account for a significant proportion of the power loss. Depending
on the mixture of oil and air, the amount of friction power in these pad intermediate
spaces can be up to 50% of the total bearing power loss [1]. For a fixed-pad bearing,
Hagemann and Schwarze [2] find that up to 35% of the power loss relates to dissipation in
the interpad spaces.

Regarding the lubrication concept of TPJB, an oil-flooded and non-flooded design
can be assumed as two limiting cases. While in a flooded bearing design the intermediate

Lubricants 2022, 10, 83. https://doi.org/10.3390/lubricants10050083 https://www.mdpi.com/journal/lubricants5
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spaces between the pads are fully filled with oil, in a non-flooded design these spaces
are theoretically oil-free. In both cases the intermediate spaces do not contribute to the
hydrodynamic load carrying capacity of the bearing, but have an effect on the converted
frictional power.

Regardless of the bearing design, a relatively simple approach to reduce friction
power loss is to adjust oil supply. Simmons and Dixon [3] investigate experimentally a
considerable reduction of lubricant supply for a 200 mm five-pad TPJB in conventional
design without compromising the reliability of the bearing. By reducing the lubricant flow
rate to half, they lower power loss by 20% at a circumferential speed of 105 m/s. Studies of
San Andres et al. [4,5] show similar results for two 102 mm TPJB with flooded seal ends.
For a five-pad TPJB [4], a 15% decrease in power loss at shaft speed 74 m/s is realized by a
flow reduction of 50%. With the same flow reduction for a four-pad TPJB [5], power loss is
reduced by 19% at 64 m/s.

However, the oil supply cannot be reduced at arbitrary rates, since starvation in the
lubrication gap and rising temperatures are limiting factors [6]. Therefore, alternative
lubrication methods have been developed to supply oil directed towards the leading edge
region of the pad or directly into the lubrication gap [7,8]. Harangozo et al. [9] compare the
effects of a directed lubrication, where oil is fed in via spray-bars with several inlet holes, a
direct lubrication via leading-edge-grooves (LEG) and a conventional flooded lubrication
on the performance of a 127 mm four-pad TPJB. With the directed and direct lubrication,
the bearing is designed without axial seals, so that bearing is not flooded with oil. In the
experimental results, the flooded bearing shows the greatest power loss, while for the
directed lubricated bearing the lowest power loss is observed. The authors attribute the
differences in the spray-bar and LEG lubricated bearing to the generally lower temperatures
and thus, the higher viscosity with the LEG lubricated bearing as well as to the higher
shear stress losses within the LEG. Experimental analyses of a 120 mm four-pad TPJB in
a spray-bar and direct LEG lubricated configuration at a broad range of rotational speed
show similar results [10]. A comparison of both lubrication methods shows a considerably
lower frictional power for spray-bar lubrication than for the LEG lubrication at higher
speeds. Hagemann and Schwarze relate these findings to the fact, that with the LEG
nearly the entire oil is supplied to the lubrication gap, while with the spray-bars a bypass
flow emerges.

A proven method for an evacuation of the intermediate spaces between the pads to
reduce maximum bearing temperatures is a TPJB design with open end seals and large
drain channels [7,11]. Nicholas [12] investigates a 102 mm five-pad TPJB in a flooded
pressurized housing design in comparison with an evacuated housing design featuring
directed lubrication on the temperatures without considering power loss. Dmochowski
and Blair [13] examine a 99 mm five-pad TPJB in an evacuated housing design, realized by
enlarging the clearance of the end seals. Compared to a flooded bearing, oil evacuation
leads to a reduction in power loss of 25% at highest shaft speeds 77.5 m/s. With an
additional reduction in oil flow by approximately 30%, a decrease in power loss of 12%
is observed. Bang et al. [14] evaluate a 301 mm six-pad TPJB with conventional and LEG
lubrication method, each with and without end seals. Detecting a reduction of power loss
in the bearings without end seals, they find the lowest power loss for the conventional
lubricated bearing without seals (39.2% lower than for the conventional bearing with
seals). As in other works, a decrease in power loss is achieved by reducing oil flow rate.
Sano et al. [15] obtain comparable results for a large-scale TPJB with nominal diameter
890 mm. By leaving out the upper two pads of a four-pad TPJB in a non-flooded design
with spray-bar lubrication, power loss is decreased to less than half.

In this paper, we experimentally investigate a five-pad TPJB with nominal diameter
500 mm in a flooded and non-flooded design. In the flooded design, the bearing is axially
sealed and assumed to be fully filled with oil. By leaving out the axial seals in the non-
flooded design, intermediate spaces between pads are only partially filled with oil. The
aim of our research is to analyse how the bearing design and lubrication method influence
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the load carrying capacity and efficiency of the bearing. The experimental testing takes
place at the Bochum test rig for large journal bearings. We measure the main operating
parameters oil film thickness, oil film pressure and pad temperatures as well as the friction
power. We compare the measurement data of both bearing designs and identify the impact
of the lubrication method on the bearing characteristics. The approach presented in this
paper allows for a direct comparison of different lubrication concepts for a large-scale TPJB.
In industrial applications, bearings are frequently operated at reduced oil supply rates
without modifying the bearing design. Therefore, oil accumulation may occur despite the
non-full flooding. The test bearing in the non-flooded design in our research is designed in
such a way that no oil accumulates in the pad intermediate spaces and non-flooding can be
explicitly investigated.

2. Experimental Set-Up

2.1. Test Rig

We carry out the experimental testing on the Bochum test rig for large journal bearings.
The test rig was built in the 1980s to examine original-sized turbine bearings with a nominal
diameter of 500 mm. The maximum length of the test bearing is 500 mm. The shaft is
powered by a 1.2 MW DC drive (Brown, Boveri & Cie (BBC, Baden, Switzerland)) and can
be accelerated up to a rotational speed of 4000 rpm depending on the friction loss what
corresponds to a maximum circumferential velocity of 104.72 m/s. The lubricant used is a
turbine oil ISO VG 32 (Esso Teresso 32). Figure 1 shows a top view (left) and a technical
drawing (right) of the test rig.

Figure 1. Top view (left) and technical drawing (right) of the test rig for large journal bearings;
Test rig parts: Test bearing (1), shaft (2), support bearings (3), lower part of the test rig frame (4),
upper part of the test rig frame (5), pneumatic bellow (6), traverse (7), draw bars (8), rigid frame (9),
vibration generators (10).

In the test rig, the shaft (2) is supported by two symmetrically aligned support bear-
ings (3), which are designed as three-pad TPJB. The test bearing (1) is arranged centrally
between the support bearings in a rigid frame (9). The rigid frame is connected to the upper
part of the test rig frame (5) via two draw bars (8), a traverse (8) and a pneumatic bellow (6).
The upper part and the two support bearings are supported by the lower part of the test
rig (4). By pressurizing the bellow, the test bearing is pulled against the shaft from below
with a maximum bearing force of 1 MN.

The shaft is designed as a hollow shaft and equipped with a film thickness and
pressure measuring system. Two capacitive distance sensors and two pressure probes are
mounted in the mid-plane of the shaft at 90° to each other with same sensor types being
180° apart. A shifting device at the drive end of the shaft allows to shift the rotating shaft

7



Lubricants 2022, 10, 83

in axial direction and thus the sensor plane across the whole test bearing width during
measurement. With this equipment, both fluid film thickness and pressure distribution
can be captured in a high-resolution two-dimensional (2D) data field. In circumferential
direction 240 data points are measured, while in axial direction up to 4000 data points
can be recorded, depending on the rotational speed. Due to the capacitive measurement
principle, the fluid film thickness can only be determined reliably in areas where the space
between shaft and bearing is completely filled with oil. By contrast, areas of cavitation and
oil-air-mixture can be detected by this characteristic.

Beyond the stationary force, the test bearing can be loaded by sinusoidal dynamic
forces. Two vibration generators (10) are mounted to the rigid frame (9) at 90° to each
other and at 45° to the vertical load direction. The additional dynamic forces created by
the vibration generators are detected with the pressure probes. Relative shaft movement
is measured by four eddy current distance probes to determine the dynamic spring and
damping coefficients of the test bearing. A detailed description of the vibration generators,
the measurement system and post-processing is presented in Kukla et al. [16].

2.2. Test Bearing Designs

The test bearing in our investigations is a five-pad TPJB with nominal diameter 500 mm.
The bearing is loaded in a load-between-pad configuration with double-tilt supported
pads. The tilting in both axial and circumferential direction for a better compensation
of misalignment between shaft and bearing is enabled by an elliptical pivot geometry.
This pivot geometry results from a manufactured radius in axial direction of both, the
pads back and bearing ring. The two lower, highly loaded pads are each equipped with
a hydrostatic jacking groove above the pivot area. Both pads are manufactured with an
axial concave profile on the running surface, following Kukla et al. [17] to compensate
for thermal crowning at high specific loads. The bearing key parameters are summarized
in Table 1.

Table 1. Bearing key parameters.

Parameter Symbol Unit Value

Nominal diameter D mm 500
Bearing length B mm 350

Number of tilting-pads - - 5
Angular pad length Ω ◦ 56

Pivot offset - - 0.6
Relative bearing clearance Ψ � 1.2

Radial clearance CR μm 300
Pad preload mp - 0.538

Pad back radius rp mm 287
Pad back radius (axial) rp,ax mm 60,000

Bearing ring radius rr mm 322.5
Bearing ring radius (axial) rr,ax mm 1 × 1020

Pad thickness tpad mm 72.5
White-metal layer thickness tWM mm 2.265

We investigate the test bearing in a flooded and non-flooded design. In the flooded
design, oil is supplied via spray-bars with each 19 holes in the intermediate space between
two pads (Figure 2). In circumferential direction, the pads are kept in place by the spray-
bars. Axial sealings on both sides ensure that the bearing is permanently filled with oil and
therefore in a flooded condition (Figure 3).

In contrast, no axial sealings are inserted in the non-flooded design and the inter-
mediate space between the pads is enlarged in radial direction. Additionally, oil drain
channels and large spacing between pads and axial bearing covers are added to avoid oil
accumulation in the bearing except for the lubrication gap (Figure 3). For a sufficient feed-
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ing of the lubrication gap with oil, the spray-bars are replaced with a ’leading edge groove’
(LEG) in the non-flooded design directly attached at the pads leading edge (Figure 2). This
directed lubrication allows to supply oil only in the dedicated areas. The two lower pad are
each equipped with additional ‘trailing edge grooves’ (TEG) for active cooling of the pads
trailing edge, since the heat transfer in this region is much lower compared to the flooded
bearing design ([18]). A safety mechanism mounted in the pivot area to keep the pads in
place hinders the oil feed through the pivot. Hence, oil is fed in via the pads axial edges.
In both bearing designs, flooded and non-flooded, the spray-bars respectively the LEG
and TEG are supplied separately via several internal galleries and a ring channel between
bearing ring and housing. For the investigations in this paper, no oil is supplied in the TEG.

Figure 2. 3D-model of the test bearing in flooded (left) and non-flooded design (right).

Figure 3. Schematic drawing of the flooded and non-flooded bearing design.

2.3. Calorimetric Determination of Frictional Power

In hydrodynamic bearings, the frictional power is the power converted into heat in
the gap between oil-wetted surfaces. The friction power is defined as:

Pf r = Msha f t · ωsha f t (1)

For the test bearing, we assume that the frictional power is mainly dissipated via the
lubricating oil. During testing, the oil volume flow rate V̇, the oil inlet temperature Tin and
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outlet temperature Tout are measured. The out-flowing oil is first led into a mixing tank
before it is returned to the oil tank. At the outlet of the mixing tank, the temperature is
captured at ten measuring points, which are recorded by a data logger. By sorting out the
minima and maxima and subsequent averaging, reliable results can be obtained with regard
to the oil outlet temperature. Based on these measurement data, the converted frictional
power at constant density ρ and constant specific heat capacity cp can be determined
calorimetrically using the following expression:

Pf r = V̇·ρ · cp · (Tout − Tin) (2)

Considering the mass flow ṁ, which remains constant due to mass conservation,
instead of the volume flow V̇ and the temperature dependence of specific heat capacity cp,
leads to the following expression:

Pf r = ṁ ·
∫ Tout

Tin

cp(T) dT = V̇in · ρ(Tin) ·
∫ Tout

Tin

cp(T) dT (3)

According to [19], the temperature-dependent density for lubricating oil can be calcu-
lated using the density ρ15 at 15 °C as follows:

ρ(T) = ρ15 · e−α15·ΔT·(1+α15·0.8·ΔT) (4)

with α15 = 0.6278/ρ15 and ΔT = T[°C]− 15. For the relevant temperature range, there is a
linear relationship between the specific heat capacity cp and the temperature T, resulting in
the following expression for the above integral:

∫ Tout

Tin

cp(T) dT = (Tout − Tin) · cp(Tm) (5)

using the mean oil temperature Tm = Tin+Tout
2 . Taking the correlations shown into account,

the equation for the calorimetric determination of the frictional power is:

Pf r = V̇in · ρ(Tin) · cp(Tm) · (Tout − Tin). (6)

3. Experimental Results

In the following section, the operating characteristics of the non-flooded bearing
design are compared with those of the flooded one [20]. For both bearing designs, flooded
and non-flooded, the nominal oil flow rate is 7.1 L/s.

As an example, Figure 4 shows the lubricant film thickness and Figure 5 the lubricant
film pressure of both bearing designs plotted against the bearing circumference in the
bearing center. The peaks in lubricant film thickness for pads 3 and 4 (≈135°–150° and
207°–222°) and the corresponding disruption in pressure are due to the hydrostatic jacking
grooves. In the flooded version, all five pads show complete gap filling, while in the
non-flooded version only the lower loaded pads 3 and 4 are fully filled. Here, a significant
difference between the two designs becomes apparent. Due to the sealed bearing configu-
ration on the sides, in the flooded design the complete bearing is almost completely filled
with oil. Each pad is provided with a sufficient amount of lubricant and a hydrodynamic
pressure build-up is generated. By redesigning the spaces between the pads (elimination of
the spray-bars) and increasing the axial distance between the pads and the bearing cover
in the non-flooded design, pressure build-up of the lubricant is not possible. Only the oil
provided at the leading edge is supplied to each pad. To completely fill the gaps of the
non-loaded pads, the total volume flow supplied would have to be significantly increased.

The differences described can also be found in the measured pressure distribution.
While in the non-flooded bearing design only the loaded pads generate a hydrodynamic
pressure build-up, in the flooded design a pressure build-up is observed for all five pads,
as shown in Figure 5. As a result, the lower pads 3 and 4 are subject to additional loads
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from upper pads 1, 2 and 5 in addition to the external load, resulting in higher maximum
pressure and smaller film thickness.

Figure 4. Experimentally determined lubricant film thickness over the bearing circumference in
the bearing center (pads 1–5) of the flooded and non-flooded bearing design. Operating point:
n = 3000 rpm and p = 3.00 MPa.

Figure 5. Experimentally determined lubricant film pressure over the bearing circumference in
the bearing center (pads 1–5) of the flooded and non-flooded bearing design. Operating point:
n = 3000 rpm and p = 3.00 MPa.

The temperature curves of a pad of the respective bearing designs are in qualitative
agreement, see Figure 6. A comparison of the measured temperatures at the leading
edge of the pad shows differences in the gap entry temperatures between the flooded
and non-flooded versions of the bearing. For the flooded design, no particular difference
across the bearing width can be detected at the pad beginning. A clear difference in
the initial temperatures can be seen across the pad width for the non-flooded bearing
configuration (ax. edge–center). The temperatures measured laterally are approx. 10 K
below the temperature in the center of the pad. The reason for the temperature differences
at the beginning of the pad is the different lubricant supply systems of the two bearing
designs. In the flooded version, the fresh oil is supplied via spray-bars in the inter-pad
spaces, resulting in a more homogeneous mixing temperature across the bearing width.
In the non-flooded design, the lubricant is supplied via a groove at the leading edge of
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the pad. Due to the groove design, the temperature of the fresh oil supplied dominates in
the peripheral areas. In the center of the bearing, the lubricant is mixed with the hot oil
carried over from the previous pad, so that the temperatures in this area are higher than
those in the peripheral areas and the axial temperature gradient is ultimately established at
leading edge.

Figure 6. Temperatures of pad 3 in the axial center of the bearing (z = 0 mm) and near the edge
(z = −120 mm) for the different bearing designs. Operating point: n = 3000 rpm and p = 3.00 MPa.

Figure 7 shows the experimentally determined maximum bearing temperatures (left)
and the minimum lubricant film thicknesses (right) of the different bearing designs above
the specific bearing load at speed of 3000 rpm. It can be seen that the curves of the maximum
bearing temperatures of the flooded and non-flooded variants are consistent between
2.0 MPa and 3.5 MPa. Only in the lower bearing load range and at 4.00 MPa, the non-flooded
bearing operates at a lower maximum temperature. The direct comparison of the measured
minimum film thickness shows that the bearing in the flooded design has a significantly
lower film thickness over the complete load range than in the non-flooded design.

Figure 7. Experimentally determined maximum bearing temperature and frictional power of the
different bearing designs as a function of the specific bearing load. Speed: n = 3000 rpm.

A comparison of the experimentally determined power losses of the flooded and non-
flooded bearing configurations shows that the non-flooded design allows for a significant
reduction of the power loss. For this purpose, the left part of the Figure 8 plots the measured
power losses of both variants at a specific bearing load of 2.00 MPa as a function of speed.
The corresponding measured shaft temperatures are plotted in the right part of the Figure.
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Figure 8. Experimentally determined frictional power and shaft temperature of the flooded and
non-flooded bearing design as a function of speed at a specific bearing load of 2.00 MPa.

On the one hand, the reduction in frictional power is due to the non-flooded gaps and,
on the other hand, to the incipient deficient lubrication of the unloaded pads. The oil-free
gaps and the oil-air mixture in the incompletely filled gaps result in a lower shear stress
between the surfaces compared with a fully filled bearing. When looking at the associated
measured shaft temperatures (Figure 8 on the right), the occurring deficient lubrication
of the unloaded pads in the non-flooded bearing design becomes apparent. While in the
flooded lubrication the shaft temperature rises steadily above speed, indicating complete
gap filling of all pads above speed, the course of the non-flooded design shows a slight
drop in shaft temperature between speeds 2000 rpm and 2500 rpm. This temperature drop
is due to the onset of insufficient lubrication of the unloaded pads. In these areas, the shaft
is cooled or, in direct comparison with flooded lubrication, the heat input is reduced by
the energy dissipated in the lubrication gap. This effect can be observed particularly at
comparatively low loads, while at high loads partial filling of the unloaded pads can be
observed over the entire speed spectrum (no drop in the measured shaft temperature over
the speed). For this purpose, Figure 9 shows the measured shaft temperatures of both
bearing variants versus speed for different bearing loads.

Figure 9. Experimentally determined shaft temperature of the flooded and non-flooded bearing
design as a function of speed for different bearing loads.
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4. Discussion and Conclusions

In our investigations, we have experimentally examined a bearing design in two
different configurations. The two bearings differ only in the oil feed and the axial sealing.
All other parameters are identical.

By comparing the experimentally determined operating characteristics of the flooded
and non-flooded design, it can be shown that the non-flooded design has a positive in-
fluence on the load carrying capacity (higher minimum lubricant film thickness at the
same load level). Mainly this can be related to the non-existing hydrodynamic pressure
build-up of the unloaded pads. Due to the pressure build-up in the upper pads in the
flooded version, there is an additional load on the lower loaded pads. The measured pad
temperatures are at an identical level, but differ at the pad edges due to the different oil
regimes in the intermediate spaces.

However, the major difference between the two configurations is evident in the mea-
sured frictional powers. The power loss at a speed of 3000 rpm can be reduced by almost
half by designing the bearing in a non-flooded configuration. This reduction in power loss
is attributed to the unloaded pads and the spaces between them not being filled with oil. In
these areas, there is less shear stress on the shaft surface and the frictional power converted
in the bearing is reduced.

In conclusion, we demonstrate that the concept of lubrication can positively influence
the frictional performance of a TPJB without reducing or increasing the operational safety
parameters such as minimum lubricant film thickness or maximum bearing temperature.
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Abbreviations

B Bearing length
cp Specific heat capacity
CR Radial clearance
D Nominal diameter
h Film thickness
mp Pad preload
ṁ Mass flow
M Torque
n Rotor speed
p Film pressure
p Specific bearing load
Pf r Frictional power
PR Power loss
r Radius
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t Thickness
T Temperature
ΔT Temperature difference
V̇ Volume flow
ρ Density
ϕ Angular coordinate
Ψ Relative bearing clearance
ω Rotational speed
LEG Leading edge groove
TEG Trailing edge groove
TPJB Tilting-pad journal bearing
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Abstract: In tilting-pad journal bearings (TPJB) with a non-flooded lubrication concept, higher
maximum pad temperatures occur than with a flooded bearing design due to the lower convective
heat transfer at the pad edges. In this paper, we present an approach to influence the thermal
behavior of a five-pad TPJB by active cooling. The aim of this research is to investigate the influence
of additional oil supply grooves at the trailing edge of the two loaded pads on the maximum pad
temperature of a large TPJB in non-flooded design. We carry out experimental and numerical
investigations for a redesigned test bearing. Within the experimental analysis, the reduction in pad
temperature is quantified. A simulation model of the bearing is synthesized with respect to the
additional oil supply grooves. The simulation results are compared with the experimental data to
derive heat transfer coefficients for the pad surfaces. The experimental results indicate a considerable
reduction of the maximum pad temperatures. An overall lower temperature level is observed for
the rear pad in circumferential direction (pad 4). The authors attribute this effect by a cooling oil
carry-over from the previous pad (3). Within the model limits, a good agreement of the simulation
and experimental results can be found.

Keywords: tilting-pad journal bearing; pad deformation; heat transfer; trailing edge groove; CFD;
power loss

1. Introduction

In turbomachinery, hydrodynamic bearings are mainly applied to support rotor shafts.
Due to the continuous development of fast running turbomachinery, the requirements for
the bearings with regard to load carrying capacity, operational safety and efficiency also
increase. To ensure safe operation, wear due to mixed friction is prevented, the permissible
maximum temperature is not exceeded and mechanical overstressing of the materials is
avoided. In addition, an economic aim is to achieve the lowest possible power loss of
the bearings.

The power loss of a bearing corresponds to the power converted into heat due to
friction. This friction is caused by shearing of the oil in the lubrication gap and is inevitably
linked to the hydrodynamic principle. However, friction does not only occur in the
lubricating gap between the shaft and the running surface, where the bearing’s load
capacity is generated. Also in the areas that do not contribute to the bearing’s load carrying
capacity, a notable proportion of frictional power arises. In tilting-pad journal bearings
(TPJB), the power loss occurs mainly in the intermediate spaces between two consecutive
pads. The frictional power in these areas can, depending on the oil-air mixture, amount up
to 50% of the total power loss of the bearing.

Basically, there are two lubrication concepts for TPJB: flooded and non-flooded design.
With a flooded lubrication concept, the intermediate spaces between the pads are fully filled
with oil. In a non-flooded bearing design, there is theoretically no oil in the intermediate
space and therefore less friction compared to the flooded design. While power loss can be
reduced considerably with a non-flooded lubrication concept, maximum temperatures at
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the pads trailing edge increase. In a flooded bearing design, high flow velocities and the
mixing of fresh and draining oil effect a high convective heat transfer at the leading and
trailing edge of the pads. The convective heat transfer at the trailing edge is assumed to
have a major influence on the maximum pad temperature, as the intermediate spaces in a
non-flooded bearing are almost oil-free. Therefore, the temperature rise with a non-flooded
lubrication concept is due to the lower convective heat transfer at the pads edges.

Improving the heat transfer at the trailing edge seems to be a reasonable approach to
reduce maximum pad temperatures in non-flooded bearing design. In practice, suitable
design changes have to be applied to the corresponding bearings. In this context, we
investigate the following research question: How does active cooling at the trailing edge
influence the thermal behavior of a large TPJB?

1.1. State of the Art
1.1.1. Bearing Calculation Models

Theoretical models are developed for a better understanding of the physical processes
in hydrodynamic bearings. Validating these models with experimental data increases
model complexity and enables phenomena such as heat transfer to be considered. For the
development of hydrodynamic bearings, such models are vital in order to make accurate
predictions of the bearing performance. Currently, there are several theoretical approaches
to the calculation of hydrodynamic bearings.

The investigations of Mittwollen [1], Gerdes et al. [2] and Fuchs [3] form the basis
for the calculation tool Allgeimes LagerProgramm mit 3-dimensionalem Temperature-
influss, English: General Bearing Program with 3-dimensional Temperature Influence
(ALP3T). Waltermann [4] determines bearing characteristics considering two-dimensional
deformation of the running surface. The journal bearing calculation tool COMputation
of Bearings for ROtor Systems (COMBROS-R) represents the current state of the art and
offers a wide range of calculation and functions with regard to static and dynamic bearing
characteristics, bearing geometry and model depth [5–7]. Simulation results of both tools,
ALP3T and COMBROS-R, show good agreement with experimental data [7,8].

According to the current state of the art, the oil flow in the bearing is not modeled
except for the lubrication gap. Thus, in TPJB oil flow in oil supply grooves and the
intermediate space between the pads is not taken into account. A consideration of coupled
heat flows at the interfaces of the individual regions (bearing ring-lubricating film-shaft)
is therefore not possible. To describe the heat dissipation at the interfaces of the bearing,
heat transfer coefficients (HTC) are required at the free pad surfaces (leading edge, trailing
edge, axial edges, pads back) or the outer system boundaries.

1.1.2. Heat Transfer in Thrust Bearings

Various approaches to determine convective HTC theoretically or experimen-
tally can be found in literature. Most of these publications focus on thrust bearings.
Ettles et al. [9] develop a method to model heat transfer at the free pad surfaces consid-
ering rotational speed, oil viscosity and pad length. The calculation for this method is
derived from temperature measurement data of seven different thrust bearings. Based
on the empiric approach of Ettles et al. [9] Ettles [10] investigates a large tilting-pad
thrust bearing. Heinrichson et al. [11] also use the calculation method proposed by
Ettles et al. [9] to determine the HTC at the free pad surfaces and pads back of a thrust
bearing. Heinrichson et al. [12] contrast the calculation results with experimental data and
obtain a good agreement between simulation and measurement.

A detailed overview of the published HTCs of different authors with regard to thrust
bearings is given by Wodtke et al. [13]. A total of 15 different bearings of different diameters
(including the bearings investigated by Ettles et al. [9]) are considered. The outer diameters
of the bearings vary between 149 mm and 3100 mm. The HTC of all pad surfaces used
are between 100 W/(m2 K) and 3000 W/(m2 K). Some authors additionally describe the
convective coefficients as a function of the rotational speed in order to model an influence of
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the flow change in the pads intermediate spaces. Wodtke et al. [13] compare two different
approaches to describe the heat transfer in their study. On the one hand, a constant
heat transfer at all surfaces of 750 W/(m2 K) is assumed and, on the other hand, a HTC
determined with the help of computational fluid dynamics (CFD) analysis is considered.
The validation based on experimental data shows a considerable improvement of the
theoretical results with the variable, but lower HTC.

Papadopoulos et al. [14] define HTC between 20 W/(m2 K) and 1000 W/(m2 K) when
studying a thrust bearing. The ambient temperature is assumed to be equal to the feed
temperature of 40 ◦C. A comparison to experimental data is not given.

1.1.3. Heat Transfer in Journal Bearings

Taniguchi et al. [15] present an approach to calculate the bearing properties of a TPJB,
also taking into account the heat conduction through the pads. For the HTC they assume
115 W/(m2 K) up to 350 W/(m2 K) and set a calculated mixing temperature as the ambient
temperature. The calculation results show good agreement with the experimental data of
a ∅-479 mm bearing. Within the FVA project no. 577 Improved Journal Bearing Calculation
Hagemann [5] examines a ∅-500 mm five-pad TPJB for validation of COMBROS-R. A
HTC of 250 W/(m2 K) is assumed at all free pad surfaces with an ambient temperature of
50 °C. The calculation procedure and the results are also discussed in the publications of
Hagemann et al. [16] and Kukla et al. [17] and show good agreement between calculation
results and experimental data. Kukla et al. [18] apply an optimization procedure to the
same ∅-500 mm five-pad TPJB already used by Hagemann [5]. They determine the HTC
at the free pad surfaces by minimizing the deviations between measured and calculated
measuring point temperatures. Depending on the pad surface, the HTC are in a range of
490 W/(m2 K) up to 2664 W/(m2 K). The experimentally measured oil drain temperature
is used as the ambient temperature.

Sano et al. [19] investigate a ∅-890 mm two-pad TPJB. Based on CFD analyses, which
are not described in detail, a range of HTC of 100 W/(m2 K) up to 1000 W/(m2 K) is given
depending on the operating conditions of the bearing. The ambient temperature is set
approximately equal to the oil drain temperature.

Hagemann et al. [20] examine both theoretically and experimentally different methods
of oil feed of a ∅-120 mm test bearing. With the help of CFD investigations, HTC at the
leading and trailing edge are derived and classified on the basis of experimentally recorded
data. Depending on the feed, the values range between 250 W/(m2 K) and 1000 W/(m2 K)
for the leading edge and 1000 W/(m2 K) and 1900 W/(m2 K) for the trailing edge with an
assumed ambient temperature of 50 ◦C. Arihara et al. [21] observe a ∅-101.6 mm four-pad
TPJB at an ambient temperature of 40 ◦C. Due to turbulent flow and oil mixing in the pads
intermediate spaces, a notably higher HTC of 1750 W/(m2 K) is assumed at the leading
and trailing edge than of 500 W/(m2 K) for the axial edges. Similar values are given by
Hagemann et al. [22] for a high-speed four-pad TPJB with a diameter of 120 mm. The HTC
determined by CFD analyses are in a range of 1500 W/(m2 K) up to 1900 W/(m2 K) at the
trailing edge and at the leading edge between 300 W/(m2 K) and 400 W/(m2 K).

1.1.4. Design Changes for Improvement of Bearing Characteristics

The variety of different HTC indicates insufficient knowledge of the phenomena and
the associated heat transfer in the intermediate spaces between the pads. All publications
mentioned are concerned with a better prediction or description of the heat transfer without
aiming to influence the heat transfer by design modification on a theoretical level. However,
several researchers carry out design changes to improve the bearing characteristics of
various journal bearings.

Chen et al. [23] and Chen et al. [24] develop an isothermal circular-cylindrical
journal bearing, which is equipped with methanol-filled heat transfer chambers below
the running surface in the bearing ring. In the thermally loaded areas of the bearing, the
methanol evaporates, transports the heat away and heats the unloaded areas of the bearing.
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Compared to a conventional bearing, the isothermal bearing has notably lower operating
temperatures, as the test data prove. Experimental investigations by Nicholas [25] show
that so-called spraybar blockers in combination with bypass cooling have a positive effect
on the thermal behavior of the bearing. The spraybar blockers are a kind of scraper edge
that reduces the excess hot oil. By means of bypass cooling, fresh oil is fed directly to the
pads back, which is designed with cooling grooves. Martsinkovsky et al. [26] arrange oil
wipers between the pads in a three-pad TPJB to minimize the effect of hot oil carry-over. In
addition, several cooling channels in axial direction are manufactured at the trailing edge
below the surface. The authors report a temperature reduction compared to the bearing
design without the channels.

Mermertas et al. [27] and Mermertas et al. [28] publish an improved design of a
∅-900 mm TPJB that previously exhibited high bearing temperatures and a noticeable feed
temperature dependence during operation. Based on extensive thermomechanical analyses,
the support position, pad dimensions and oil feed are modified. With these modifications,
the bearing shows a more robust and reproducible characteristic. Hermes [29] presents
a strong chamfering of the pads trailing edge to improve the operating characteristics.
Compared to the initial situation, the bearing can be operated at considerably reduced
temperatures with the same load capacity.

Kukla [30] improves the steady-state operating characteristics of a ∅-500 mm five-
pad TPJB by means of an axially concave profiling of the running surface. The profiling
ensures that the running surface deformations occurring under high thermal loads can
be almost completely compensated. Compared to the characteristic values of the critical
operating point of the non-profiled initial form, the profiled bearing can be operated at the
same operating point with a notably reduced temperature and increased oil film thickness.
Kukla et al. [31] and Buchhorn et al. [32] present two theoretical approaches to influence
and improve the steady-state operating characteristics of a ∅-500 mm TPJB without ex-
perimental validation. Both approaches focus on a single pad in their simulation model,
which considers additional volume flows through the pad into or out of the lubrication
gap. Kukla et al. [31] use the oil film pressure at the trailing edge to transfer the heated oil
to the pads back. Due to the heating and the more homogeneous temperature distribution,
the thermomechanical deformations can be reduced. Buchhorn et al. [32] inject a small
volume flow of cold oil into the lubrication gap. The additional cold oil volume flow effects
a kind of flushing away of the warm oil from the running surface and therefore reduces the
maximum oil film temperatures and the pad deformation.

Most design changes aim at improving the bearing characteristics by geometrical
variations of the bearing parameter. Only Nicholas [25] investigates enhanced heat transfer
for free pad surfaces. A design modification to improve heat transfer at the trailing edge of
a pad is currently not known.

1.2. Scope and Aims

In this paper, we present an approach to influence the thermal behavior of a five-pad
TPJB by active cooling. The cooling is realized by adding oil supply grooves at the trailing
edge of the two highly loaded pads. The aim of this research is to investigate the influence
of these additional oil supply grooves on the maximum pad temperature of a large TPJB
in non-flooded design. We carry out experimental and numerical investigations for the
redesigned test bearing from Kukla’s studies [30]. Within the experimental analysis, the
reduction of pad temperature is quantified. A simulation model of the bearing is synthe-
sized with respect to the additional oil supply grooves. We compare the simulation results
with the experimental data to derive HTC for the pad surfaces. With these coefficients, the
simulation model allows us to make better predictions for the operating characteristics of
large TPJB.
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2. Experimental Set-Up

2.1. Test Rig

The experiments for this paper are carried out on a test rig for large journal bearings.
The test rig was designed in the 1980s to examine original sized turbine bearings under
practical operating conditions. The nominal bearing diameter is 500 mm with a maximum
length of 500 mm. By means of a 1.2 MW DC drive (Brown, Boveri & Cie. (BBC)), the
shaft can be run up to a rotational speed of 4000 rpm depending on friction loss. Thus,
circumferential velocities up to 104.7 m/s can be achieved. The lubricant used is turbine
oil ISO VG 32 (Esso Teresso 32, Hamburg, Germany). Figure 1 shows the top view of the
test rig and a technical drawing.

Figure 1. Top view and technical drawing of the test rig; Test rig parts: test bearing (1), shaft (2), support bearings (3), lower
part of the test rig frame (4), upper part of the test rig frame (5), pneumatic bellow (6), traverse (7), drawbars (8), rigid frame
(9), vibration generators (10).

In the test rig, the shaft (2) is supported by two symmetrically aligned support bearings,
which are designed as tilting-pad bearings with three pads (3). The test bearing (1) is
attached to a rigid frame (9) centrally between the support bearings. The rigid frame is
connected to a pneumatic bellow (6) via two drawbars (8) and a traverse (7). The pneumatic
bellow is mounted on the upper part of the test rig frame (5). This upper part and the two
support bearings are supported by the lower part of the test rig frame (4). By pressurizing
the bellow, the bearing is pulled against the shaft from below. A maximum bearing force of
1 MN can be applied.

The shaft, designed as a hollow shaft, is equipped with to capacitive distance sensors
and two piezoelectric pressure sensors. The sensors are arranged in the mid plane of the
shaft with a circumferential distance of 90° to each other. Sensors of the same type are
180° apart. The sensor plane can be moved across the whole test bearing width by axially
shifting the rotating shaft during measurement. Thus, both the fluid film thickness and
pressure distribution can be measured in a high-resolution two-dimensional (2D) data field.
In circumferential direction 240 data values are captured. Depending on the rotational
speed, up to 4000 data values can be recorded in axial direction. Due to the use of capacitive
distance sensors, the film thickness can only be measured reliably in areas where the gap is
completely filled with oil. However, areas of cavitation and deficient lubrication can be
detected by this characteristic.

In addition to stationary force, the test bearing can be loaded by sinusoidal dynamic
forces. Two vibration generators (10) are attached to the rigid frame at 90° to each other and
each at 45° to the stationary force in vertical direction. To determine the dynamic coefficients
of the test bearing, relative movement between shaft and test bearing is measured by four
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eddy current distance sensors. Kukla et al. [17] give a detailed description of the vibration
generators, the measurement system and post-processing.

2.2. Test Bearing

The test bearing is a five-pad TPJB in a load between pad configuration. The nominal
bearing diameter is 500 mm. Both, the pads back and bearing ring are manufactured with
a radius in axial direction leading to an elliptical pivot geometry. This pivot geometry
enables a double-tilt support of the pads, hence a tilting in both axial and circumferential
direction to better compensate for misalignment between shaft and bearing. The two lower,
highly loaded pads each feature hydrostatic jacking grooves on the running surface above
the pivot area. In both pads, the running surface is manufactured with an axial concave
profile following Kukla [30] to compensate for thermal crowning at high specific loads.
Table 1 shows the bearing key parameter.

Table 1. Bearing key parameters.

Parameter Symbol Unit Value

Nominal diameter D mm 500
Bearing length B mm 350

Number of tilting-pads - - 5
Angular pad length Ω ◦ 56

Pivot offset - - 0.6
Relative bearing clearance Ψ � 1.2

Radial clearance CR μm 0.3
Pad preload mp - 0.538

Pad back radius rp mm 287
Pad back radius (axial) rp,ax mm 60,000

Bearing ring radius rr mm 322.5
Bearing ring radius (axial) rr,ax mm 1 × 1020

Pad thickness tpad mm 72.5
White-metal layer thickness tWM mm 2.265

Oil is supplied via a ’leading edge groove’ (LEG) mounted directly on the pads leading
edge (Figure 2). This directed lubrication allows a non-flooded lubrication concept for the
bearing to reduce friction loss. Therefore, no axial seals are inserted and the intermediate
space between the pads is enlarged in radial direction. Additionally, the bearing is designed
with oil drain channels and large spacing between pads and axial bearing covers to avoid
oil accumulation in the bearing except for the lubrication gap. The two lower pads are each
equipped with additional ‘trailing edge grooves’ (TEG) for active cooling of the trailing
edge. A safety mechanism mounted in the pivot area to keep the pads in place hinders the
oil feed through the pivot. Hence, oil is fed in via the pads axial edges (Figures 2 and 3).
Both supply grooves, LEG and TEG are supplied separately via several internal galleries
between bearing ring and housing (Figure 3).
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Figure 2. 3D-Model of the test bearing and a single pad.

Figure 3. Principle drawing of the test bearing and a pad with supply grooves.

3. Experimental Results and Discussion

The experimental results in hydrodynamic operation are presented below. Tests were
carried out under purely stationary operating conditions. The main oil supply for the
bearing was 7.1 L/s at a feed temperature of 50 °C at all operating points. The results are
compared in each case without and with feeding of the additional groove at the end of the
two loaded pads. The following total cooling volume flows are examined:

• 0.5 L/s (0.25 L/s per TEG)
• 1.0 L/s (0.50 L/s per TEG)
• 1.5 L/s (0.75 L/s per TEG)
• 2.0 L/s (1.00 L/s per TEG)

The temperature of the cooling oil supplied is also 50 ◦C. It is assumed that the volume
flow is divided equally between both grooves at the pad ends.

The comparison to a bearing without cooling is aimed to investigate the direct effect
of an additional groove at the end of thermally highly loaded pads. This is given if the
additional grooves are not supplied.

The axial concave profiling has been determined by Kukla [30] for a specific bearing
load of 2.75 MPa. However, the experimental investigations show that a residual profiling
remains under the thermal conditions that arise at this bearing load. This axially concave
residual profiling decreases with increasing load. Therefore, for the following consideration
of the experimental data of the test bearing, an operating point at a speed of 3000 rpm and
a specific bearing load of 3.00 MPa is selected.
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The graphs of the oil film thickness measured in the center of the bearing at a specific
bearing load of 3.00 MPa and a speed of 3000 rpm are shown in Figure 4 without and with
additional cooling.

A comparison of the three curves shows that the experimentally recorded oil film thick-
nesses differ only slightly. The gaps of the two loaded pads 3 and 4 are completely filled,
while those of the unloaded pads 1, 2 and 5 do not show complete filling—recognisable
from the non-steady course of the measured values. An influence of the additional cooling
on the radial pad deformation in the area of the pad ends (pad 3: approx. 172°; pad 4:
approx. 238°) cannot be determined from the measurement data. No influence on the axial
deformations could be detected during the tests either.

Figure 4. Experimentally determined oil film thickness (μm) over the circumference in the bear-
ing center (pads 1–5) with and without feeding of the TEG. Operating point: n = 3000 rpm and
p = 3.00 MPa.

The effect of the additional trailing edge cooling becomes obvious (Figure 5), if the
curves of the temperatures in the center of the bearing for the loaded pads 3 and 4 are
considered: While only the temperature level at the end of the pad is influenced for pad 3,
the entire temperature level is reduced for pad 4.

Figure 5. Measuring point temperatures (◦C) of pads 3 and 4 in the axial center of the bearing
(z = 0 mm) with and without feeding of the TEG. Operating point: n = 3000 rpm and p = 3.00 MPa.

The influence on the thermal behavior of pad 4 is due to a cooling oil carry-over. The
effect is caused by the additional feeding at the trailing edge of pad 3. In addition to the
hot oil leaving the end of pad 3, a portion of the supplied cooling oil is carried over to the
beginning of pad 4. This provides a larger amount of fresh oil to the pad. The increased
volume flow and the reduced gap inlet temperature result in a lower overall temperature
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level. Nevertheless, the qualitative temperature curves of pad 3 and 4 are similar for the
two cases considered with additional cooling. The effect of trailing edge cooling can only
be seen in isolation for pad 3 due to the mixing of the effects described for pad 4. The
improved heat dissipation at the end of the pad can reduce the maximum temperature and
the temperatures at the trailing edge.

In general, the additional supply to the low-pressure TEG provides the bearing with
a larger quantity of lubricant, even if this is concentrated on the respective rear edges of
the loaded pads (see Figure 6). A larger volume flow inevitably leads to an improvement
in certain properties, with first and foremost the maximum temperature that is achieved.
In order to be able to estimate the influence of a higher total volume flow rate on the thermal
properties, the experimentally determined maximum bearing temperatures (left) and the
corresponding power loss (right) are plotted versus the total oil flow rate in Figure 7.
For this purpose, the same total volume flow is supplied to the bearing via the leading
edge grooves as in the tests at a nominal oil flow (7.1 L/s) with additional cooling via the
TEG at pads 3 and 4.

Figure 6. Experimentally determined maximum and final temperatures (◦C) of pad 3 as well as the
power loss depending on the supplied volume flow of the two cooling grooves. Operating point:
n = 3000 rpm and p = 3.00 MPa.

Figure 7. Experimentally determined maximum measuring point temperature and friction power as
a function of the total volume flow supplied. Operating point: n = 3000 rpm and p = 3 MPa.

As expected, a higher oil flow rate has a positive effect on the maximum temperature
of the bearing. The measured maximum pad temperatures are on average 5 K above
those with additional cooling of the trailing edges of the pads. It can be shown that the
improvement of the thermal condition is due to the selective feeding at the trailing edges
of the highly loaded pads and not to the increased oil flow rate. When the nominal flow
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rate is increased, all pads benefit from the increased flow rate. The thermal properties
of individual pads improve specifically, mainly those of the two lower thermally highly
loaded pads, if the additional cooling grooves are fed. The measured power losses of the
two variants show qualitatively corresponding curves, whereby that of the bearing with
trailing edge cooling is slightly higher. However, this is plausible due to the additional
shear stresses occurring in the two TEG at the pads 3 and 4.

4. Numerical Procedure

With the model, we introduce an approach to simulate the influence of the additional
TEG on the thermal pad characteristics. In the further course, the model is used for the
theoretical investigations and the simulation results are compared with the test data. The
modeling can be subdivided as follows:

• CFD calculation of a single pad with additional supply groove at the end of the pad
(OPENFOAM)

• Thermohydrodynamic journal bearing calculation considering thermomechanical pad
deformations (COMBROS-CALCULIX)

CFD analyses are used to determine the dissipated heat flows at the end of a pad.
The open source software package OPENFOAM is used. The coupling of structure (pad)
and flow space is done with the CHT (conjugated heat transfer) method, in which equal
temperatures and heat flows are assumed at phase boundaries. Thermomechanical pad
deformations are not calculated within the CFD, but are taken into account by specifying
the flow space based on the measured data.

For the determination of the steady-state operating characteristics, a coupling of the
journal bearing calculation tool COMBROS with the open source finite element (FE) tool
CALCULIX based on the work of Kukla [30] is modified and used.

4.1. CFD Calculation with OpenFOAM

The chtMultiRegionSimpleFoam solver of the simulation software package OPEN-
FOAM-4.x (Open Source Field Operation and Manipulation) is used as CFD solver running
within the Windows porting blueCFD-Core 2016-2. The solver calculates a stationary, turbu-
lent, incompressible flow with the finite volume method. Flow, pressure and temperature
fields, the heat exchange between fluid and solid and the temperature distribution in
the solid are determined. Only single-phase flow is considered. Cavitation areas are not
considered. Turbulence influences are modeled with the k-ω-SST model.

A consideration of the dissipative term is indispensable for the correct determination
of the heat entry into the pad or the heat generation in the gap flow. Therefore the energy
equation of the solver (Equation (1)) is extended by the dissipative term taking into account
the shear forces according to Equation (2) to determine the temperature.
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Included in the equation are the specific heat capacity c, density ρ, velocity compo-
nents uvw, thermal conductivity λ, viscosity η and temperature gradients ∂T/∂xi. For
the temperature-dependent dynamic viscosity, the relation given by FALZ [33,34] is im-
plemented as a function of a reference temperature T0, a reference viscosity η0 and the
FALZ exponent I, which is a specific property of the respective ISO-VG (International
Organization for Standardization Viscosity Grade) class (Equation (3)).

η(T) = η0 ·
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(3)
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Figure 8 shows two exemplary models that are built with a reduced number of nodes
for the sake of clarity. The left part of the figure shows a model without an additional
groove. The right part of the figure shows an example of a pad model with an additional
groove at the end of the pad, the flow space is not shown. The models are designed
assuming symmetry to the center of the bearing.

Figure 8. Illustration of the CFD model with reduced number of nodes. Left: Tilting-pad (grey) and
fluid mesh (yellow) without additional supply groove. Right: Tilting-pad (grey) with TEG (fluid
mesh not shown).

Due to computing times and data capacities, the simulation only considers a single
pad without the surrounding spaces. Furthermore, the axial symmetry of the bearing is
utilized when creating the model. However, this means that boundary conditions such as
the shaft temperature must be specified. The boundary conditions are chosen based on the
results of the experimental investigations. In summary, the following boundary conditions
are used for the CFD:

• A single pad is considered, without the surrounding space.
• Symmetry to the middle plane of the pad in axial direction.
• Preset of the shaft temperature based on the experimentally collected data.
• Specification of the heat transfer coefficients (literature-based) at pad surfaces that do

not belong to the running surface or supply groove.
• Specification of the ambient temperature at pad surfaces that do not count as part of

the running surface or supply groove, based on the experimentally recorded data.
• Presetting of the circumferential speed of the shaft based on the shaft speed.
• No-slip condition on the bearing surface.
• No-slip condition on the shaft surface.
• Presetting of the pressure boundary conditions.
• Presetting of the volume flow of the TEG.
• Specification of the supply temperature.

4.2. Thermohydrodynamic Journal Bearing Calculation with COMBROS

For the determination of the steady-state bearing operating characteristics, the state-
of-the-art journal bearing calculation program COMBROS version 1.3.0 (Developed at
Institute of Tribology and Energy Conversion Machinery, Clausthal University of Technol-
ogy, Germany) is used. The calculation is based on the simultaneous, iterative solution of
the REYNOLDS and energy equations for the pressure and temperature distribution within
the bearing. A comprehensive description of the calculation and function scope can be
found in [5,7]. The main features of the program can be characterized as follows:

• Solution of the extended and generalized REYNOLDS differential equation.
• Simultaneous solution of the 3D energy equation for lubricating film, shaft and pad

or bearing.
• Consideration of the occurrence of Taylor vortices and turbulence.
• Consideration of cavitation regions (Elrod algorithm, two-phase model).
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• Realistic oil feed model.
• Approximate consideration of thermomechanical tread deformations.
• Interface for coupling of structural mechanics software.
• Consideration of 2D profiling of the running surface.
• Consideration of multi-lobe and tilting-pad bearings.
• Possibility to specify different heat transfer coefficients for different pad surfaces.

Different oil supply systems can be modeled, including direct lubrication via a LEG.
The bearing is modeled without additional supply grooves at the end of the pads, as these
cannot currently be represented in COMBROS. The TEG are modeled via the heat transfer
on the corresponding surfaces of the pads.

The experimental results indicate that the three unloaded pads 1, 2 and 5 show a
lack of lubrication at the relevant operating points. No hydrodynamic pressure build-
up is generated. According to Hagemann [7], a lack of lubrication leads to instabilities
in the numerical calculation of the equilibrium and thus to a negative influence on the
convergence behavior. Due to this fact, the tilting mobility of the three pads is blocked in the
calculation of the operating properties. There is also no calculation of the thermomechanical
deformations of these pads.

4.3. Thermomechanical Deformation Calculation with CALCULIX

For the consideration of thermomechanical pad deformations, the structural mechanics
tool CALCULIXversion 2.17 (Dhondt and Wittig, Germany) is used. The tool is coupled with
the journal bearing calculation tool COMBROS. Functionality and scope can be found in the
program documentation of Dhondt [35]. The basic coupling of the two programs is based
on the procedure described by Kukla [30] with the aid of the development environment
MATLAB version 2016a (The MathWorks, Inc., Natick, MA, USA).

Based on COMBROS input data, a geometric model of a tilting-pad is built up. The
consideration of hydrostatic jacking grooves and a running surface profiling is done by a
corresponding offset field, which is imposed on the nodes of the running surface. Required
fields such as temperature or deformation data are transferred to the corresponding dis-
cretization within MATLAB. The following boundary conditions are used for the FE model:

• Blocking of the displacements of the nodes in the contact zone of pad and bearing ring.
• Specification of heat transfer coefficients and side flow temperatures at the pad

surfaces.
• Pressure and temperature distribution on the running surface are taken from COM-

BROS.

4.4. Modeling the Influence of Active Cooling via TEG

The heat flow supplied to or dissipated from Q̇ a surface A is defined according
to Equation (4). In addition to the heat transfer coefficient α, this depends notably on
the difference between the wall temperature TW and the temperature of the surrounding
fluid TF.

Q̇ = α × A × (TW − TF) (4)

The heat transfer at pad surfaces is described by the heat transfer coefficients at the
respective surfaces and the ambient temperature. As the ambient temperature the mean
side flow temperature is assumed for all surfaces except the running surface [36].

In order to model the influence of the active trailing edge cooling within the bearing
calculation, the heat transfer coefficient is iteratively adjusted in the FE-coupled calculation
until the dissipated heat flows match those of the CFD simulations. Figure 9 shows the
flow chart for the adjustment of the heat transfer coefficient. Starting from an initial
value of the heat transfer coefficient at the trailing edge, a journal bearing calculation is
performed. After running through the calculation loop, the temperature field at the trailing
edge of pad 3 as well as the average side flow temperature are read out. The temperature
field is additionally averaged. Subsequently, the heat flow dissipated over the surface is
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determined according to Equation (4). If the dissipated heat flow corresponds to that of the
CFD simulation within a tolerance range, the iteration loop is exited. Otherwise, the heat
transfer coefficient is modified and another calculation run is performed.

Figure 9. Flow chart for modifying the heat transfer coefficient at the trailing edge of pad 3.

5. Simulation Results and Discussion

Figure 10 shows the results of the iterative modification of the heat transfer for the
specific bearing loads of 2.50 MPa up to 4.00 MPa. The dissipated heat fluxes at the trailing
edge of pad 3 resulting from the bearing calculation with COMBROS are plotted against
the heat transfer coefficient used. In the diagrams, the heat flows of the CFD simulation
are displayed for the various supplied volume flows as reference degrees. In addition,
the amount of heat dissipated for a weak heat transfer at a heat transfer coefficient of
250 W/(m2 K) is drawn in each case.

For the considered load cases, all heat flows of the CFD calculations can be mapped
with corresponding heat transfer coefficients within the FE-coupled thermohydrodynamic
bearing calculation. The heat transfer coefficients are in a range of 450 W/(m2 K) up to
1800 W/(m2 K).

The evaluation of the modeling is done by comparing the simulation results with the
experimentally recorded data. The iteratively determined heat transfer coefficients for the
different volume flows are used to map the TEG at the pad ends. As an exemplary case,
the curves of the oil film thicknesses and measuring point temperatures are considered for
a supplied volume flow of 2.0 L/s. The calculated and measured film thicknesses in the
center of the bearing are shown in Figure 11. In the rear area of the loaded pads 3 and 4
behind the hydrostatic jacking grooves, there is a good agreement between the calculated
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and measured film thicknesses. At the beginning of the gap of the two pads, the curves of
the measurement and the calculation differ. Since the tilting mobility of the unloaded pads
1, 2 and 5 is blocked and the pads are not taken into account in the deformation calculation,
it is not possible to assess the simulated film thickness on the basis of the measured values.

Figure 10. Calculated heat flow (W) at the trailing edge of pad 3 as a function of the heat transfer
coefficient (W/(m2 K) at different specific bearing loads for the volume flows 0.5 L/s, 1.0 L/s, 1.5 L/s,
and 2.0 L/s. Speed: n = 3000 rpm.

Figure 11. Measured and calculated film thickness (μm) over the circumference in the center of
the bearing (pads 1–5) with an additional cooling oil volume flow of 2.0 L/s. Operating point:
n = 3000 rpm and p = 3.00 MPa.

Figure 12 shows the calculated measuring point temperatures in comparison with the
experimental values. Qualitatively, the curves agree well. The calculated temperatures
of pad 3 match the experimentally measured values. The calculated temperature at the
trailing edge of pad 3 is almost identical to the actual measured temperature. This can
also be observed for the maximum measuring point temperature. On the other hand, the
temperature curves determined for pad 4 differ more clearly from the measured values.
This discrepancy is due to the already described cooling oil carry-over from the TEG of
pad 3 to pad 4. This reduces the gap entry temperatures at the beginning of the pad. This
effect cannot currently be modeled in COMBROS, which is the reason for the differences
in the curves.
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Figure 13 shows the calculated and measured temperature curves of the two loaded
pads for different cooling oil volume flows at the trailing edge using the determined heat
transfer coefficients in COMBROS.

Figure 12. Measured and calculated measuring point temperatures (◦C) over the circumference in
the center of the bearing (pads 1–5) with an additional cooling oil volume flow of 2.0 L/s. Operating
point: n = 3000 rpm and p = 3.00 MPa.

Figure 13. Measured and calculated measuring point temperatures (◦C) of pad 3 and 4 over the
circumference in the center of the bearing for the different cooling oil volume flow rates. Operating
point: n = 3000 rpm and p = 3.00 MPa.

The pad temperatures at the trailing edge deviate noticeably from the measured values
at 0.5 L/s and 1.0 L/s. With increasing volume flow, the results agree very well with the
measured temperatures. However, the end temperatures are consistently predicted slightly
too high. Although the cooling oil carry-over cannot be modeled, the comparison between
calculation and measurement results shows that the temperature course at the trailing
edge can be qualitatively reproduced. The temperature curve in this area indicates that a
similarly large amount of heat is dissipated via the trailing edge of pad 4.

6. Conclusions

The test results show that at high thermal loads, the maximum measuring point
temperature of the two loaded pads can be considerably reduced with the help of the addi-
tional TEG. A small amount of oil is sufficient (see Figure 5) to influence the temperature
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of the first loaded pad 3. As the fresh oil flow of the cooling increases, the effect on pad 4
increases. This is mainly due to the extra cooling oil being carried over from the groove at
the trailing edge of pad 3 to pad 4. The entire temperature level of pad 4 is thereby lowered.
Nevertheless, the improved heat transfer at the trailing edge of pad 4 can be seen by the
temperature drop towards the end of the pad.

The measured data indicate a kind of saturation of the heat dissipation with increasing
cooling oil volume flow (cf. Figure 6). The benefit of trailing edge cooling must therefore
always be considered in relation to the power loss of the bearing. In general, it is possible to
influence or specifically improve the thermal behavior of a pad. For example, the maximum
temperature can be reduced by up to 3 K at the same load. However, the reduction of the
pad temperature at the trailing edge is more notable. This temperature can be reduced by
up to 8 K by feeding the TEG. An influence of the additional grooves on the deformation of
the pads was not observed.

The use of the procedure to consider the cooling influence provides heat transfer
coefficients with which the heat flows determined with the CFD can be adequately trans-
ferred to the COMBROS model. The procedure can be used to map the influence of the
TEG on the thermal behavior of a pad. However, the procedure is only valid for pad
3. The measurement data show an influence of the additional grooves on the respective
downstream pads, which increases with increasing volume flow. As things stand, it is not
possible to model the described cooling oil carry-over, so that the temperature curves of
pad 4 do not match the experimental data.

In summary, due to the agreement of the simulation and measurement results, the
bearing modeling and the representation of the influence of the TEG can be considered
valid within the model limits.
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Abbreviations
A Area
B Bearing length
c Specific heat capacity
CR Radial clearance
D Nominal diameter
h Film thickness
I FLAZ-exponent
mp Pad preload
n Rotor speed
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p Specific bearing load
PR Power loss
Q̇ Heat flow
r Radius
t Thickness
T Temperature
u, v, w Flow velocities
V Volume flow
x, y, z Cartesian coordinates
α Heat transfer coefficient
η Dynamic viscosity
λ Thermal conductivity
ρ Density
ϕ Angular coordinate
Φ Dissipation
Ψ Relative bearing clearance
ω Rotation speed
Ω Angular pad length
CFD Computational fluid dynamics
FE Finite elements
HTC Heat transfer coefficient
LEG Leading edge groove
TEG Trailing edge groove
TPJB Tilting-pad journal bearing
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Abstract: In high speed, high load fluid-film bearings, the laminar-turbulent flow transition can
lead to a considerable reduction of the maximum bearing temperatures, due to a homogenization
of the fluid-film temperature in radial direction. Since this phenomenon only occurs significantly
in large bearings or at very high sliding speeds, means to achieve the effect at lower speeds have
been investigated in the past. This paper shows an experimental investigation of this effect and how
it can be used for smaller bearings by optimized eddy grooves, machined into the bearing surface.
The investigations were carried out on a Miba journal bearing test rig with Ø120 mm shaft diameter
at speeds between 50 m/s–110 m/s and at specific bearing loads up to 4.0 MPa. To investigate the
potential of this technology, additional temperature probes were installed at the crucial position
directly in the sliding surface of an up-to-date tilting pad journal bearing. The results show that
the achieved surface temperature reduction with the optimized eddy grooves is significant and
represents a considerable enhancement of bearing load capacity. This increase in performance opens
new options for the design of bearings and related turbomachinery applications.

Keywords: sliding bearings; tilting pad journal bearings; flow transition; laminar flow; turbulent
flow; non-laminar regime; temperature reduction; load capacity increase

1. Introduction

In high-performance turbomachinery, the maximum bearing temperatures can be a
crucial parameter. If these temperatures approach the critical values for the bearing metal
and the lubricating oil, the operational safety and long-term reliability of the whole system
may be at risk. The continuous demand for increased bearing loads, often in combination
with rising rotor speeds, leads to an increase of the maximum bearing temperatures which
can be the limiting factor for this development trend. This situation creates the motivation
to improve fluid-film bearings by reducing their maximum temperatures and thereby push
the limits for turbomachinery development.

In contrast to other means for achieving lower bearing temperatures, the phenomenon
of the laminar-turbulent flow transition in high load regions of the fluid-film directly
reduces the maximum oil film temperatures and thereby also the maximum bearing metal
temperatures considerably, as for example measured in [1,2].

Typically, the laminar-turbulent flow transition occurs if a critical speed is exceeded,
under otherwise constant operating conditions. The most important effect of this transi-
tion is the occurrence of radial flow velocities, approximated by an eddy, which means
an increase of the apparent heat conductivity of the lubricating oil. Figure 1 shows an
exemplary temperature distribution radially across the oil film at the position of the highest
bearing temperature for two speed cases, one with laminar flow and the other one, after
the flow transition, with Taylor vortex and turbulent flow, predicted for a sliding speed
difference of only 1 m/s. The eddy conductivity at Taylor vortex and turbulent flow leads
to a relatively even temperature distribution, in contrast to the high temperature gradients

Lubricants 2021, 9, 18. https://doi.org/10.3390/lubricants9020018 https://www.mdpi.com/journal/lubricants35



Lubricants 2021, 9, 18

at laminar flow. As depicted, non-laminar flow can cause a reduction of maximum oil film
and bearing metal temperatures.

In practice, a significant drop in the maximum bearing temperature can be observed
when the fluid-film flow at the bearing hot-spot becomes non-laminar [1,2]. In this context,
the term ‘hot-spot’ refers to the position of the highest bearing metal temperature. To take
this temperature reducing effect into account in the design phase, the bearing calculation
tool must predict and consider the local flow regime reliably for the given operational
parameters of a bearing. State-of-the-art thermo-elasto hydrodynamic lubrication (TEHL)
tools, like the ones described in [3,4], have implemented turbulence models for the local
flow regime prediction, for example based on [5–8].

 

Figure 1. Exemplarily predicted laminar and turbulent flow profiles across the oil film at the position of the highest
bearing temperature.

Due to its correlation with the fluid-film thickness, the local state of the lubricant flow
is, for a given siding speed, fundamentally depending on the bearing diameter and, due
to its effect on the local film thickness and local viscosity, on the bearing load. Figure 2
depicts these relations. As expected, a decrease of the bearing size and a rise of the bearing
load, lead to an increase of the flow transition speed.

According to these predictions and based on the experience that a significant tem-
perature drop is practically observed only in high-speed turbomachinery with large rotor
diameters >≈450 mm, it can be concluded that the natural flow transition speeds of smaller
bearings operating at high loads are above most operating conditions.
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Figure 2. Predicted qualitative influence of the bearing load and the bearing size on the laminar-turbulent transition speed.

To use the temperature reducing effect of non-laminar flow nevertheless, an approach
to reduce the flow transition speed is necessary. In [9] this idea was realized by milling
a high number of specific grooves into the surface of a Ø500 mm bearing to disturb the
laminar flow and thereby cause the desired increase of radial flow components at reduced
sliding speeds, respectively reduced local Reynolds-numbers.

The experiment was successful. The maximum temperature measurements of the
4-tilting pad test bearing were considerably reduced, though not evenly for both loaded
pads and by trend less effective at increased loads. However, based on this investigation,
the flow regime in the fluid-film of a bearing can be influenced and the desired reduction
of flow transition speed can be achieved.

However, for a broader use of this concept, several questions were left unanswered.
The most important aspect is the scope of application, regarding the bearing size, sliding
speed and specific bearing load. Other open points are the definition of an optimum groove
geometry in terms of performance and manufacturing complexity and the specification of
an effective arrangement of single grooves to a complete pattern.

To provide a contribution to these open questions, an experimental test project was
decided and carried out on a Miba Industrial Bearings test rig.

2. Test Equipment

2.1. Test Rig

For the experimental investigations, the Ø120 mm high-performance journal bearing
test rig depicted in Figure 3, was used. The electric motor drives the shaft (1) via a spur
gear and a curved-tooth coupling (2). The shaft is supported by two fixed-profile support
bearings (3, 4) located in the test rig housing (5). The test bearing (6) is held by the bearing
carrier (7) and is located centrally between the support bearings. The bearing carrier is
connected to the test rig housing by chains (8). The chains serve to align and axially fix
the test bearing. The load is applied by a metal bellow (9) which is pressurized with
compressed air. The resulting load is transferred to the bearing carrier via the traverse (10)
and the connections rods (11) and is measured by a load cell (12). The vibration exciters
(13) for generating dynamic loads were not required for the project described.
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(a) (b) 

Figure 3. (a) Journal bearing test rig front view photo; (b) test rig core sectional drawing.

The main data of the rig is shown in Table 1.

Table 1. Test rig main data.

Drive power [kW] 315

Shaft Ø [mm] 120

Maximum speed [rpm] >20,000

Maximum stationary load [N] 63,000

Maximum lube oil flow rate [L/min] 130

Maximum dynamic load [N] 9000

Stationary measuring systems Temperatures, rate of oil flow, bearing load

Dynamic measuring systems Bearing load, shaft displacement

The maximum speed of 20,000 rpm corresponds to a sliding speed of 125 m/s and the
maximum load of 63 kN results in a maximum specific bearing load of 7 MPa for an axial
bearing length of 75 mm.

2.2. Test Bearing

As much of today’s high-performance turbomachinery is equipped with tilting pad
bearings, an up-to-date 5-tilting pad bearing was selected for the experimental investiga-
tions. Table 2 includes the bearing properties.
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Table 2. Test bearing main data.

Number of tilting pads [-] 5

Nominal bore Ø [mm] 120

Axial pad length [mm] 75

Effective angular pad length [◦] 52

Total Pad thickness [mm] 17.5

White metal thickness [mm] 2.0

Pivot position [-] 50% (center)

Diametrical bearing clearance, nominal [mm] 0.270

Preload, nominal [-] 0.31

Type of lubrication [-] Directed, open end-plates

Number of temperature probes in loaded pads [-] 14 (each)

Materials [-] Steel/Tegostar

The bearing was installed with load between pads (LBP) orientation. For an accurate
measurement of the maximum pad temperatures, the loaded pads were equipped with a
dense arrangement of thermocouples near the trailing edge and close to the axial midplane
as shown in Figure 4, and thus in the area where the highest temperatures and temperature
gradients occur.

 

Figure 4. Bearing orientation and thermocouple locations.

At each defined circumferential position, two thermocouples were placed, one sol-
dered into the bearing metal, with approximately 0.3 mm radial distance to the sliding
surface and a second 1 mm below the white metal, corresponding to approximately 4 mm
below the sliding surface for this bearing size, the same distance as the typical 75% sensor
position of customer bearings. Thus, one temperature sensor in each pad of the test bearing
is placed very similar to the standard sensor of customer bearings.

The sensors located 1 mm below the white metal were used for a comparison with
reference data from older investigations, which were carried out without surface tem-
perature sensors and as a backup solution if problems with the more sensitive surface
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temperature measurement would have occurred. In addition, information is obtained on
how the temperature situation at the bearing surface affects the 75% standard position or
other measuring points at the same depth, since in the field, measurements directly at the
bearing surface are not practicable, mainly for safety reasons.

For the bearing alignment control, additional temperature probes were installed near
the axial edges of the loaded pads.

Figure 5 shows the assembled test bearing.

 

Figure 5. Assembled test bearing with plain pad surfaces.

2.3. Eddy Grooves

After the completion of the test program with plain pads, the loaded pads were re-
machined and equipped with eddy grooves. According to the details described in [10],
eddy grooves are physical grooves in a specific area of a pad with a particular shape,
arranged in a particular pattern, as shown in Figure 6a for the test bearing. The bearing
assembly with eddy grooves is shown in Figure 6b.

The grooves are designed to disturb the laminar oil flow regime, which is typically
present in this area of a bearing, causing high bearing temperatures, especially at higher
loads. In circumferential direction, the adjacent grooves maintain the flow disturbance
to keep-up the non-laminar status. In axial direction, the grooves are interrupted twice
and end with a distance to the edges to prevent a drop of hydrodynamic pressure or load
carrying capacity, respectively.

It should be mentioned that, from the authors’ point of view, the described eddy
grooves and their influence on the physics of hydrodynamic lubrication are not part of the
topic of surface texturing as introduced in [11] and further investigated, for example, in [12].
The distinction is made by the shape, the position and the significantly larger geometric
dimensions of the grooves, e.g., the depth is considerably higher than the minimum oil
film thickness at higher loads. Accordingly, the mode of action is not aimed at increasing
the hydrodynamic pressure or the reduction of friction losses but rather to influence the
flow regime at typical turbomachinery steady-state points of operation at full fluid friction.
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(a) (b) 

Figure 6. (a) Pad with eddy groove arrangement and (b) assembled test bearing.

2.4. Test Program

The tests program was defined according to Table 3.
The rate of oil flow was individually set for each sliding speed. To investigate the

influence of the lube oil flow rate, medium, low, and high rates were defined, based on
the oil temperature difference between outlet and inlet. For the medium flow rate, an oil
temperature increase of 20 K–22 K was defined. For the high flow rate, 15 K–17 K, and for
the low flow rate, 25 K–28 K, oil temperature increases were defined.

The actual number of test points was approximately 200 for the test bearing with plain
pads as well as for the eddy groove bearing, as not all parameter combinations could be
tested, mainly due to the limitations of the oil supply system.

Table 3. Test program.

Sliding speed range [m/s] 50–110; step size: 10

Specific load range [MPa] 0–4.0; step size: 0.5

Oil type [-] VG 32, mineral oil

Oil inlet temperatures [◦C] 45; 55

3. Results and Discussion

3.1. Plain Bearing

To verify the prediction of the natural flow transition speed, an initial test was carried
out in which the shaft speed was incrementally increased, with otherwise constant param-
eters. The result of the temperature measurements is shown in Figure 7. The predicted
and measured transition speeds are in good agreement, while the predicted temperature
drop is significantly higher than the experimentally observed value. Despite this difference,
the test confirms that the flow transition occurs, even at this moderate load of 1.5 MPa, at
speeds considerably above normal operating conditions.

The further focus of the plain bearing investigation was on the creation of a reference
data base for the comparison with the eddy groove bearing.

In addition, the comparison between the soldered-in surface probe measurements and
the probe measurements 1 mm below the white metal was carried out also for the plain
bearing, although it is more important for the eddy groove bearing, because its results
cannot be predicted with current calculation tools.
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Figure 7. Experimental and predicted temperature development at stepwise rotor speed-up for the 5-tilting pad test bearing
at Tin = 56 ◦C, Q = 77 L/min and 1.5 MPa specific load.

Figure 8 shows a typical measured temperature profile over all five pads, with separate
data for the surface and standard depth probes in the loaded pads: while the maximum pad
temperatures at the standard depth are 104 ◦C and 112 ◦C, respectively, the corresponding
maximum surface temperatures are 113 ◦C and 126 ◦C.

 

Figure 8. Plain surface bearing: measured temperatures from surface probes (red graph) and standard depth probes (green
graph) at v = 90 m/s, 3.0 MPa specific load, Tin = 45 ◦C and medium oil flow rate.
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A comparison of these values with the temperatures measured at the standard 75%-
position, 1 mm below the white metal, underlines the importance of taking the surface
temperatures into account for the evaluation of the operational safety of the bearing: while
the maximum temperatures at the standard depth are only 5 K/4 K above the 75%-position
measurement, the difference to the surface is 14 K/18 K for this point of operation.

Under comparable conditions, Hagemann et al. [13] also reported significant differ-
ences between the maximum surface temperature and the 75%-position below the white
metal.

Figure 9 summarizes the differences between surface and standard depth tempera-
tures, individually for both the max temperature and the 75%-position temperature as
a function of the specific bearing load by averaging all measurements taken at the same
bearing load at rotor speeds between 50 m/s–110 m/s.

 

Figure 9. Plain surface bearing: Load-dependent mean difference between the maximum surface temperature and the
maximum standard depth temperature (yellow bars) and between the maximum surface temperature and the standard
75%-position temperature (blue bars) including the standard deviations (grey bars).

As expected, the temperature difference increases with rising bearing load. Due to the
speed dependent oil flow rates according to the defined oil temperature rise, the influence
of the rotor speed is insignificant.

At the standard sensor depth, 1 mm below the white metal, the difference between the
maximum temperature and the 75%-position temperature is relatively moderate and con-
stant, so that in practice a temperature sensor at the 75%-position can meet the requirements
for measuring the relevant bearing temperature for condition monitoring.

3.2. Eddy Groove Bearing

While an impact of eddy grooves on the bearing’s power loss was not measurable,
the attempt to reduce the maximum temperatures of the test bearing by provoking the
transition of the otherwise laminar flow in the area upstream the lowest film thickness
was successful. Due to the non-laminar flow regime induced by the bearing-specific eddy
grooves, the maximum surface temperatures dropped considerably.

The effect was clearly visible at all tested speeds and increased with the bearing load
and sliding speed. Figure 10 shows a measured temperature comparison over all five
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pads for a high speed, high load case: the eddy groove bearing develops 16 K/17 K lower
maximum surface temperatures than the plain bearing. The temperature reduction at the
standard depth is 13 K/10 K, which is lower than at the surface, but still significant.

 

Figure 10. Temperature distributions at the surface and at standard sensor depth for the eddy groove and the plain surface
bearing at v = 100 m/s, 3.0 MPa specific bearing load, Tin = 55 ◦C and medium oil flow rate.

By averaging all measurements taken at the same load at rotor speeds between 50 m/s–
110 m/s, Figure 11 summarizes the reduction of maximum surface temperatures and the
standard 75%-position temperatures due to eddy grooves compared to the plain bearing:
the eddy groove cooling effect at the bearing surface is strong, especially at high bearing
loads, while the temperature reduction at the 75%-position is only moderate. The reduced
impact on the 75%-position standard thermocouple measurement result was expected
because the eddy groove effect takes place in the oil film near the bearing surface and
naturally becomes smaller with increasing distance. However, the surface temperature
reduction has the clear potential to be used to increase the safety margin or power density
of a bearing.

This potential is illustrated in Figure 12: for the given operational parameters, the
bearing with plain pads develops a maximum surface temperature of 110 ◦C, indicated
by point 1 in the chart. Regarding accelerated oil aging and bearing issues based on oil
carbonization, this temperature is not far from critical values.
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Figure 11. Temperature reduction by eddy grooves compared to the plain surface: Load-dependent mean differences for the
maximum surface temperatures (yellow bars) and for the 75%-position standard depth temperatures (blue bars), including
the standard deviations (grey bars).

 

Figure 12. Eddy groove application example at v = 100 m/s, Tin = 55 ◦C and medium oil flow rate.

With the eddy groove modification of this bearing, opportunities arise to either use
the benefit solely for a temperature reduction by 12 K and thereby increase the operational
safety of the bearing, indicated by point 2A, or to use the full benefit to increase the bearing
load at a constant maximum temperature, shown as point 2B. A new point of operation
between 2A and 2B would result, compared to point 1, in a reduced bearing temperature
in combination with an increased bearing load.
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Regarding the service life of eddy groove bearings, the investigation showed no indi-
cation that a reduction must be assumed. The bearing evaluation after the comprehensive
test program with high loads and temperatures revealed no negative effects on the grooves,
such as geometric changes caused by creeping. This may also be a consequence of the low
creeping values of the used bearing material, but the reduced level of maximum bearing
temperatures generally reduces creeping tendencies. In practical use, the usual mild wear,
e.g., due to particle abrasion, is also tolerable, since the depth of the grooves is considerably
above the permissible wear values.

Figure 13 summarizes the increase of bearing load capacity investigated in this project:
with identical maximum surface temperatures, the bearing can carry a considerably higher
load if it is equipped with eddy grooves.

 

Figure 13. Summarized temperature-related relative increase of load capacity by eddy grooves, compared to the plain
surface. The figures represent the mean increase of bearing load capacity at the given sliding speeds for identical maximum
surface temperatures.

4. Conclusions

For the improvement of operational safety and performance of fluid-film bearings,
Miba developed and tested the patent pending eddy groove technology:

In highly loaded, high-speed fluid-film bearings, a laminar flow regime is typically
present in the area upstream the lowest film thickness. Because of the low thermal conduc-
tivity of lubricating oil, this leads to high radial temperature gradients near the bearing
surface, resulting in high bearing temperatures, while the gradients and thus the tempera-
tures radially towards the shaft are considerably lower.

When exceeding a threshold speed, the transition of the laminar flow to Taylor vortex
and turbulent flow creates additional radial fluid flow components which reduce the high
temperature gradients. This results in a considerable temperature reduction near and at the
bearing surface. The transition of the laminar flow thus significantly reduces the maximum
bearing temperatures, which can have a very positive effect on the operational safety and
load capacity of the bearing. However, the flow change is practically only observed in very
large bearings, so that this natural effect is typically not achievable for most applications.

With Miba eddy grooves, the onset of non-laminar flow with significant radial flow
components can be shifted to lower sliding speeds, so that the reduction of maximum
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temperatures, respectively the increase of the bearing load capacity can be achieved in
the technically relevant sliding speed range of smaller bearings. The effectiveness of this
technology was proved experimentally on a Miba journal bearing test rig on a Ø120 mm,
5-tilting pad bearing: in the entire test range at speeds between 50 m/s–110 m/s, and loads
between 0 MPa–4 MPa, a significant reduction of maximum bearing temperatures due to
eddy grooves was achieved, especially at higher bearing loads, under otherwise identical
operating conditions. There was no noticeable influence on the power loss.

Temperature measurements directly at the bearing surface show the full potential
of this technology to reduce the decisive maximum oil film and bearing metal tempera-
tures, which is especially useful for high performance applications. Thereby, eddy groove
bearings push the limits of safe operation considerably and open new technical possibilities.

The reduced bearing temperatures, induced by eddy grooves, can be used to:

1. Increase the safety margin of the bearing and slow down the lubricating oil aging
2. Operate bearings at higher loads without an increase of maximum temperatures
3. Decrease the bearing diameter or the axial length to reduce the power loss and the

necessary rate of oil supply without an increase of maximum bearing temperatures

Regarding the bearing size, eddy grooves have been successfully tested at bore diam-
eters of 120 mm and 500 mm [9]. Above this range, the effectiveness of eddy grooves is
as good as certain, if the laminar-turbulent transition hasn’t already occurred naturally.
Below this range, it is assumed that eddy grooves also reduce the maximum temperatures
of smaller bearings, while an accurate lower size limit is not yet determined. Miba eddy
grooves can also be used for other bearing designs, like fixed-profile journal bearings.
Further investigations of the eddy groove technology are planned.
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Abstract: In the present study, a computational investigation into acoustic and tribological perfor-
mances in journal bearings is presented. A heterogeneous pattern, in which a rough surface is
engineered in certain regions and is absent in others, is employed to the bearing surface. The rough-
ness is assumed to follow the sand-grain roughness model, while the bearing noise is solved based
on broadband noise source theory. Three types of heterogeneous rough/smooth journal bearings
exhibiting different placement and number of the rough zone are evaluated at different combina-
tions of eccentricity ratio using the CFD method. Numerical results show that the heterogeneous
rough/smooth bearings can supply lower noise and larger load-carrying capacity in comparison
with conventional bearings. Moreover, the effect on the friction force is also discussed.

Keywords: acoustic; computational fluid dynamics (CFD); lubrication; roughness

1. Introduction

Journal bearing is one of the most critical friction pairs in machine elements, in which
the applied force is fully supported by the pressure of the lubricating film. The main
function of the bearing is to keep the shaft always rotating about its axis, smoothing the
rotary motion, reducing friction between the two surfaces, and dampening vibrations due
to the rotating motion of the shaft and motor [1]. Within recent decades, a large quantity
of research focusing on surface modification by texturing has been and continues to be
performed. This is mainly because surface texturing has become a feasible way to improve
journal bearing performance. Tala-Ighil, et al. [2] presented a detailed study relating to
the effect of promoting a surface texture in the form of a cylindrical dimple by varying the
location of the texture arrangement. The results of their study indicated that the application
of texture on the entire bearing surface produces a detrimental effect, while on the other
hand, the application of partial surface texture can improve the performance of journal
bearings. Brizmer and Kligerman [3] found a potential benefit of micro-texture with laser
surface texturing (LST) on the inner surface of bearings on the load-carrying capacity
of journal bearings. Their finding was also confirmed by Ji et al. [4]. Later, Meng and
his group [5–7] studied more deeply the effect of compound groove texture in various
forms on tribological and acoustic performance through the computational fluid dynamics
(CFD) method. Their main results stated that the optimal dimple compound can reduce
noise levels and increase load-carrying capacity and frictional forces. This result was also
experimentally verified by the same author [8]. Wang et al. [9] revealed that the provision
of a texture in the form of a convex–concave spherical texture configuration on the bearing
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surface was able to significantly reduce the friction coefficient. An interesting finding was
reported by Manser et al. [10] who found that by combining the effects of micro-texturing
and micro-polar non-Newtonian lubricant, an enhancement load support but low friction
of journal bearing was achieved. In recent lubrication, Saleh et al. [11] revealed that to
get a high load-support, a convex texture with a perpendicular direction of curvature was
recommended.

Furthermore, considerably more investigations into bearing performances related
to surface roughness are also available. Based on the Reynolds equation, Javorova [12]
demonstrated the significance of the surface roughness inclusion for the bearing perfor-
mance analysis. Using Cristensen’s stochastic roughness theory, Hsu et al. [13] explored the
effect of two types of surface roughness directions, namely longitudinal and transversal,
under a magnetic field, on the operational performance of bearings. They showed that by
promoting longitudinal roughness, the load-carrying capacity can be enhanced. On the
other hand, the opposite effect was observed when transverse roughness is employed. For
the bearing with slip/no-slip pattern, Kalavathi et al. [14] derived the generalized Reynolds
equation by considering roughness nature by employing Christensen’s stochastic theory.
They identified that the influence of roughness plays a notable role on the load-carrying
capacity. It was confirmed that the load-carrying capacity increases with surface roughness.
Later, the effects of surface roughness on the transient behavior of hydrodynamic journal
bearings during startup were explored by Cui et al. [15]. They found that the longitudinal
surface configuration has a quite significant effect on reducing the hydrodynamic force.
Al-Samieh [16] explored the effect of surface roughness in sinusoidal waviness terms for
Newtonian and non-Newtonian lubricants. It was observed that as the amplitude of the
waviness increases, more fluctuations of pressure distribution occur. Later, Tauviqirrah-
man et al. [17] revealed that hydrodynamic pressure and load-carrying capacity decrease
with surface roughness. In their case, it was assumed that the roughness was applied to the
whole bushing surface. Recently, Gu et al. [18] reported that the surface roughness should
be taken into account in the optimization of the surface texture. In general, as well as
the surface texture, the surface roughness has a significant role in altering the tribological
performance of the journal bearing.

In the present work, an investigation into the enhancement of the performance of
journal bearings via an engineered rough surface, with emphasis on improving tribological
indices and enhancing the acoustical performance (i.e., low noise), is studied utilizing the
computational fluid dynamics (CFD) approach. By designing an engineered heterogeneous
bearing surface, on which the roughness is applied to a certain area and is absent in others,
the lubrication performance can be improved. The so-called heterogeneous rough/smooth
pattern introduced here is inspired by the construction of heterogeneous slip/no-slip
surface. As reported by numerous researchers, for example [14,19–24], the heterogeneous
slip/no-slip configuration was proven to increase the load-carrying capacity and reduce
the friction force significantly. It is believed that a configuration of rough/smooth regions
will lead to enhanced journal bearing properties. In this analysis, to capture the cavitation
phenomena in a more proper way that may occur in the bearing, the multi-phase cavitation
approach is adopted as discussed by many workers [25–28]. Moreover, based on the survey
literature, remarkable progress in the research of roughened journal bearings is mainly
concerned with tribological characteristics. Few studies have been devoted to investigating
the effect of surface roughness on bearing noise. Therefore, in this study, in addition to the
tribological performance, the acoustic characteristic of bearing is of particular interest.

2. Theory

2.1. Governing Equations

In the present work, the flow behavior induced by the surface motion is solved by
calculating the Navier–Stokes instead of the Reynolds theory for incompressible flow. In
this study, the Reynolds-averaged Navier–Stokes (RANS) equation coupled with the mass
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conservation equation is used. To simplify the computational processing, the isothermal
lubricant conditions are assumed.

The RANS equation (momentum equation) is:

∂

∂xi

(
ρuiuj

)
= − ∂p

∂xi
+

∂

∂xj

[
μ

∂ui
∂xj

− ρu′
iu

′
j

]
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The mass conservation equation is:

∂

∂xi
(ρui) = 0 (2)

where ρ is to the lubricant density; ui(uj) is the average velocity of the lubricant along the
coordinates xi(xj), that is the coordinate X, Y, or Z; p is the hydrodynamic pressure; μ is
the viscosity; u′

i and u′
j are the fluctuation velocities; ρu′

iu
′
j is the Reynolds stress. In the

present study, the standard turbulent kinetic energy k and turbulent dissipation rate εd
models [29] are employed to solve the Reynolds stress.

Once the hydrodynamic pressure is calculated through Equations (1) and (2), in terms
of the tribological performances, the load-carrying capacity of the bearing can be calculated
by integrating the hydrodynamic pressure acting on the bearing surface, while the friction
force exerted by the lubricant on the surface is obtained by integrating the shear stress over
the surface area.

In the acoustic analysis studied here, the bearing noise is of particular interest. The
noise tends to exist during the bearing operation due to the turbulence in the lubricant. In
this work, a computational approach to solving the noise produced in the lubricant utilizes
the broadband noise source model [29]. Here, the acoustic power level PA is expressed as
follows [29]:

PA = aρ

(
u3

i
l

)
u5

i
a5

o
(3)

where ui and l are turbulence velocity and length scales, respectively and ao is the speed of
the sound which is set to 1480 m/s. In Equation (3), a is a model constant. Furthermore,
Equation (3) can be reduced in terms of k and εd as follows:

PA = aερεd

(√
2k

a0

)5

(4)

Here, the rescaled constant aε is set to 0.1 [29].

2.2. Cavitation Modeling

In this work, the mixture model of cavitation is employed as provided by CFD soft-
ware. The mixture model represents vapor–liquid two-phase flow by considering that the
liquid phase becomes vapor phase when the lubricant film pressure falls below the satura-
tion pressure. Based on this approach, the growth of gas bubbles which often accompanies
the cavitation process is also calculated. In this study, the multi-phase cavitation model
of Zwart–Gelber–Belamri is used [29,30]. In cavitation, the liquid–vapor mass transfer
(evaporation and condensation) is governed by the vapor transport equation:

∂

∂t
(αvρν) +∇.(αvρνv) = Rg − Rc (5)

where αv represents vapor volume fraction and ρv refers to vapor density. Rg and Rc
account for the mass transfer between the liquid and vapor phases in cavitation. For the
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Zwart–Gelber–Belamri model, assuming that all the bubbles have the same size in a system,
the final form of the cavitation is as follows [29,30]:

p ≤ psat, Rg = Fevap
3αnuc(1 − αv)ρv

RB

√
2
3

psat − p
ρ

(6)

p ≥ psat, Rc = Fcond
3αvρv

RB

√
2
3

p − psat

ρ
(7)

where Fevap = evaporation coefficient = 50, Fcond = condensation coefficient = 0.01, RB =
bubble radius = 10−6 m, αnuc = nucleation site volume fraction = 5 × 10−4, ρ = liquid
density and psat = saturation pressure.

2.3. Roughness Modeling

In the present study, the sand-grain model as shown in Figure 1a is adopted to
characterize the roughness profile of the rough surface of the heterogeneous rough/smooth
bearing. Here, a close-packed monolayer of spheres with diameter Ks is used to cover the
surface uniformly. For modeling the surface roughness, the modified law-of-the-wall for
mean velocity is employed. This equation can be expressed as follows [29]:

upu∗

τw/ρ
=

1
κ

ln
(

E
ρu∗yp

μ

)
− ΔB (8)

where u∗ = C1/4
μ k1/2 and ΔB = (1/κ) ln fr. For sand-grain roughness, ΔB is affected by

the physical roughness height Ks, while the height is assumed constant per surface [29].

Figure 1. (a) Uniform sand-grain roughness model; (b) Roughness profile.

It should be noted that the roughness height Ks is the equivalent sand-grain roughness
height and is not equal to the geometric roughness height of the surface. Therefore, it
is necessary to use the conversion factor to convert the geometric roughness height of
the surface into an equivalent sand-grain roughness. In this work, the Ra as shown in
Figure 1b, is chosen as a parameter to represent the roughness height Ks (Figure 1a). The
Ra represents the arithmetic average of the roughness profile, and in reality it is measured
by the profilometer.

For all computations here, the Ra value will be an input to specify the roughness level
of the heterogeneous rough/smooth bearing. According to the experiment performed by
Adams et al. [31], the correlation between Ks and Ra can be defined as follows:

Ks = 5.863Ra (9)
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In FLUENT, to model the roughness effect, two roughness parameters must be speci-
fied, that is, the roughness constant Cs and the roughness height Ks. Here, because the k-εd
turbulence model is used and the uniform sand-grain is assumed, the default roughness
constant (Cs = 0.5) is employed as suggested by ANSYS FLUENT [29].

3. Simulation Method

3.1. Model

The basic geometry of the journal bearing used here adopts the geometry as presented
by Meng, et al. [6]. In this study, the concept of the heterogeneous rough/smooth bearing
is introduced in which the rough condition is applied on certain areas while the others are
smooth. From a numerical perspective, the heterogeneous roughness distribution is made
by applying the surface boundary condition on the chosen area by inputting the sand-grain
roughness value Ks to model the roughness. Here, the film thickness of the lubricant will
follow the surface profile as the input in the CFD program.

Three patterns of the heterogeneous rough/smooth journal bearing with various
rough-smooth locations, namely 1 L, 2 L, and 3 L patterns, as shown in Figure 2 are studied
and then compared with conventional (smooth) journal bearing (denoted as S pattern in
this case). The journal bearing geometry and the characteristics of the lubricating fluid can
be seen in Table 1.

Table 1. Parameters of the model.

Parameter Symbol Value Unit

Bearing radius R 50 mm
Width-diameter ratio B/D 0.8 [[–]

Radial clearance c 0.152 mm
Eccentricity ratio ε 0; 0.1; 0.2; 0.3; 0.4; 0.5; 0.6; 0.7; 0.8 [[–]

Attitude angle Φ 54 Deg
Fluid density ρ 998.2 kg/m3

Fluid viscosity μ 0.001005 Pa.s
Rotational speed n 2000 rpm

Saturation pressure psat 2340 Pa
Vapor density ρv 0.5542 kg/m3

Vapor viscosity μv 1.34 × 10−5 Pa.s
Roughness level Ra 25 μm

Figure 2. Cont.

53



Lubricants 2021, 9, 88

Figure 2. Three types of heterogeneous rough/smooth bearing with different artificial roughness zones, (a) one-rough zone
(1 L); (b) two-rough zones (2 L); (c) three-rough zones (3 L).

To ensure that the flow regime in the studied journal bearing is turbulent, the cal-
culation is performed by comparing the critical Reynolds number (Rec = (ρ × 2πr × n×
c × (1 − ε))/60) and the real Reynolds number (Rer = (ρ × 2πr × n × c)/(60 × μ)). For
all values of eccentricity ratio considered here, the calculated real Reynolds number, Rer is
always much larger than the critical one, Rec. For example, for the case of ε = 0.8, the Rer is
1575 which is much larger than the Rec of 0.32. From the physical framework, it means that
turbulence may occur in the fluid film and thus, from the numerical framework, such tur-
bulence phenomena must be modeled during the lubrication analysis to achieve accurate
results.

3.2. Meshing

In this study, the mesh used consists of a uniform hexahedral grid. The face-meshing,
edge-sizing and sweep-method features are used to form a mesh configuration. This results
in the corresponding grid distribution being employed in the radial, circumferential and
axial direction: 12 × 400 × 60. For all journal bearing configurations studied here, the
mesh distribution is based on independent mesh results. As a note, the division of fluid
layers taken after sensitivity analysis revealed that several values (12, 14, 16) of layers
division change the chosen main parameter (load-carrying capacity in this case) by less
than 2% in the CFD model. To conclude, the 12-layer division of fluid domain is employed
for all simulations because it provides a reasonable computational time with a feasible
level of independent mesh. In detail, the mesh configuration and the criteria of the mesh
formed are shown in Figure 3 and Table 2 below. From Table 2, it can be observed that for
all cases here, during the grid generation the average skewness is much lower than 0.25.
This indicates that based on the skewness mesh metrics spectrum [29], the following mesh
distributions are categorized as excellent and thus the discretization error due to the mesh
generation can be prevented.
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3.3. Assumption and Boundary Condition

In this study, the journal moves with the shaft rotational speed n relative to the
stationary bearing surface. Simulations are carried out using pressure-inlet and pressure-
outlet boundary conditions. The values of the pressure at the inlet and outlet are taken as
the ambient pressure, i.e., zero pressure. For moving wall boundary conditions, the surface
is set to a rotating speed of 2000 rpm. In this research, the no-slip boundary condition is
applied to the entire surface. In detail, Table 3 shows the boundary conditions used for the
entire simulation case, whereas the setup of boundary conditions for the computational
domain is depicted in Figure 4.

Figure 3. Mesh of the computational domain.

Table 2. Specification of the domain meshing.

Mesh Criteria Value

Edge sizing 1 400 division
Edge sizing 2 60 division
Face Meshing 12-layers of division

Method Sweep
Element number 288,000

For case ε = 0
Maximum skewness 9.137 × 10−2

Minimum skewness 7.194 × 10−3

Average skewness 5.703 × 10−2

For case ε > 0
Maximum skewness 0.155
Minimum skewness 5.019 × 10−3

Average skewness 5.604 × 10−2

Table 3. Boundary condition.

Boundary Condition Setup

Inlet Pressure inlet (0 Pa)
Outlet Pressure outlet (0 Pa)

Stationary wall No-slip
Moving wall No slip, n = 2000 rpm
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Figure 4. Boundary condition of the computational domain: 1—moving wall, 2—stationary wall,
3–inlet, 4—outlet.

3.4. Solution Setup

In the present study, the governing equations for the fluid domain are discretized
by the finite volume method using ANSYS FLUENT. To obtain an accurate pressure, the
SIMPLE scheme is employed for the velocity–pressure coupling. For the momentum and
volume fraction equations, a first-order upwind discretization scheme is employed. For
spatial discretization of the turbulent kinetic energy and turbulent dissipation rate, the
second-order upwind discretization scheme is chosen.

4. Results and Discussion

4.1. Validation

To confirm that the developed CFD model and its solution setup are valid with appro-
priate accuracy, in this section, a comparison study between the present study and the ref-
erence is conducted in terms of the Sommerfeld number S in which S = (r/c)2(2μnrB/W).
Here, the result is compared with the numerical and experimental data of Gao et al. [32]
under the same input conditions and computed operational parameters (i.e., ε = 0.55,
ε = 0.685, and ε = 0.95, D = 80 mm, B = 80 mm, c = 0.08 mm, Φ = 63.95◦, n = 500–4000 rpm,
μ = 0.001 Pa.s, ρ = 998.2 kg/m3), as reflected in Figure 5. It can be found that the obtained
values from the CFD code developed here are very close to the published ones both from
the numerical and experimental results. Their deviations are less than 4% as indicated in
Figure 5b, suggesting validation of the developed CFD code.

4.2. At Varied Eccentricity Ratio

In application, the bearing performance is notably affected by the eccentricity ratio,
representing the magnitude of the loading during operation. Thus, in this work, the
prediction of the acoustic and tribological performance is made for different eccentricity
ratios ε, i.e., 0, 0.1, 0.2, 0.3, 0.4, 0.5, 0.6, 0.7, and 0.8. The range of eccentricity ratio chosen
here may accommodate the range of bearing loading from very low to heavy loadings.
All computational results presented here are evaluated at a rotational speed of 2000 rpm
with a surface roughness level Ra of 25 μm. As a note, the surface with a value Ra of
25 μm is categorized as “rough” surface (Ra = 12.5–100 μm) [33]. As demonstrated by
Tauviqirrahman et al. [17], the surface class of “rough” has the strongest effect on the
tribological performance [17] in comparison to other classes such as precision (Ra = 0.1–
0.2 μm), fine (Ra = 0.4–0.8 μm), and medium (Ra = 1.6–6.3 μm).
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Figure 5. (a) Comparison between the result of the present study and the literature [32], and (b)
histogram of deviation between the present result and the experiment of Gao et al. [32].

To show the effect of an engineered rough pattern on bearing characteristics, a plot
of eccentricity ratio versus Sommerfeld number for both a conventional bearing (Ra = 0
and denoted as S pattern) and the bearing with the heterogeneous rough/smooth area
(i.e., 1 L, 2 L, 3 L patterns) is reflected in Figure 6. From Figure 6, several characteristics
can be seen. First, for all cases, an increase in the eccentricity ratio will decrease the
Sommerfeld number S. The decrease in the Sommerfeld number occurs significantly when
the eccentricity ratio ε is greater than 0.2. Secondly, when ε = 0 to 0.6, the heterogeneous
rough/smooth bearing pattern with two-rough zones (2 L) gives the lowest Sommerfeld
Number value when compared with the conventional smooth bearing (S) pattern and
other heterogeneous rough/smooth bearing patterns. However, for eccentricity ratios of
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0.7 and 0.8, heterogeneous rough/smooth bearing with one-rough zone (1 L) gives the
lowest Sommerfeld Number. In the other words, although not superior to all eccentricity
ratios studied here, the 2 L pattern gives the best performance in reducing the Sommerfeld
number, which means that the enhanced load-carrying capacity can be achieved. From the
results depicted in Figure 6, it can also be observed that the heterogeneous rough/smooth
bearing, irrespective of the rough patterns, can generate the load-carrying capacity for
all values of eccentricity ratio including for the concentric position. As is known, for the
conventional bearing, no load-carrying capacity is produced when the concentric condition
is applied due to the absence of the hydrodynamic pressure. This finding is interesting, and
hence, the heterogeneous rough/smooth bearing can be compared to the heterogeneous
slip/no-slip pattern. Based on the reference [19,22], even though there is no wedge effect
in the case of concentric journal bearing, the heterogeneous slip/no-slip pattern could
produce a relatively high load-carrying capacity. It indicates that the behavior of a “rough”
surface can be correlated to the wettability of the surface (in particular the surface with
hydrophobic coating) inducing the slip boundary. This is understandable because as
discussed by Patankar [34] and Jung and Bhushan [35], the wettability of a surface is a
function of its roughness.

As observed in Figure 6, in terms of the Sommerfeld number, the 2 L pattern is
superior for the case of low to medium loading, while the 1 L pattern is more appropriate
to the case of higher loading. To further explore the positive effect of the application of
an engineered rough surface of 1 L and 2 L patterns, the comparison of the performance
between the conventional (smooth) bearing and the heterogeneous rough/smooth one is
presented. Here, in the following computation, the performance ratio is introduced and
defines the ratio of the hydrodynamic parameters (i.e., load-carrying capacity, friction force,
and acoustic power level) predicted for the heterogeneous rough/smooth surface against
that of a classical (smooth) surface. Figures 7–9 summarize the ratio of the hydrodynamic
performance parameters with a heterogeneous rough/smooth surface to that without a
rough zone.

Figure 6. Eccentricity ratio vs. Sommerfeld number. Note: Ra = 25 μm.
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Figure 7 shows the performance ratio of the load-carrying capacity for 1 L and 2 L
patterns varying by eccentricity ratios. As a note, in Figure 7 the 3 L pattern is excluded
because as depicted in Figure 6, the 3 L has a severe behavior in terms of Sommerfeld
number compared to the other patterns. From Figure 7, the following features can be
drawn. First, the values of the performance ratio for the heterogeneous rough/smooth
bearings (1 L and 2 L) have a value above one which indicates that the load-carrying
capacity of the two models is better when compared to the conventional (smooth) model
for all eccentricity ratios considered here. It can also be drawn from Figure 7 that the
benefit of heterogeneous rough/smooth patterns decreases with increased eccentricity
ratio. Once again, this behavior seems to be similar to the behavior of the journal bearing
with a heterogeneous slip/no-slip pattern. As discussed by several researchers focusing
on the application of the heterogeneous slip/no-slip bearing, for example, Fortier and
Salant [19], and Cui et al. [23], the eccentricity ratio reduces the positive effect of the
applied engineered slip surface. In other words, the larger effect of the heterogeneous
rough/smooth pattern can be achieved if the wedge effect is reduced. Second, the ratio of
the load-carrying capacity of the 2 L model to the smooth model is higher at an eccentricity
ratio from 0.1 to 0.6. For the eccentricity ratios of 0.7 and 0.8, the 1 L model has a higher
performance ratio. This result is consistent with the previous finding as shown in Figure
6 in terms of Sommerfeld Number. This is understandable because the value of the
load-carrying capacity of a journal bearing is inversely proportional to the value of the
Sommerfeld Number. Third, it should be noted that as reflected in Figure 7, for the case
of concentric position (ε = 0), the conventional (smooth) bearing cannot support the load,
and as a consequence the value of the performance ratio of the load-carrying capacity
for two models becomes infinite. From Figure 7, it is confirmed that the heterogeneous
rough/smooth pattern in the concentric position of the journal bearing can support a load
of 6.2 N for 1 L, and 17.53 N for 2 L. Once again, this indicates that the application of
rough/smooth patterns can be promising in low loading operational condition.

Figure 7. Cont.
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Figure 7. Effect of the arrangement of the rough zone on the load-carrying capacity under several
eccentricity ratios, (a) lubrication performance ratio of load-carrying capacity, (b) improvement of
the load-carrying capacity (compared with conventional bearing).

Figure 8. Cont.
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Figure 8. Hydrodynamic pressure distributions of the heterogeneous rough/smooth bearings for (a)
ε = 0, and (b) ε = 0.8. The results are evaluated at the mid-plane of the bearing.

Figure 9. Cont.
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Figure 9. Comparison of the contour of vapor volume fraction between (a) the conventional (smooth)
bearing, (b) the heterogeneous slip/no-slip bearing with 1L pattern, (c) the heterogeneous slip/no-slip
bearing with 2 L pattern, (d) the heterogeneous slip/no-slip bearing with 3 L pattern.

Fourth, the differences in the placement and number of the rough zone for the design
of the heterogeneous rough/smooth patterns have an impact on the load-carrying capacity
of a journal bearing. For ε = 0.1, the performance ratio of the 2 L model is 101.8% higher
than that of the 1 L model. At the medium loading position, say ε = 0.4, the 2 L model has a
higher performance ratio of 54.8% when compared to the 1 L model. At the heavy loading
position, i.e., ε = 0.8, the 1 L model has an increase in bearing performance which is 23.1%
higher than the 2 L model. This result strengthens the findings highlighted in Figure 6, that
the 2 L model is superior for the eccentricity ratios from 0 to 0.6.

The question “why do the different patterns of heterogeneous rough/smooth bearings
bring out the different conclusions of load-carrying capacity” arises. The main contribution
of the load-carrying capacity generations may give us a further understanding of this
behavior. Figure 8 depicts the hydrodynamic pressure distribution for either conventional
bearings or heterogeneous rough/smooth bearings for the concentric and non-concentric
situations. Here, a high eccentricity ratio (ε = 0.8) is employed to explore the correlation
of the wedge effect and the roughness effect. Through observation of Figure 8, one can
observe that while the conventional bearing does not generate the lubrication performance
in concentric condition, at the same condition the heterogeneous rough/smooth bearing
can support the load irrespective of the rough zone. The capability of the heterogeneous
rough/smooth bearing to build up the pressure is also found for the operation with a
high eccentricity ratio. It is interesting to note that for the case of ε = 0.8, the profile
of hydrodynamic pressure for the conventional bearing is similar to the heterogeneous
rough/smooth bearings in the value of the peak pressure. The difference lies in the value
of the maximum pressure and the width of the cavitation zone. However, such a difference
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is relatively small, as can also be observed in Figure 9, reflecting the comparison of the
contour of vapor volume fraction between the conventional (smooth) bearing and the
heterogeneous rough/smooth bearings. As mentioned earlier, the multi-phase cavitation
model adopted here allows for phase change in a cavitation process. When the lubricant
enters the divergent zone, the film pressure might fall below the saturation vapor pressure
psat, and the lubricant would rupture. In the present study, the saturation pressure Psat
used is 2340 Pa (as shown in Table 1), and the pressure at the inlet and outlet boundaries are
taken as the ambient pressure, i.e., zero pressure. As a consequence, for each value of local
pressures in the computational domain, FLUENT will reduce them with the environmental
pressure patm of 1 atm (≈101,325 Pa). Therefore, when the cavitation occurs, the local
pressure will be set to the saturation pressure (2340 Pa). By FLUENT, these values are
converted to the negative value, i.e., −98,985 Pa (≈−0.1 MPa), as depicted in Figure 8, to
show that the cavitation exists. Based on Figures 8b and 9, when the eccentricity ratio is
0.8, the width of the cavitation zone does not change very much. It ranges from 50–70◦
depending on the bearing pattern. For example, in the case of 2 L pattern, the cavitation
occurs at the circumferential angle θ of around 190◦–236◦.

Based on Figure 8, it is observed that for the case of a heterogeneous rough/smooth
bearing with the 2 L pattern, the predicted maximum pressure is 11% higher compared
with the conventional bearing. It indicates that for the same eccentricity ratio, the bearing
with an engineered rough pattern can sustain a higher load than a conventional bearing.
Again, this result strengthens the hypothesis proposed that the concept of heterogeneous
rough/smooth bearings is very similar to the heterogeneous slip/no-slip pattern concern-
ing how the heterogeneous rough/smooth bearing produces the load-carrying capacity.
Fortier and Salant [19] found that the bearing with slip yields a lower Sommerfeld number
(or higher load-carrying capacity) than the corresponding conventional bearing with the
same eccentricity ratio. It is also confirmed from Figure 8 that, unlike the case with high ε,
the pressure profiles are strongly affected by the placement and the number of the rough
zones for the case with low ε. For example, for the 3 L pattern, three peak pressures can
be observed following the number of rough zones. However, when the ε is increased to
be very high (ε = 0.8 in this case), the 3 L pattern produces only one peak pressure for
high. This means that the effect of the heterogeneous rough/smooth surface decreases
with increased wedge effect. Again, this characteristic can be compared to the one with a
heterogeneous slip/no-slip surface.

In terms of friction force, the effects of the application of 1 L and 2 L heterogeneous
rough/smooth bearings are reflected in Figure 10. Specific features can be observed based
on Figure 10. First, unlike the load-carrying capacity, the engineered rough zone leads to
greater friction force compared to the conventional bearing. Compared to conventional
journal bearings, the friction force of the heterogeneous rough/smooth bearing is 11–32%
higher depending on the eccentricity ratio and the rough pattern (i.e., location and number).
In other words, the application of the rough zone leads to a negative effect on friction.
Second, concerning the eccentricity ratio effect, the performance ratio of frictional force for
the 2 L and 1 L models does not change very much as the eccentricity ratio increases. The
numerical results indicate that the use of the 2 L pattern consistently generates around 12%
lower friction force compared with the 1 L bearing irrespective of the eccentricity ratio.

Concerning the question of “which is the best pattern to be used in journal bearing”, it
seems that, based on the tribological point of view, the 2 L pattern gives the most benefits of
performance. Although greater friction is observed at the 2 L configuration, in comparison
with the conventional bearing, the benefit in enhancing the load-carrying capacity is very
significant. As a note, as is reflected in Figure 7b, a 180% improvement in load-carrying
capacity can be achieved by the heterogenous rough/smooth bearing with the 2 L pattern.
However, as is known in reality, the condition of a lubricated bearing with high load-
carrying capacity and low friction is the main indicator of a “good” bearing including the
heterogeneous rough/smooth bearing. Therefore, for future work, the issue of how to
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reduce the friction force by heterogeneous rough/smooth bearing will be explored more
extensively.

Figure 10. Effect of the arrangement of the rough zone on friction force under several eccentric-
ity ratios, (a) lubrication performance ratio of friction force, (b) deterioration of the friction force
(compared with conventional bearing).
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Concerning the acoustic performance, it is interesting to explore the characteristics
of the main indicator of the bearing noise, namely, the average acoustic power level.
For the researchers, the reduction in the average acoustic power level is considered as
standard for enhancing the acoustic performance of contacting pairs. Is the average acoustic
power level affected by the engineered rough surface? Is it significant or not? To answer
these questions, the histogram of the performance ratio of the average acoustic power
level versus the eccentricity ratio is presented in Figure 11a, while in Figure 11b, the
enhancement of the acoustic power level by the heterogeneous rough/smooth patterns
is shown. It should be noted that for an eccentricity ratio of 0 (i.e., concentric position),
the conventional (smooth) bearings do not have a level of acoustic strength inducing the
infinite value of the performance ratio for the two models. Based on Figure 11, it can be
observed that the heterogeneous rough/smooth bearings bring out the improvement of
the acoustic performance in terms of average acoustic power level irrespective of the rough
zone placement. Compared with the conventional bearing, a 4–12% lower noise level can
be achieved. Further, the numerical results show that the 2 L pattern produces a 5% lower
average acoustic power level compared to the 1 L pattern for all eccentricity ratios. This
indicates that reasonably engineering a rough zone position is essential in reducing the
bearing noise. Additionally, these results also strengthen the previous result concerning
the positive effect of the 2 L pattern application in enhancing load-carrying capacity.

Figure 11. Cont.
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Figure 11. Effect of the arrangement of the rough zone on average acoustic power level under several
eccentricity ratios, (a) lubrication performance ratio of average acoustic power level, (b) improvement
of the average acoustic power level (compared with conventional bearing).

5. Conclusions

The current work presents the benefit of a well-chosen heterogeneous rough/smooth
surface on the acoustic and tribological performance of the journal bearing. Three alter-
natives of placement of a rough-smooth zone to create the heterogeneous rough/smooth
bearing are studied in terms of average acoustic power level, load-carrying capacity, and
friction force. In general, the results show that a journal bearing with a heterogeneous
rough/smooth pattern has an advantage over a conventional bearing irrespective of the
rough pattern in terms of load-carrying capacity and average acoustic power level. The
effect of heterogeneous rough/smooth patterns is more dominant for low and moderate
eccentricity ratios. Specifically, more enhanced load-carrying capacity and reduced average
acoustic power level can be obtained through the two-rough zones (2 L) pattern. However,
the numerical results also confirmed the drawback of the application of heterogeneous
rough/smooth patterns. These patterns lead to up to 30% higher friction force in com-
parison to the conventional bearing. Therefore, for future work, the exploration of the
optimal parameters of heterogeneous rough/smooth patterns focusing on how to reduce
such friction should be performed.

Author Contributions: Conceptualization, M.T. and M.M.; Data curation, A.A.W.; Funding acquisi-
tion, J.J.; Project administration, S.S. and Y.N.; Software, M.M.; Supervision, J.J.; Validation, A.A.W.
and C.P.; Visualization, M.T. and A.A.W.; Writing—review and editing, M.T. All authors have read
and agreed to the published version of the manuscript.

Funding: This research is fully funded by RPI Grant, No. 233-29/UN7.6.1/PP/2021.

Data Availability Statement: The data presented in this study are available on request from the
corresponding author.

66



Lubricants 2021, 9, 88

Acknowledgments: The authors fully acknowledged Institute for Research and Community Services
(LPPM), Diponegoro University for the approved fund which makes this important research viable
and effective.

Conflicts of Interest: The authors declare no conflict of interest.

Nomenclature

ao Local speed of the sound
B Bearing width
c Radial clearance
Cs Roughness constant
D Bearing diameter
E Empirical constant
fr Roughness function
Fevap Evaporation coefficient
Fcond Condensation coefficient
hmin Minimum film thickness
hmax Maximum film thickness
Ks Roughness height
k Turbulent kinetic energy
l Length scale
Lθ Circumferential length of the bearing
n Rotational speed
p Hydrodynamic pressure
PA Acoustic power level
psat Saturation pressure
W Load-carrying capacity
r Shaft radius
R Bearing radius
Ra Arithmetic average of the roughness profile
RB Bubble radius
Rec Critical Reynolds number
Rer Real Reynolds number
Rg, Rc Mass transfer between the liquid and vapor phase
up Mean velocity of the fluid at the near-wall node P
u* dimensionless velocity
yp Distance from point P to the wall
αnuc Nucleation site volume fraction
αv Vapor volume fraction
ε Eccentricity ratio
εd Turbulent dissipation rate
κ von Karman constant
θ Circumferential angle
μ Lubricant viscosity
μv Vapor viscosity
ρ Lubricant density
ρv Vapor density
Φ Attitude angle
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Abstract: Because of their distinctive characteristics, aerostatic bearings are particularly suitable
for high-precision applications. However, because of the compressibility of the lubricant, this kind
of bearing is characterized by low relative stiffness and poor damping. Compensation methods
represent a valuable solution to these limitations. This paper presents a design procedure for passively
compensated bearings controlled by diaphragm valves. Given a desired air gap height at which the
system should work, the procedure makes it possible to maximize the stiffness of the bearing around
this value. The designed bearings exhibit a quasi-static infinite stiffness for load variation ranging
from 20% to almost 50% of the maximum load capacity of the bearing. Moreover, the influence of
different parameters on the performance of the compensated pad is evaluated through a sensitivity
analysis.

Keywords: aerostatic bearings; compensation; infinite stiffness; diaphragm valve; design

1. Introduction

Because of their distinctive characteristics, aerostatic bearings are particularly suitable
for high-precision applications. Their zero friction, cleanness and long life make aerostatic
bearings successful in applications such as machine tools, measuring machines and power
board testing [1]. In fact, this type of bearing significantly increases the measuring accuracy
of this type of measuring system since it does not generate additional vibrations with
respect to the more conventional ball bearings [2,3].

However, because of the compressibility of the lubricant, this kind of bearing is
characterized by low relative stiffness and poor damping. For these reasons, many solutions
have been proposed since the 1960s, which was a pivotal period in the history of gas
lubrication [4].

The first attempts that were made to increase aerostatic bearing stiffness consisted
of many sensitivity analyses concerning the type, location and size of the supply hole [5].
Additionally, this type of investigation was further enhanced with the aid of more accurate
numerical models. Boffey et al. [6] and Colombo et al. [7] performed numerical and
experimental studies to assess the effect of the supply pressure and orifice size and location
on the performance of rectangular aerostatic pads. In these works, it was found that
choosing a lower nominal air gap height led to slightly higher stiffness.

The same result was found by the adoption of porous or grooved surfaces. In fact,
the higher performance that stems from the use of these kinds of feeding systems can
be exploited in the presence of lower nominal air gap heights. Moreover, porous and
grooved bearings present further relevant drawbacks. Groove geometries have to be
suitably selected to avoid pneumatic hammer [8–10], whereas porous surfaces have some
critical issues related to the choice of material, which should have both suitable porosity
and impact toughness [11,12].

Subsequently, technological improvements in the field of manufacturing and elec-
tronics have made it possible to enhance aerostatic bearing performance by means of
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compensation methods. These methods consist of the use of additional devices and/or
components that, when integrated with aerostatic pads, can enhance performance. Al-
though there are many compensation strategies, e.g., modifying the feeding system of the
pad or its geometry, the main goal is to compensate for air gap variations. Compensation
methods can be active or passive. In passive compensation methods, bearings are inte-
grated with devices and/or components that exploit only the energy associated with the
supply pressure, e.g., pneumatic valves and compliant elements. Conversely, actively com-
pensated bearings are integrated with elements such as sensors, controllers and actuators
that require external sources of energy to function [13]. Looking at the current solutions,
in actively compensated bearings, the presence of closed-loop systems makes it possible
to obtain significant improvements in both static and dynamic performance. Because of
their high dynamics, ease of integration and high power density, piezoelectric actuators
are used in many active compensation systems. Al-Bender [14] and Aguirre [15] proposed
an active compensation solution that makes it possible to exploit different types of conicity
control. Here, a circular and centrally fed aerostatic pad is integrated with a (Proportional
Integrative) PI controller, displacement capacitive sensors and three symmetrically and
circumferentially placed piezo actuators. The integration of these elements with the pad
makes it possible to suitably modify the conicity of the air gap in order to compensate for air
gap variations. Similarly, Maamari et al. [16,17] proposed another type of conicity control
by using a magnetic actuation and internal servomechanism. Adopting a geometrical
compensation (also called a support control [14]) is another option that has been proposed
by Colombo et al. [18] and Matsumoto et al. [19,20]. In this compensation strategy, a
piezoelectric actuator is used in a closed-loop control to compensate for air gap variations
by modifying the thickness of the pad. Moreover, in other solutions, piezoelectric actuators
were also used to control the air flow exhausted/supplied from/to the bearing [21–23].

Despite their higher effectiveness, active compensation solutions are still too expensive
to be integrated into most current industrial applications. By contrast, passive compen-
sation solutions, notwithstanding their lower dynamics and effectiveness, represent an
acceptable and cheap alternative. In fact, it was found that, if suitably selected, compliant
elements and pneumatic valves can obtain higher and even quasi-static infinite stiffness
over 20% of the bearing load range [24]. Regarding passive compensation solutions, New-
gard and Kiang [25] proposed the use of elastic orifices to regulate the air flow supplied
to the clearance in order to compensate for air gap variations. Another valuable solution
proposed by different authors [24,26,27] consists of the use of a bearing with convergent
and compliant gap geometries, effecting a passive conicity control. Chen and Lin [28]
proposed an aerostatic pad with a disk spring compensator to increase the bearing damp-
ing. Ghodsiyeh et al. [29,30] and Colombo et al. [31,32] proposed a novel prototype of an
aerostatic pad controlled by means of a diaphragm valve. It was found that this kind of
passive compensation makes it possible to obtain quasi-static infinite stiffness and high
damping in a low frequency range. Moreover, using pneumatic valves represents a low-cost
solution characterized by ease of integration and simple construction. In [33], a prototype
of a passively compensated pad was also proposed where a differential diaphragm valve
was used.

This paper presents a procedure to suitably design aerostatic pads controlled by
diaphragm valves depending on the desired air gap height at which the system has to
work. The design procedure is described by considering a simple geometry of the pad, i.e.,
a circular and centrally fed aerostatic pad. Results demonstrate that this design procedure
makes it possible to significantly increase the stiffness of the pad at the desired air gap
height. Moreover, it shows how the performance of the compensated pad varies depending
on the supply pressure, the ratio between the valve and pad supply hole diameters and the
size of the pad.
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2. The Compensated Pad

2.1. Description and Functioning

Figures 1–3 show the schemes of the diaphragm valve and the aerostatic pad consid-
ered in the proposed design procedure. As can be seen, the valve is composed of a main
body, moving nozzle, upper body, micrometric screw, Belleville washer and a lower body.
The nozzle is mounted coaxially with respect to the vertical hole drilled in the main body
of the valve and it has an orifice of diameter dp. The presence of the Belleville washer
and the micrometric screw makes it possible to regulate its relative initial position (in the
absence of supply pressure) (x0) with respect to a diaphragm of diameter Dm and thickness
s, which is clamped between the main and the lower body of the valve through an O-ring
(see Figure 2a). As shown in Figure 2a,b, the initial position (in the absence of supply pres-
sure) of the nozzle can be positive (x0 > 0) when it is not in contact with the diaphragm
or negative (x0 < 0) when the nozzle imposes a preload on the diaphragm. When the
pressure in the valve chamber p1 increases, the diaphragm deflects, thus increasing the
nozzle–diaphragm distance of x = x0 + xv. Figure 3 shows a scheme of the circular and
centrally fed aerostatic pad that is considered for the proposed design procedure.

Figure 1. Scheme of the diaphragm valve.

  
(a) (b) 

Figure 2. (a) Configuration for x0 > 0. (b) Configuration for x0 < 0.
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Figure 3. Scheme of the aerostatic pad.

The pad has an outer diameter D and a supply hole of diameter dp. The supply
pressure of the pad p1 is provided through the outlet of the valve. Once the compressed air
reaches the air pad, it passes through the supply hole and then is exhausted from the air
gap. During its passage, the air pressure reduces, firstly, to p2 due the pressure drop that
occurs at the curtain area under the supply hole and, secondly, it gradually reduces up to
ambient pressure pa at the outer edge of the pad.

The compensated pad is modeled as a lumped pneumatic circuit composed of capaci-
tances and resistances, as shown in Figure 4.

Figure 4. Lumped pneumatic circuit of the compensated pad.

where ps is the supply pressure of the system, R1, R2 and R3 are the lumped resistances
related to the valve, the pad and the air gap. G1, G2 and G3 are the correspondent air mass
flow rates that are computed as:
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G3 =
πh3(p2

2 − p2
a
)

12μRgT2·ln
(

D
dp

) (3)

where k, μ and Rg are the specific heat ratio, dynamic viscosity and gas constant of the air.
Ts is the supply temperature of the air, cdi

(i = 1, 2) are the discharge coefficients related to
the supply holes of the nozzle and the pad (for further details, readers can refer to [34]).
The expressions of the air mass flow rates Gj (j = 1, 2 , 3) are obtained by considering
isentropic expansions through the nozzle and the supply hole and isothermal conditions in
the air gap. It is worth noting that because of the large heat exchange between the metallic
part of the system and the small volumes occupied by the fluid, all the temperatures are
considered equal to the ambient temperature (Ts = T1 = T2 = Ta). The load capacity of
the compensated pad can be obtained by integrating the expression of the air gap pressure
distribution (for further details, see [35]):
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The considered compensation method is based on the fact that, for each value of the
external load applied upon a pad (Fext = Fp), there exists a supply pressure p1 that makes
it possible to keep constant a desired air gap height h∗. In order to clarify the working
principle of the compensation method, Figure 5a,b compare the operating principles of a
conventional to that of the considered compensated pad. These figures compare how a
conventional pad (Figure 5a) and a compensated pad (Figure 5b) work when the external
load F increases. Here, continuous lines represent the air flow G2 supplied by the supply
holes of the pad for a given supply pressure p1 and a variable downstream pressure p2.
Similarly, dotted lines represent the air flow G3 exhausted from an air gap with a constant
height. Given an initial condition (h0, G0 = G2 = G3, F0), in a conventional pad, the air
flow G and the air gap height h decrease as the applied load F increases (see Figure 5a).
This is because the operating principle of the pad depends on the air flow supplied by its
supply holes. The idea of the proposed compensation method is to exploit the presence of
the diaphragm valve to compensate for these air gap height variations by increasing the
supply pressure of the bearing. As can be seen from Figure 5b, if the diaphragm valve were
able to suitably modify the supply pressure of the pad in accordance with external load
variations, the compensated pad would work at a constant air gap height, thus providing
quasi-static infinite stiffness.

Figure 5. (a) Working conditions of a conventional pad. (b) Working conditions of a compensated pad.
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The aim of this work is to show how to design the compensated pad (the valve and
the pad) in order to obtain the highest stiffness in a neighborhood of a desired air gap
height h∗.

2.2. Design Procedure

Once a desired air gap height h∗ is decided, the most important parameters that have
to be defined to maximize the stiffness of the pad are:

• the stiffness of the diaphragm (km);
• the initial position of the nozzle with respect to the diaphragm (x0).

The first step in defining the values of these parameters is to compute the ideal values
of the supply pressure of the pad p1

id that make it possible to obtain a constant air gap
height h∗. These pressure values can be easily computed by applying the continuity
equation at the air gap entrance:

G2︷ ︸︸ ︷
cd2(Re, h∗)

p1
id√

RgT1
πdph∗ ϕ

(
p2

p1
id

)
−

G3︷ ︸︸ ︷
π h∗3(p2

2 − p2
a
)

12μRgTs·ln
(

d
dp

) = 0 (6)

Based on the assumption that, in most cases, external loads applied upon the pad F
are proportional with respect to the pressure downstream of its supply holes p2, given the
external loads and the desired air gap height h∗, Equation (6) can be used to compute the
corresponding pid

1 . Being nonlinear, Equation (6) must be solved iteratively through the
Regula Falsi Method. It is worth noting that discharge coefficients can be also considered as
a function of the Reynolds number Re and the considered air gap height h∗ using different
formulations [34] (as shown in Equations (1) and (2)).

Once pid
1 has been computed for each value of the applied load F, it is necessary

to limit the maximum value of pid
1 considering the maximum supply pressure that can

be provided to the valve. In these instances, the maximum value was taken as equal to
0.7 MPa. This choice was made considering the supply pressures that are normally used in
conventional gas bearing applications ([36], see page 228). Figure 6 shows the trend of the
ideal and effective (considering the limit of 0.7 MPa) supply pressure p1 as a function of the
applied load (computed through Equation (5)). As can be seen, the range of compensation
reduces as the maximum supply pressure is reduced.

Figure 6. Trend of pid
1 and pe f f

1 versus the applied load Fext.

At this stage, given that
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• the air mass flow rate G = G3;

• the effective supply pressure that the valve must supply to the pad pe f f
1 ,

it is possible to compute the correspondent valve opening law: the distance between
the nozzle and the diaphragm x. Similarly to the previous step, this can be done by
imposing the continuity equation at the valve chamber.

xid =
G3
√

RgTs

πdv ps ϕ

(
pe f f

1
ps

) (7)

The only difference from the previous step is that the dimension of the nozzle diameter
is unknown. In order to define a suitable value of this diameter dv, x were computed
considering different ratios of dv/dp: 0.5, 0. 25 and 0.1.

Figure 7 shows the trend of the ideal distance xid versus the pressure in the valve cham-
ber for different dv/dp ratios. Here, it is possible to see that adopting lower ratios of dv/dp
results in more compliant diaphragms with a more nonlinear behavior. In view of this, a
better choice would be to consider a ratio as large as possible to reduce the dimensions and
the nonlinear behavior of the valve diaphragm. On the other hand, the smaller the diameter
ratio, the more effective the compensating action of the valve. This can be argued consid-
ering the curtain areas downstream of the valve nozzle and the supply hole of the pad:

πdph < πdvx Pad behaviour (Case 1)
πdph > πdvx Valve compensation (Case 2)

 
Figure 7. Trend of the ideal distance xid versus the pressure in the valve chamber for different
dv/dp ratios.

Depending on which of these curtain areas is the smaller one, the system behavior is
governed by the pad (Case 1) or the compensating action of the valve (Case 2). After these
considerations, the ratio dv/dp was taken as equal to 0.5 (dp = 1 mm and dv = 0.5 mm). At
this point, on the basis of the curve obtained in Figure 7, it is necessary to approximate the
ideal curve representing the valve opening law with a straight line. The better the straight
line approximates the ideal curve, the closer the real behavior of the system will be to the
ideal one. In view of this, the line was taken between the ideal curve at pressures equal to

0.2 MPa and
(

2
k+1

)k/(k−1)
ps.
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Once these two points A (x∗v,1; p∗1,1) and B (x∗v,2; p∗1,2) are defined, by suitably manip-
ulating the equation of the line, it is possible to obtain the values of the corresponding
diaphragm stiffness km and its initial distance from the nozzle x0:

x0 = x∗v,1 −
(

x∗v,2 − x∗v,1

p∗1,1 − p∗1,2

)
× p∗1,2 (8a)

km =
πD2

m

4
( x∗v,2−x∗v,1

p∗1,2−p∗1,1

) (8b)

where Dm = 3 mm is the effective diameter of the diaphragm (the diameter corresponding
to the active surface of the diaphragm) that, in order to reduce the valve dimensions, was
taken as 1 mm larger than the outer diameter of the nozzle.

2.3. Computational Algorithm to Obtain the Bearing Features

When the parameters that characterize the behavior of the compensated pad were
defined, namely km, x0, dv, dp, ps, h∗, the static performance was obtained through the
lumped model depicted in Figure 4. Here, the equations related to the analytical solution
of a circular and centrally fed pad were used to compute the load capacity (Equation (5))
and the air flow (Equation (3)) of the pad. The presence of the lumped volumes V1 and V2
was necessary to iteratively calculate the correspondent pressure p1 and p2. The structure
of the algorithm to compute the static curves of the compensated pad is similar to that
adopted in [31] and it has been implemented in the Matlab environment. The algorithm
consists of two main parts. The first part is necessary to compute an initial static solution
of the problem (h0, Fp0 , G0, P00 , P10 , P20), where the load capacity Fp0 and the air mass flow
rate G0 of the pad are computed by considering the air gap height h0 as an input parameter
of the model. Once the convergence conditions on the load capacity and flow rate are
simultaneously satisfied, the resulting physical parameters h0, Fp0 , G0, P00 , P10 , P20 are
used as input variables in the second main part of the algorithm. In this second step, the
air gap height values that guarantee the equilibrium of the pad are iteratively computed by
simulating the application of a step force ΔF (in the time domain). Given the initial static
condition (h0, Fp0 , G0, P00 , P10 , P20) and the selected step force ΔF, the external load Fext

acting on the pad is computed as:

Fext
i = Fp0 + i·ΔF (9)

where, i is the number of iterative steps that have been already solved (i = 0, 1, 2, . . . , imax).
In each iterative step (i), the equilibrium air gap height is computed by solving the equilib-
rium equation of the pad (Equation (10)) through Euler’s explicit method:

Fext = Fp − M
..
h (10)

where M is the moving mass of the pad. Once the equilibrium is reached (M
..
h ≈ 0 and

the convergence conditions are satisfied), the obtained results are used as the new initial
condition, and the new external load Fext is obtained from the previous one by adding a
further step force ΔF (see Equation (9)). As discussed in [31], it is necessary to use this kind
of algorithm since the compensating action of the valve renders the load capacity Fp and
the air mass flow rate G non-injective functions of the air gap height h (there is more than
one load capacity and air mass flow rate for the same air gap height value).

3. Sensitivity Analysis

The lumped model and the proposed design procedure are used to perform a sensi-
tivity analysis aimed at investigating the influence of the pad size (diameter D), the ratio
between the pad and valve supply holes (dv/dp), the desired air gap height (h∗) and valve
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supply pressure (ps). Figure 8 shows a scheme that summarizes what has been done in
the present work. Firstly, the design procedure and the lumped model were applied to a
reference case where the input parameters were chosen by considering the supply pressure
(ps = 0.7 MPa) and bearing size (D =40 mm) that are conventionally used in gas bearing
applications and supply hole diameters that can favor the compensation action of the valve
and the manufacturing of the valve nozzle (dv = 0.5 mm and dp = 1 mm). In fact, taking
large supply hole diameters of the pad makes it possible to obtain a compensated system
whose behavior is mainly governed by the valve nozzle and the air gap. Then, this analysis
was extended to evaluate the effect of the influence of size of the pad, the ratio between the
pad and valve supply holes, the desired air gap height and valve supply pressure.

Figure 8. Flow charts summarizing the steps of the proposed design procedure and sensitivity analysis.

4. Results and Discussion

Figures 9–21 show the results of the performed sensitivity analysis.

Figure 9. Comparison among the load capacities of the two benchmarks and compensated pad
designed considering different desired air gap heights h∗, by considering the other parameters as
constant: D = 40 mm, dp = 1 mm, dv = 0.5 mm and ps = 0.7 MPa.

77



Lubricants 2021, 9, 47

Figure 10. Comparison among the air consumptions of the two benchmarks and compensated pad
designed considering different desired air gap heights h∗, by considering the other parameters as
constant: D = 40 mm, dp = 1 mm, dv = 0.5 mm and ps = 0.7 MPa.

Figure 11. Trend of the optimal diaphragm stiffness expressed as a function of the desired air gap
height h∗, by considering the other parameters as constant: D = 40 mm, dp = 1 mm, dv = 0.5 mm
and ps = 0.7 MPa.

4.1. Effect of the Selected Air Gap Height

Figures 9 and 10 show the load capacity and the air consumption of different compen-
sated pads designed to work at different air gap heights h∗ = 10, 15, 20 and 25 μm, whereas
the other input parameters are chosen equal to those of the reference case indicated in
Figure 8 (ps = 0.7 MPa, D = 40 mm, dv = 0.5 mm and dp = 1 mm). The characteristic
curves of the non-compensated pad and a “more conventional” pad (dp = 0.2 mm) were
used as benchmark curves to better figure out the efficiency of the proposed method. It is
possible to see that the stiffness of the compensated pad is much higher than those of the
benchmark curves over almost the entire analyzed load range and for all the desired air
gap heights h∗ (Figure 9). As regards the air consumption (Figure 10), for the compensated
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pad, it increases as the desired air gap height is increased too. However, by considering
the common air gap heights used in industrial applications (around 10–15 μm), the air
consumption is quite similar or lower than those of the second benchmark (dp = 0.2 mm).
Other relevant considerations can be made on the diaphragm stiffness that is required to
obtain these compensated pads. As it is possible to see in Figure 11, this stiffness decreases
in a nonlinear way as the desired air gap height is decreased.

Figure 12. Comparison between the pressures upstream and downstream of the orifice of the pad
considering different values of the desired air gap height h∗, by considering the other parameters as
constant: D = 40 mm, dp = 1 mm, dv = 0.5 mm and ps = 0.7 MPa.

Figure 13. Comparison among the load capacities of the two benchmarks and compensated pad
designed considering different ratios of the nozzle dv diameters, by considering the other parameters
as constant: D = 40 mm, h∗ = 15 μm and ps = 0.7 MPa.
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Figure 14. Comparison among the air consumptions of the two benchmarks and compensated pad designed considering
different ratios of the nozzle dv and orifice dp diameters, by considering the other parameters as constant: D = 40 mm, h∗ =

15 μm and ps = 0.7 MPa.

Figure 15. Trend of the optimal diaphragm stiffness expressed as a function of the diameter ratio dv/dp and orifice dp

diameters, by considering the other parameters as constant: D = 40 mm, h∗ = 15 μm and ps = 0.7 MPa.

Further insight into the functioning of the compensated pad can be obtained by
considering the pressure drop occurring downstream of the supply hole of the pad. From
Figure 12, it is clear that, thanks to the valve regulation, close to the desired air gap height,
the pressure drop downstream of the supply hole of the pad is almost zero (the presence of
this hole has no effect on the behavior of the pad). This effect becomes more relevant as the
desired air gap height is decreased.
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Figure 16. Comparison among the load capacities of the two benchmarks and compensated pad
designed considering different outer diameters of the circular pad D, by considering the other
parameters as constant: dp = 1 mm, dv = 0.5 mm, h∗ = 15 μm and ps = 0.7 MPa.

Figure 17. Comparison among air consumption of the two benchmarks and compensated pad
designed considering different outer diameters of the circular pad D, by considering the other
parameters as constant: dp = 1 mm, dv = 0.5 mm, h∗ = 15 μm and ps = 0.7 MPa.

4.2. Effect of the Diameter Ratio

Figures 13–15 report the results from the simulations aimed at investigating the effect
of varying the supply hole of the valve dv keeping constant the supply hole of the pad
dp = 1 mm. This because relatively large diameters for the supply hole of the pad are
essential to obtain higher performance from this kind of compensation system. As it is
possible to see from Figures 13 and 14, varying the diameter of the supply hole of the valve
does not affect the performance of the compensation system. This can be easily understood
by considering that, in this instance, the reduction in the conductance of the valve supply
hole (due to the lower diameter) is compensated by an increase in the diaphragm stiffness
(lower values of x).
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Figure 18. Trend of the optimal diaphragm stiffness expressed as a function of the outer diameter of
the pad D, by considering the other parameters as constant: dp = 1 mm, dv = 0.5 mm, h∗ = 15 μm
and ps = 0.7 MPa.

Figure 19. Comparison among the load capacities of the two benchmarks and compensated pad
designed considering different values of the supply pressure ps, by considering the other parameters
as constant: dp = 1 mm, dv = 0.5 mm, h∗ = 15 μm and D = 40 mm.

4.3. Effect of the Pad Size

The influence of increasing the pad size was investigated by considering the perfor-
mance of different compensated pads with outer diameters that are larger than the reference
case of 10, 25, 40 and 50%. As can be seen from Figure 16, the region of maximum stiffness
(around the desired air gap height h∗) of the pad increases proportionally with respect to
the size of the pad. Conversely, the air consumption is almost the same considering this
increment in the pad size (Figure 17). Additionally, in this case, to obtain higher perfor-
mance, the stiffness of the diaphragm has to suitably increase with the diameter of the pad.
Hence, increasing the size of the pad integrated does not reduce the effectiveness of the
method when this size variation is compensated by a suitable variation in the diaphragm
stiffness (Figure 18).
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Figure 20. Comparison among the air consumptions of the two benchmarks and compensated pad designed considering
different values of supply pressure ps, by considering the other parameters as constant: dp = 1 mm, dv = 0.5 mm, h∗ = 15 μm
and D = 40 mm.

 
Figure 21. Trend of the optimal diaphragm stiffness expressed as a function of the supply pressure
ps, by considering the other parameters as constant: dp = 1 mm, dv = 0.5 mm, h∗ = 15 μm and
D = 40 mm.

4.4. Effect of the Supply Pressure

Figures 19 and 20 show the results of the simulations aimed at investigating the effect
of reducing the supply pressure of the compensated pad (reference case, see Figure 8). As
expected, reducing the supply pressure of the compensated pad reduces both the maximum
load capacity and the region of maximum stiffness (Figure 19). As regards air consumption
(Figure 20), it obviously reduces with the supply pressure and it is always of the same
order of the second benchmark (dp = 0.2 mm). As can be seen from Figure 21, the stiffness
of the membrane reduces as the supply pressure is reduced.
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5. Conclusions

This paper presents a design procedure for a circular and centrally fed aerostatic pad
controlled by a diaphragm valve. As demonstrated by previous numerical and experimen-
tal works [29–31,33], this kind of compensation method makes it possible to significantly
increase the static stiffness of air pads up to quasi-static infinite stiffness. Here, a design
procedure is proposed to suitably select the geometry of this kind of passively compen-
sated pad depending on the values of a desired air gap height at which the system has
to work. The numerical results demonstrate that, thanks to this design procedure, it is
always possible to obtain a quasi-infinite stiffness in a neighbor of the desired air gap
height. Moreover, a sensitivity analysis was performed to study the effect of varying the
desired air gap height, supply pressure, diameter of the valve supply hole and the pad size.
It was found that the proposed design procedure is effective in the presence of all these
variations. In particular, the most relevant results are that:

• reducing the value of the desired air gap height globally increases the stiffness of the
system along with the compensation range;

• increasing the outer radius of the integrated pad or modifying the supply hole diame-
ter of the valve does not reduce the effectiveness of the compensation method but it
results in a different value of the required diaphragm stiffness;

• given the desired air gap height, the extent of the compensation range is almost
proportional to the supply pressure.

Future works will focus on numerical simulation by considering bearings with multi-
ple orifices and experimental tests to validate the preliminary results obtained herein.
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Nomenclature

D Outer diameter of the pad (m)
Dm Diameter of the valve membrane (m)
Fp Load capacity of the pad (N)
Fext Applied load (N)
G1 Air flow rate through the valve nozzle (kg/s)
G2 Air flow rate through the pad orifice(kg/s)
G3 Air flow rate through the air gap (kg/s)
M Moving mass of the pad (kg)
Q Air flow rate (l/min ANR 20 ◦C)
Rg Air constant (J/(kg·K))
R1 Pneumatic resistance of the valve nozzle ((s·Pa)/kg)
R2 Pneumatic resistance of the pad orifice ((s·Pa)/kg)
R3 Pneumatic resistance of the air gap ((s·Pa)/kg)
Re1 Reynolds number of the valve nozzle (-)
Re2 Reynolds number of the pad orifice (-)
Ta Ambient temperature (K)
Ts Supply temperature (K)
T1 Valve chamber temperature (K)
T2 Air gap temperature (K)
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V1 Volume of the valve chamber (m3)
V2 Volume at the air gap inlet (m3)
cd1 Valve nozzle discharge coefficient (-)
cd2 Pad orifice discharge coefficient (-)
dv Diameter of the valve nozzle (m)
dp Diameter of the pad orifice (m)
k Ratio of the air specific heats (-)
km Diaphragm stiffness (N/m)
h Air gap height (m)
h* Desired air gap height (m)
ps Valve supply pressure (Pa)
pa Ambient pressure (Pa)
p1 Pressure at the valve chamber (Pa)
p2 Pressure at the air gap inlet (Pa)
p∗1,i Supply pressure selected for the diaphragm design (Pa)
pid

1 Ideal supply pressure of the pad (Pa)
pe f f

1 Effective supply pressure of the pad (Pa)
s Diaphragm thickness (m)
x Membrane-Nozzle distance (m)
xid Ideal diaphragm deflection (m)
x0 Initial membrane-nozzle distance (m)
xv Membrane deflection due to the air pressure (m)
x∗v,i Deflection selected for the diaphragm design (m)
μ Dynamic viscosity (Ns/m2)
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Abstract: It is known that the elastic characteristics of polyamides change with increasing tempera-
ture; in particular, the Young’s modulus decreases significantly. This fact is practically not taken into
account in design calculations of metal-polymer plain (MP) bearings, operating under conditions of
the boundary and dry friction. The purpose of the study was the analysis of the effect of temperature
on the change of the Young’s modulus and, accordingly, the contact strength and triboresource
according to the developed method of calculating MP bearings. MP bearings with a bushing made of
polyamide PA6 reinforced with glass or carbon-dispersed fibers were investigated. Quantitative and
qualitative regularities of change of the maximum contact pressures and resource of the bearings at
temperature increase under conditions of boundary and dry friction are established. The pressures in
the bearing bushing made of PA6 + 30GF will be lower than for the bushing made of PA6 + 30CF.
The resource of the bushing made of PA6 + 30CF will be significantly greater than for PA6 + 30GF.
For thermoplastic polymers, the increase in temperature will have a useful practical effect due to the
decrease in the rigidity of the polymer composites of the bearing bushing.

Keywords: metal-polymer plain bearings; PA6-based polyamide composites; dispersed glass and
carbon fibers; temperature; Young’s modulus; maximum contact pressures and resource; boundary
and dry friction

1. Introduction

Metal-polymer (MP) plain bearings, which have been known since the 1930s, are
quite common in modern conditions due to their characteristic positive qualities. These
include sufficiently large load capacity, the possibility of use in dry friction and in a variety
of special technological and operational conditions and under shock loads, small axial
dimensions in comparison with their diameter, low noise level, damping ability, etc. They
are able to operate in a wide range of temperatures, both low and high.

Various types of thermoplastic polymers and composites based on them are used
as the material of MP bearing bushings, in particular, polyamides PA6, PA46, and PA66.
To increase the strength and wear resistance of polymers, fillers of various types and
structures (glass and carbon fiber, bronze powder, molybdenum disulfide, graphite, PTFE,
polyethylene, and even semiconductor materials) are used [1–7]. As a result of modification
by one or more fillers, significantly higher wear resistance, reduction of the sliding friction
coefficient, and increase of strength characteristics in comparison with basic polymers are
achieved. It should be noted that these performance characteristics of both unmodified and
modified polymers are influenced by temperature. In addition, the temperature affects the
elastic characteristics of polymeric materials. It is known that as the temperature decreases,
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the polymer materials become harder due to an increase in the Young’s modulus and a
decrease in the Poisson’s ratio. As it increases, the Young’s modulus will decrease and the
Poisson’s ratio will increase, i.e., the polymers become more deformable. However, despite
the rather large area of distribution and scope of MP bearing, the question of the impact
of changes in these elastic characteristics of polymer composites, in particular polyamide,
under the influence of temperature on their life and the bearing capacity remains poorly
understood. It is known [1] that the temperature significantly affects the decrease in the
Young’s modulus of polyamides.

A priori, it can be argued that with decreasing Young’s modulus and increasing Pois-
son’s ratio due to increasing temperature, the contact pressures in the MP bearing will be
lower because these mechanical characteristics of the polymer bushing are in the expres-
sions for their calculation in contact mechanics. It is logical to assume that the MP bearing
life will increase at a temperature higher than normal. However, this type of research for
MP bearings is absent in the literature as well as the corresponding effective analytical
methods for their implementation. It should be noted that the computational [8–15] or
numerical methods for the study of metal plain bearings [1,16,17] have not been used
in the calculation of metal-polymer plain bearings. In numerical methods of research of
metal-polymer plain bearings [18–20], the estimation of contact pressures is carried out;
however, there is no possibility of their triboresource determination.

It should be noted that in the experimental study of MP bearings, in addition to
the analysis of polymer bushing wear and sliding friction coefficient, some authors also
assess the temperature in the bearing and its effect on these tribotechnical characteristics of
various polymer composites [2–5], etc., in particular, PA6-based composites [2,3].

In [2], the tribological behavior of different bearings with polymer bushings was
studied in dry friction conditions, where it was shown that friction and wear depend
on speed, load, temperature, and duration of operation. In [3], the influence of sliding
speeds, pressure, and temperature on friction and wear of metal-polymer bearings made of
PA66, PA66 + 18% PTFE, and PA66 + 20% GF + 25% PTFE composites was described. The
article [4] was devoted to the study of the influence of the radial clearance of composite
plain bearings on the coefficient of friction, temperature, and wear. In [5], the wear under
dry friction of bearings with bushings made of modified PEEK + 30% wt. GF, +10% wt. CF,
graphite, and carbon fiber was investigated. The tribological properties of three different,
highly efficient polymers and their composites were studied at different temperatures
in [6].

Since the problem of estimating the influence of the temperature factor on the bearing
capacity and triboresource of MP bearings is of great practical importance, the developed
analytical method [21–25] for studying the contact strength and frictional stability of this
type of sliding tribosystems was used. It is based on the methodology of research of
wear kinetics at sliding friction and the authors’ methods of calculation of sliding bear-
ings with metal elements [22,25–27]. The article investigated MP bearings with bushings
made of composites PA6 + 30%GF and PA6 + 30%CF, modified with glass and carbon
fibers, correspondingly.

2. Materials and Methods

2.1. Influence of Temperature

The influence of temperature on the contact pressures and the resource of MP bearings
is based on changes in the elastic characteristics of polymer materials. Such changes for the
modulus of elasticity E and Poisson’s ratio μ of polyamide PA6 and PA6-based composites
PA6 + 30%GF and PA6 + 30%CF at T = 25–55 ◦C and relative humidity of 50% are given in
Table 1 ([1,28,29] and our own research results obtained by the Oliver–Farr method).

The operating temperature in the metal-polymer plain bearings should not exceed
60 ◦C, as this can lead to their thermal aging. The decrease in the modulus of elasticity, i.e.,
the decrease in rigidity, is more than 30% for PA6 and PA6 + 30%GF, while for PA6 + 30%CF
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this decrease is smaller. As for the increase in the Poisson’s ratio, i.e., the increase in
plasticity, it is insignificant.

Table 1. Influence of temperature on the modulus of elasticity and Poisson’s ratio.

Materials/Temperature, T ◦C 25 35 45 55 Decrease E, Times Poisson’s Ratio 1, μ Increase μ, Times

PA6 2700 2550 2400 2050 1.32 0.39/0.416 1.067
PA6 + 30%GF 3900 3750 3500 3000 1.3 0.42/0.438 1.043
PA6 + 30%CF 5400 5270 5150 4450 1.21 0.4/0.418 1.045

1 Poisson’s ratio μ at 25 and 55 ◦C.

2.2. Calculation of Contact Pressures

To conduct a study on the calculation of maximum contact pressures, the authors’
method of contact mechanics [21–25] on the internal contact of close radius cylindrical
bodies was used. This contact occurs in the plain bearing. The view and diagram of the
MP bearing is shown in Figure 1.

 

 
(a) (b) 

Figure 1. Metal-polymer plain bearing: (a) General view; (b) Diagram. 1, composite bushing; 2, shaft;
3, housing.

A static load N acts on the shaft 2 of the MP bearing. Since the plane contact problem
of the elasticity theory is considered, the total load N is reduced to a single F = N/l, where
l is the length of the shaft journal. The bearing has a guaranteed initial radial clearance
ε = R1–R2 ≥ 0. Accordingly, R1 is the inner radius of the bushing 1 and R2 is the radius
of the shaft 2. In MP bearings, the shafts are metal and the bushings are non-metallic. It
should be noted that the strength characteristics of the shaft and the bushing materials
differ significantly (8–10 times) as well as their modulus of elasticity (40–100 times), which
has a fundamental effect on the contact parameters. It is also known that in metal-polymer
tribocouples, polymer composites have 3–4 orders of magnitude lower wear resistance than
steel. The external load leads to the contact interaction of the shaft elements, resulting in the
appearance of the contact pressure p(α), unknown by magnitude and distribution acting
on the contact arc 2R2α0. That is, the task is to determine the specified contact parameters.

In the general equation for determining the contact pressure in the contact area [22,25],
we used the following function:

p(α) ≈ E0ε

√
tan2 α0

2
− tan2 α

2
, (1)

where E0 = (e/R2)cos2(α0/4), e = 4E1E2/Z, Z = (1 + κ1)(1 + ν1)E2 + (1 + κ2)(1 + ν2)E1,
α is the polar angle, E1, E2 is the modulus of elasticity, ν1, ν2 are Poisson’s ratios, and
κ = 3 − 4ν.
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The bearing capacity of the bearing is characterized by the level of maximum contact
pressures p(0), and they occur at α = 0. That is,

p(0) ≈ E0εtan(α0/2), (2)

The contact semiangle α0 is determined from the equilibrium condition of external
load F and contact pressures p(α). Taking into account expression (2), it is:

F = R2

α0∫
−α0

p(α)cosαdα =4πR2E0εsin2(α0/4). (3)

When the shaft rotates at a constant angular velocity, ω2, the parameters of the static
contact, i.e., the contact pressures p(α) and the contact angle, 2R2α0, will change due to
wear of the composite bushing. Accordingly, there will be a decrease in p(α) and an increase
in the contact area, 2R2α0. According to [22–26], wear contact pressures is

p(α, t, h) = p(α) + p(h), (4)

where p(h) is the change in initial pressures due to wear.
The law of change p(h) is chosen as follows

p(h) = Ehεh

√
tan2 α0h

2
− tan2 α

2
, (5)

where Eh = ch(e/R2)cos2(α0h/4) and ch > 0 is the wear rate indicator.
The tribocontact semiangle α0h characterizing the wear zone during wear is deter-

mined by condition (6)

F = 4πR2E0(ε + cαhεh)sin2(α0h/4), (6)

where εh = hkmax

(
−K(k)

t + h′k
)

, h′1 = h2/h1, h′2 = h1/h2 is the relative wear in the

tribosystem, K(1)
t = 1, K(2)

t = α0/π–coefficients of mutual overlap of bearing elements, cαh
is the indicator of the tribocontact angle growth rate, and hkmax is the acceptable wear of
elements 1 and 2 of the bearing:

h′1 =
B1τm1

10 (τ − τ20)
m2

B2τm2
20 (τ − τ10)

m1
K(2)

t , h′2 =
B2τm2

20 (τ − τ10)
m1

B1τ
m1
10 (τ − τ20)

m2
K(1)

t , (7)

where τ = f p(0) is the Coulomb specific friction force, f is the sliding friction coefficient,
Bk, mk, τk0 is the wear resistance characteristics of the tribocouple materials under the
accepted external conditions of triboexperimental research, and k is the numbering of the
bearing elements (Figure 1b).

2.3. Calculation of Resource

The calculation of the MP bearing service life when the bushing wears to h1 = hkmax is
carried out according to the formula:

t =
−Bkτ

mk
ko

vchτ(h)Σk(1 − mk)K
(k)
t

{
[τ − τk0]

1−mk − [(τ − τk0) + chhkmaxΣkτh(h)]
1−mk

}
, (8)

where v = ω2R is the sliding speed, ch is the coefficient of wear rate, Σ1 =
(
−K(1)

t + h′1
)

,

Σ2 =
(

K(2)
t − h′2

)
, and τ(h) = f p(0, t, h) = f Ehtan(α0h/2) is the maximum specific

friction force in tribocontact.
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2.4. Conditional Calculation of Bearing Capacity

In modern mechanical engineering, in the design of metal plain bearings, there are
two main criteria. The average pressure p (as its bearing capacity) and Zeiner’s pv are
used. The average contact pressure p is considered to be evenly distributed over the contact
area 2R2l′′

p =
N

2R2l
=

F
D2

≤ [p], (9)

where [p] is the allowable value of the contact pressure of less durable material (reference
parameter).

From Formula (9), it follows that the contact arc of length 2R2 = D2 corresponds to the
contact angle 2α0 = 360

◦
/π ≈114.6◦ = const, which does not depend on the properties of

the bearing materials. It should be noted that such a significant contact angle is achieved at
significant bearing loads and minimal radial clearances. Accordingly, this is confirmed in
the works available in the literature [1,8–20] and the authors’ works [22–27], based on the
methods of contact elasticity theory. It is also known that in plain bearings the magnitude
and distribution of contact pressures are significantly influenced by the radial clearance
and the elastic characteristics of the shaft and bushing materials. Actually, these significant
factors of influence are absent in Formula (9).

Additionally, also known is a modified formula [30] for determining the maximum
pressure pmax in the bearing:

pmax =
4
π

N
D2l

=
4
π

F
D2

, (10)

Here it is assumed that the pressure varies according to the law of cosine and the
contact arc 2α0 = 180◦. The structure of Formula (10) is the same as Formula (9). The
maximum pressure pmax according to Formula (10) will be 1273 times higher than the
average pressure p. It was also established [11] that at zero clearance in the cylindrical
conjugation at static contact, 2α0 ≈ 170◦. However, there must be a certain radial clearance
in the plain bearing because without it, its reliable operation is impossible.

That is, the simplified conditional methods for calculating plain bearings according to
the criterion of contact pressure p do not allow objectively assessing the actual pressure
level. Their use in the case of MP bearings seems unreasonable. For this purpose, it is
reasonable to use the above, presented in Section 2.2, the classical analytical method of the
contact mechanics of close radii cylindrical bodies with internal contact.

3. Solution, Results, and Discussion

Data for the calculation of MP bearings were N = 500, 1000, and 1500 N; F = N/l;
D2 = 30 mm; l = D2; ε = 0.2 mm; n2 = 60 rpm is the shaft rotational speed; fGF = fCF = 0.3
under dry friction; and h1max = 1.0 mm is the acceptable bushing wear.

Materials of the metal-polymeric bearings were shaft-steel 45 (0.45% C) normalized;
grinding; E2 = 210 GPa, μ2 = 0.3; B2 = 1013; m2 = 2; and τ20 = 0.1 MPa. The bushings were
(1) carbon-filled polyamide PA6 + 30%CF, ECF = 5.40 GPa, μCF = 0.4, B1CF = 24 × 1010,
m1CF = 1.9, and τ10 = 0.05 MPa and (2) glass-filled polyamide PA6 + 30%GF, EGF = 3.90 GPa,
μGF = 0.42, B1GF = 6.67 × 1010, m1GF = 1.9, and τ10 = 0.05 MPa [29,30]. Volume filler content
was 30%.

The calculation was performed according to the given flow diagram (Figure 2).
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Figure 2. The flow diagram.

The example of the calculation examines friction both with greasing (boundary)
and without greasing (dry). The mode of dry friction is widespread and dominant in MP
bearings due to self-lubrication of polymeric materials [1–7,18,19]. It is possible, if necessary,
to use in this type of bearings greasing with the implementation of boundary friction. In this
case, for these hybrid combinations, a steel-polymer composite in the calculated ratios of
the presented method, you only need to use the sliding friction coefficients corresponding
to this type of lubrication. Instead, the established wear resistance characteristics, B, m, τ0,
of these polymer composites remained the same because they were set for the range of
change of 0.2–4 MPa.

Figures 3–11 present the results of calculations. Accordingly, Figure 3 shows the effect
of temperature on the change of the maximum contact pressures at different levels of
external load.

Figure 3. Influence of ambient temperature on maximum contact pressures: PA6 + 30%CF in solid
lines, PA6 + 30%GF in dashed lines.
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Figure 4. Influence of ambient temperature on maximum wear contact pressures.

 

Figure 5. Influence of ambient temperature on the contact semiangle.

Figure 6. Influence of ambient temperature on change of contact semiangle due to bushing wear.
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(a) (b) 

Figure 7. Influence of ambient temperature on the bearing resource (boundary friction):
(a) PA6 + 30%CF; (b) PA6 + 30%GF.

Figure 8. Comparison of the bearing resources under boundary friction.

 

(a) (b) 

Figure 9. Influence of temperature on the bearing resource (dry friction): (a) PA6 + 30%CF;
(b) PA6 + 30%GF.
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Figure 10. Comparison of the bearing resources under dry friction.

Figure 11. Resource of MP bearings under dry and boundary friction.

Quantitative growth of p(0) is almost the same at different temperature levels. It is
established that, in the case of MP bearing with a bushing made of carbon composite
PA6 + 30%CF, the pressure at temperature T = 25 ◦C will be 1.1 times lower than at
T = 55 ◦C. For fiberglass bushings, this difference is almost the same, as it is 1085 times.
In the case of a bushing made of carbon composite, the maximum contact pressures
in the bearing will be 1.17–1.18 times higher than for a glass composite bushing at all
investigated operating loads. The maximum contact pressures p(0) in the MP bearings
depend nonlinearly on the load N. An increase in load N by three times causes an increase
in p(0)by 1736 times, i.e., ≈√

3.
When the bushing wears during the operation, the initial pressures p(0) will decrease.

Accordingly, Figure 4 shows the tribocontact pressures when reaching the accepted allow-
able bushing wear h1max.
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Regarding the patterns of maximum wear contact pressures, p(0, t, h) changes due to
polymer bushing wear or with increasing load. They will be similar both qualitatively and
quantitatively, as in the case of the initial maximum contact pressures p(0) (Figure 3).

The initial semiangles α0 were also calculated (Figure 5). It was established that, in a
bearing with a glass-composite bushing, they will be, accordingly, up to 1.18 times smaller
than in the presence of a carbon-composite bushing. With increasing load, α0 increases as
p(0), i.e., by 1736 times.

Wear of the composite bushing leads to an increase in the initial contact semiangles
α0 (Figure 6). Qualitative and quantitative patterns of their increase are preserved and
inverted to those that occur when the wear contact pressures p(0, t, h) decrease.

As a result of solving the problem by Equation (8), a predictive estimation of the
resource of the MP bearing with bushings PA6 + 30%CF and PA6 + 30%GF for both types
of friction was performed.

Figures 7 and 8 show the dependence of the bearing resource on the temperature at
the acceptable wear h1max = 1.0 mm for the boundary friction at different load levels.

Quantitative growth of the resource with increasing ambient temperature will be 22%
in the bearing with a carbon composite bushing and 20% with a glass composite bushing.
At all loads, such dependences are practically identical.

Figure 8 shows the resource of both MP bearings. The resource of a bearing with a
carbon composite bushing is much longer.

The ratio of resources of both MP bearings under boundary friction will be approxi-
mately the same for all loads at T = 25–45 ◦C: At N = 500 N it is 240–256%; at N = 1000 N it
is 245–261%; and at N = 1500 N it is 247–264%. At T = 55 ◦C for all loads N, this ratio is
higher, up to 270%.

Accordingly, Figures 9 and 10 show the bearing resource under dry friction.
When the acceptable wear h1max = 1.0 mm is achieved, there is an increase in the

resource with increasing ambient temperature: by 20% in the bearing with a carbon-
composite bushing and by 17% in the bearing with a glass-composite bushing. At all loads,
such dependence is practically identical.

The resource of a bearing with a carbon composite bushing is significantly greater
than with a glass composite (Figure 10).

The ratio of resources of both MP bearings under dry friction will be approximately
the same for all loads at T = 25–45 ◦C: At N = 500 N it is 248–264%; at N = 1000 N it is
250–264%; and at N = 1500 N it is 250–260%. At T = 55 ◦C for all loads N, this ratio is higher,
up to 271%.

Figure 11 shows the calculated resources of MP bearings for both types of friction.
A decrease in the coefficient of friction five times under boundary friction compared

to dry friction causes an increase in the resource of the MP bearings by several times. In
particular, at N = 1500 N it is 25–25.6 times with increasing temperature, at N = 1000 N it is
25.9–26.8 times, and at N = 500 N it is 28.1–29.8 times.

4. Conclusions

1. An increase in the ambient temperature causes a decrease in the value of the
Young’s modulus of polyamide composites PA6 + 30%CF and PA6 + 30%GF, resulting in a
decrease in the level of the initial maximum contact pressures p(0). That is, the increase in
temperature causes a decrease in the rigidity of polymer composites, which has a positive
effect on the bearing capacity of MP bearings (up to 10%). When the bushing wears, the
patterns of further reduction of the initial maximum contact pressures p(0) remain similar
to the initial pressures.

2. With increasing ambient temperature, there is an increase in the resource of MP
bearings. That is, the higher temperature has a positive effect on the resource of MP
bearings (up to 22%). The calculated resource under boundary friction of the bearing with
the carbon composite bushing will be higher, by 240–270%, than with the glass composite
bushing. Under dry friction, the similar correlation of resources takes place.
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3. It is established that the resource of MP bearings increases approximately on a
square dependence on decrease in coefficient of sliding friction

4. The developed analytical method of calculation of MP sliding bearings provides
at a design stage an effective predictive estimation of their contact parameters and the
resource, taking into account influence of ambient temperature. The presented method will
be used for research of MP bearings made of other types of polymeric materials.
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3. Demirci, M.T.; Düzcükoğlu, H. Wear behaviors of Polytetrafluoroethylene and glass fiber reinforced Polyamide 66 journal
bearings. Mater. Des. 2014, 57, 560–567. [CrossRef]

4. Miler, D.; Škec, S.; Katana, B.; Žeželj, D. An Experimental Study of Composite Plain Bearings: The Influence of Clearance on
Friction Coefficient and Temperature. Stroj. Vestn. J. Mech. Eng. 2019, 65, 547–556. [CrossRef]

5. Zhu, J.; Xie, F.; Dwyer-Joyce, R.S. PEEK Composites as Self-Lubricating Bush Materials for Articulating Revolute Pin Joints.
Polymers 2020, 12, 665. [CrossRef]

6. Kurdi, A.; Kan, W.H.; Chang, L. Tribological behaviour of high performance polymers and polymer composites at elevated
temperature. Tribol. Ind. 2019, 130, 94–105. [CrossRef]

7. Kindrachuk, M.; Volchenko, A.; Volchenko, D.; Volchenko, N.; Poliakov, P.; Tisov, O.; Kornienko, A. Polymers with enhanced
energy capacity modified by semiconductor materials. Funct. Mater. 2019, 26, 629–634. [CrossRef]

8. Goryacheva, I.G. Mechanics of Frictional Interaction; Nauka: Moscow, Russia, 2001.
9. Kragelsky, I.V.; Dobychin, N.M.; Kombalov, V.S. Fundamentals of Friction and Wear Calculations; Mashinostroenie: Moscow,

Russia, 1977.
10. Kuzmenko, A.G. Development of Methods of Contact Tribomechanics; KhNU: Khmelnytsky, Ukraine, 2010.
11. Teplyy, M.I. Determination of contact parameters and wear in cylindrical sliding bearings. Frict. Wear 1987, 6, 895–902.
12. Usov, P.P. Internal contact of cylindrical bodies of close radii during wear of their surfaces. Frict. Wear 1985, 3, 404–414.
13. Dykha, A.; Marchenko, D. Prediction the wear of sliding bearings. Int. J. Eng. Technol. 2018, 7, 4–8. [CrossRef]
14. Sorokatyi, R.; Chernets, M.; Dykha, A.; Mikosyanchyk, O. Phenomenological model of accumulation of fatigue tribological

damage in the surface layer of materials. Mech. Mach. Sci. 2019, 73, 3761–3769. [CrossRef]
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Abstract: Hydraulic components are often subjected to sliding contacts under starved or mixed
lubrication. The condition of starved lubrication occurs during the start-up phase of the hydraulic
machines or at low working temperature, causing friction and wear of components such as the
cylinder block or the valve plate. The aim of this paper was to evaluate the hydrophobicity and
oleophilic behavior of lead/lead-free bronze coatings under different texture conditions obtained
by varying the diameter and the density of the dimples. The wettability tests were performed using
sessile drop tests with oil and water liquids. The dimple parameters were analyzed using confocal
microscopy, while the XRF analyses were performed to evaluate the composition of the bronze
coatings. Based on the wettability measurements using oil and water, it was possible to assess that
the porous surface acted as oil reservoirs that could prolong the life of lubricating oil layer, and may
have resulted in a superior wear resistance. Furthermore, a relevant hydrophobicity was highlighted,
suggesting that the surface texturing promoted the water-repellent barrier action on the surface. The
experimental results showed that the discrepancy in surface properties in oil and water was raised
when using the lead bronze coating. These coupled oleophilic and hydrophobic behaviors could play
a beneficial role in sustaining the durability of a lubricating oil layer under a condition of continuous
water-droplet impact.

Keywords: wettability; lubrification; oleophilicity; hydrophobicity; laser surface texturing

1. Introduction

Friction and wear processes are generated in all parts subjected to a sliding con-
tact. The study of the tribological behavior of systems in reciprocating contact is a
topic of fundamental importance in many industrial fields, such as mechanics [1–3], hy-
draulics [4], and prosthetics [5,6], in order to reduce the deterioration of components and
improve their working life. Ruggiero et al. [7] investigated the tribological performances
of tooth-to-tooth contact and material-to-natural tooth contact (zirconia vs. zirconia and
natural tooth vs. zirconia) using a reciprocating tribometer under lubricated conditions
(artificial saliva). Wang et al. [8] analyzed the effects of textured surfaces on the friction
performance of a low-speed and high-torque water hydraulic motor. The experimental
results showed that about 62.6% of the wear-loss reduction could be reached using an
ellipsoidal pit surface, and the wear loss mainly occurred on the edges of pits.

Typically, the problem of friction and wear is addressed by using lubricants, but in
some working conditions, the lubrication may be insufficient. For this reason, in the last few
decades, different types of coatings have been studied to guarantee lubrication even in the
most severe conditions, such as coatings based on solid lubricants (lead and bismuth) [9,10],
functionalized surfaces to create superhydrophobic/superoleophobic coatings [11,12], self-
lubricating multilayered coatings [13], or textured surfaces. Surface texturing has been
known for a long time, as shown by the numerous studies reported in the scientific litera-
ture [14–17], but the aim of this study was to evaluate how the surface texturing affected
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the oleophilic and hydrophobic properties of the coating. Yang et al. [18] studied the effects
of micro/nano hierarchical structures on the surface of a titanium alloy (Ti-6Al-4V), and
observed that the contact angle of the drop increased as the density of the microtextured
surface increased, and the wetting state of the textured surfaces conformed to the Cassie
model. Volpe et al. [19] analyzed the effects of three different surface-texture geometries on
aluminum alloy surfaces. It was shown that by improving the laser texture strategy, it was
possible to reduce the laser processing time to produce superhydrophobic surfaces.

In recent times, several surface-texturing techniques have been developed, including
micromilling [20], hot embossing [21], electrochemical machining [22], wire EDM ma-
chining [23], and surface laser texturing [24–27], which is the most applied technique for
obtaining various micropatterns on a material surface due to its high precision, lower
environmental impact, good controllability, and flexibility without any chemical treatment.
The most widely used surface laser texturing taxonomies include the nanosecond (ns),
picosecond (ps), and femtosecond (fs), as they have better controllability, accuracy, and
complexity [28]. Due to these advantages, the surface laser texturing technique has been
extensively used in numerous applications to improve the tribological performance of coat-
ings, such as lubrication in bearing applications; to improve adhesion bond strength in var-
ious coating applications; and fabrication of structures for hydrophobic/superhydrophobic
surfaces [29–31].

The laser surface texturing has several advantages in terms of tribo-mechanical behav-
ior. Indeed, the presence of micro-dimples, could allow an enhancement of the tribological
behavior optimizing the surface lubrication, thanks to a reservoir action supplied by the
tailored surface dimples [32]. Besides, in hydrodynamic or mixed lubrication, these surface
microcavities acts as hydrodynamic bearings [33]. A further relevant feature of the laser
surface texturing is the capacity to decrease the abrasive wear, since the cavities of the
profile behave like trap for the debris that are formed during the relative motions with
other bodies improving the tribological properties of the coated surface [27].

Although the tribological behavior of textured coatings has been analyzed in many
scientific studies, the focus of the authors is not to evaluate the effect of the texture on the
friction and wear of the coating, but rather how the wettability of the coating varies and
in particular the hydrophobicity and oleophilic, and therefore lubrication, changing the
geometric parameters of the dimples and the composition of the bronze alloy.

The possibility of correlating the microstructural properties with the surface interaction
with polar and non-polar liquids, such as water and oil, represents an increase in knowledge
for this class of materials, providing further stimuli for their development and industrial
applicability of this technique in this field [34,35].

In this paper the wettability measurements with pump oil and water were performed
on different types of lead/lead-free textured coating, varying the diameter and density of
the dimples. The surface and dimples parameters were analyzed using confocal microscopy,
while XRF analyses were performed to evaluate the composition of the bronze coatings.

2. Materials and Methods

2.1. Materials

All tests were carried out on two different bronze alloys (the specimens are shown in
Figure 1): one called EN CC480K, which did not contain lead; and one called EN CC496K,
with a percentage of lead of about 12%.

These materials are typically used for antifriction coatings in hydraulic pumps and
motors, such as on valve plates [36], cylinder blocks [4], and slippers [30], or in the au-
tomotive field [37,38]. As is known, in the bronze alloys used for components that can
work in conditions of starved lubrication and high friction, lead is used as a solid lubricant.
However, lead is a toxic element, and therefore manufacturers are attempting to eliminate
or replace it (with bismuth). For the above reasons, we decided to evaluate the behavior of
two bronze alloys, one containing lead and one free of lead.
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(a) (b) 

Figure 1. (a) EN CC480K bimetal disk (lead-free bronze); (b) EN CC496K bimetal disk.

Table 1 shows the results of the XRF analyses of the two different bronze alloys. As
shown in the table, the EN CC480K alloy contained 90% copper and a trace amount of
Pb, while the EN CC496 K alloy had a high lead content, ranging between 10% and 15%.
The effects of the different compositions on the wettabilities of the coatings were analyzed
through the use of an EDS analysis.

Table 1. Compositions of bronze alloys.

Bronze Alloys Sn% Pb% Ni% Si% Cu%

EN CC480K 7.94 0.06 1.08 0.31 90.5
EN CC496K 10.86 12.43 0.03 0.15 76

The textured microstructures on the bimetal coated cylinder disk samples were ob-
tained by using a surface laser texturing technique (Laser P 400, GF Machining Solution,
Schaffhausen, Switzerland), with maximum power of 40 W and a spot size of 15 μm. In
particular, the surface texture was tailored by varying the diameter and the density of the
dimples on the surface, for both the lead-based and lead-free bronze coatings. The codes
and surface-texture parameters for all batches are reported in Table 2.

Table 2. Codes and surface-texture parameters for all batches.

Sample Typology of Texture Dimple Diameter (μm) Density Area (%)

AR As received / /

B100-D10 100 10

B150-D10 150 10

B200-D10 200 10
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Table 2. Cont.

Sample Typology of Texture Dimple Diameter (μm) Density Area (%)

B100-D20 100 20

B100-D30 100 30

B100-D40 100 40

Samples were investigated with three laser-beam diameters (100, 150, and 200 μm).
Furthermore, for a laser beam of 100 μm, four dimple surface densities were analyzed, in
the range of 10–40%. For each batch, 3 replicas were created.

A total of 42 samples were created: they were classified based on their textured surface
and coating characteristics. In particular, each batch was coded with an acronym using a
prefix that referred to the coating characteristic (PbB and PbF, for the Pb-based and Pb-free
surfaces, respectively. A second suffix, “B” coupled with a number, referred to the beam
diameter (expressed in microns). The last suffix, “C” coupled with a number, referred
to the density of the surface area of the laser-melted surface. As an example, the code
PbF-B100-D20 indicates a sample with a Pb-free surface, textured with a beam diameter
of 100 μm and a surface density of 20%. PbB-AR and PbF-AR codes were used for the
as-received samples of Pb-based and Pb-free surfaces, respectively.

2.2. Wettability Measurments

Water-contact-angle measurements were performed by using a tensiometer instrument
(AttensionTheta by Biolin Scientific, Gothenburg, Sweden). The test was performed with
bidistilled water and pump oil. The oil lubricant used was LI-HIV 46 (viscosity index 175).
It is commonly applied in pumps and motors. Table 3 summarizes the main physical
parameters of the lubricating oil.

Table 3. LI-HIV 46 oil parameters.

Parameters Value

Density at 20 ◦C 873 kg/m3

Viscosity at 40 ◦C 46 cSt
Viscosity at 100 ◦C 9 cSt

Viscosity index 175
Freezing ◦C −35

Flammability ◦C 210

A droplet of the liquid (volume of 3 μL) was softly sited on the coating surfaces in
conditions that were open to air and at room temperature (25 ◦C). After the deposition, the
droplet profile was recorded by a microcamera and automatically analyzed by the software
supplied with the tensiometer instrument. For each sample, 10 replicas (randomly located
on the surface) were performed for all batches.

Morphological analyses of the textured surface and related surface features were
carried out by means a 3D confocal optical microscope (Leica DCM 3D, Wetzlar, Germany).
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3. Results and Discussion

3.1. Surface Morphology

To better evaluate the surface characteristics of the coatings and the geometry of the
dimples, confocal microscopies were carried out on both the EN CC480K alloy coating and
the EN CC496K alloy coating. Figure 2 shows the 3D scans of the AR samples (Figure 2a,b)
and those of two B150-D10 textured samples (Figure 2c,d). As reported in Table 4, the
surface of the PbB-AR sample had a higher average roughness than the PbF-AR sample,
measuring approximately 100 nm. This may have been because lead bronze alloys exploit
the insolubility of lead in copper to create lead-free globules in a copper–tin matrix. The
soft lead phase deformed easily and was smeared on the surface to form a solid lubricant,
leaving empty pockets that could have been the cause of the increased roughness.

 

 

 

(a) 
(b) 

(c) (d) 

Figure 2. Comparison of 3D confocal microscopies: (a) PbF-AR sample; (b) PbB-AR sample;
(c) PbF-B150-D10; (d) PbB-B150-D10.

Table 4. Roughness parameters of untextured specimens in an area of 636.61 × 477.25 (μm2).

Roughness PbB-AR PbF-AR

Max (μm) 1.728 2.495
Min (μm) −6.220 −6.181

Mean (nm) 474.79 583.25

As shown in Figure 2c,d, the dimensions of the dimples were comparable with the
project dimension, although the surface laser texturing technique did not allow them to have
a perfect hemisphere. However, it should be noted that the surface laser texturing process
caused asperities called pile-ups, which increased the surface roughness by involving an
increase in friction and possible debris formation [27,39].

To evaluate the effects of the surface laser texturing on the surface of the bronze
coatings, the roughness profiles of the textured samples obtained by varying the diameter
of the dimples (Figure 3) and the profiles of the textured samples obtained by varying the
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density of the dimples were compared (Figure 4). The roughness profiles were obtained
while taking into consideration the portion of the specimen with the maximum density
of dimples. When examining the graphs in Figure 3, it is possible to notice some of the
negative aspects related to the laser beam texturing technique. In fact, by increasing the
diameter of the dimples, the depth of the dimples also increased, reaching peaks of 30 μm
(Figure 3c). This was due to the inability of the diameter of the laser beam to draw a
perfect hemisphere. Furthermore, as shown in Table 5, as the diameter of the dimples
increased, the average surface roughness also increased. This aspect was probably due to
the formation of pile-ups (more visible in Figure 3a), which were much greater than the
quantity of material removed.

 
(a) (b) 

 

 

(c)  

Figure 3. Comparison of roughness profiles when varying dimple diameter: (a) PbB-B100-D10;
(b) PbB-B150-D10; (c) PbB-B200-D10.
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(a) (b) 

 

 

(c)  

Figure 4. Comparison of roughness profiles when varying dimple density: (a) PbB-B100-D20;
(b) PbB-B100-D30; (c) PbB-B100-D40.

Table 5. Roughness parameters of PbB specimens with different dimple diameters in an area of
636.61 × 477.25 (μm2).

Roughness PbB-B100-D10 PbB-B150-D10 PbB-B200-D10

Max (μm) 17.409 11.174 8.866
Min (μm) −16.384 −31.646 −34.295

Mean (μm) 3.330 4.161 4.584

Figure 4 shows a comparison of the roughness profiles as the density varied. What
should be noted when analyzing the curves is that the greater the density of the dimples
on the surface, the smaller the portion of material that separated one dimple from another,
until it became real roughness in the case of the PbB-B100-D40 sample. While the increase in
the density of the dimples ensured a more effective lubrication due to the greater presence
of “oil reservoirs” on the surface, on the other hand, it also involved a substantial increase
in the surface roughness, approximately 3–4 times greater than that obtained by varying the
diameter of the dimples. Furthermore, as shown in Table 6, in this case the depth values for
the dimples that were obtained were even higher than in the previous case, up to 40–45 μm
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in depth. However, as will be analyzed in the next chapter, a greater increase in roughness
led to an increase in the hydrophobic characteristics of the coatings.

Table 6. Roughness parameters of PbB specimens with different dimple densities in an area of
636.61 × 477.25 (μm2).

Roughness PbB-B100-D20 PbB-B100-D30 PbB-B100-D40

Max (μm) 14.472 28.936 27.515
Min (μm) −45.045 −49.443 −18.330

Mean (μm) 8.1984 12.579 10.467

Figure 5 shows a comparison of the roughness profiles of the lead-free bronze and
lead bronze samples. As shown in Figure 5a,b, in the cases of both the PbB-B100-D10 and
PbB-B100-D40 samples, the profile drawn by the dimples had a more regular trend, and the
lower surface of the dimples had a less-indented appearance. This more regular trend was
justified by the lower hardness of the lead bronze coating compared to the free-lead bronze.
In fact, for both the PbF-B100-D10 and PbB-B100-D40 samples, the depths of the dimples
were much greater than that defined in Table 2, and this was justified by the longer time
taken by the laser to melt the coating.

  
(a) (b) 

Figure 5. (a) Comparison of the roughness profiles of the PbB-B100-D10 and PbF-B100-D10 samples;
(b) comparison of the roughness profiles of the PbB-B100-D40 and PbF-B100-D40 samples.

Figure 6 shows the statistical parameters of the surface profile used to analyze the
correspondence between the geometric design parameters of the texture and the real
geometric parameters averaged as a function of 10 measurements for each type of texture.
Therefore, by analyzing the statistical parameters of the texture, the numerical values of
which are shown in Table 7, it was possible to confirm that the surface laser texturing
process generated a variability of a few tens of microns with respect to the design values,
and this was due to the diameter of the laser beam of the machine used, as well as the
type of material. It is important to specify that the data were obtained while considering
both the PbF and PbB specimens to have broader statistical data. However, as already
mentioned, and as shown in Figure 5, there was a difference in workability between the
two types of coatings that certainly depended on the presence of lead.
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Figure 6. Representation of the geometric parameters used for statistical analysis.

Table 7. Variation of surface geometric parameters.

Parameters B100-D10 B150-D10 B200-D10 B100-D20 B100-D30 B100-D40

S (μm) 119.50 ± 8 243 ± 20 411 ± 22 38.2 ± 5 16 ± 6 15.7 ± 2
D (μm) 113 ± 10 165.4 ± 15 221.6 ± 20 119.2 ± 7 138 ± 8 154.3 ± 4
H (μm) 14.1 ± 3 22.7 ± 5 27 ± 2 26.4 ± 7 37.3 ± 10 20.4 ± 4

3.2. Surface Wettability

In order to better correlate the morphologies of the textured surfaces with the surface
properties of the bronze coatings, wettability measurements were carried out. Some
representative images of 3 mL droplets deposited on the textured surfaces, with varying
surface texturing, are shown in Figures 7 and 8 for both the Pb-based and Pb-free coated
surfaces. In particular, the wettability measurements were carried out with water (polar
liquid—Figure 7) and pumping oil (nonpolar liquid 002D—Figure 8).

Figure 7. Water droplets for all Pb-based and Pb-free textured surfaces.
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Figure 8. Oil droplets for all Pb-based and Pb-free textured surfaces.

When evaluating the wettability results, an evident correlation of the surface properties
with the polar and nonpolar characteristics of the liquid was identified. All the specimens
in both the PbB and PbF batches showed a predominantly hydrophobic behavior with
water and an oleophilic one with pump oil. In particular, the surfaces showed a strong
interaction with the oil, which spread easily in the interstices of the textured surface, which
led to very low contact angles.

Moreover, it is worth noting that the texturing procedure contributed significantly
to modifying the surface properties of the bronze coatings. The PbB-AR and PbF-AR
specimens showed a more evident surface hydrophilicity and a less marked oleophilic one
compared to the surface-treated ones. This qualitatively suggested that the surface without
laser treatment did not allow selective operation toward liquids, potentially offering a
less-effective lubricating capacity.

In order to be able to better quantitatively correlate the surface wettability perfor-
mances with the surface morphologies, Table 8 summarizes the water contact angle (WCA)
and pump oil contact angle (OCA) for all the investigated batches.

Table 8. Water and pump oil contact angles for PbF and PbB batches.

PbF Batches WCA (◦) OCA (◦) PbB Batches WCA (◦) OCA (◦)

PbF-AR 93.0 ± 3.7 16.5 ± 1.6 PbB-AR 100.0 ± 3.7 29.3 ± 2.9
PbF-B100-D10 109.6 ± 3.6 17.2 ± 1.7 PbB-B100-D10 149.9 ± 4.2 12.2 ± 1.2
PbF-B150-D10 122.1 ± 3.2 20.2 ± 2.0 PbB-B150-D10 133.5 ± 4.8 11.6 ± 1.2
PbF-B200-D10 100.1 ± 2.5 20.1 ± 2.0 PbB-B200-D10 105.3 ± 4.0 22.0 ± 2.2
PbF-B100-D20 134.9 ± 7.0 14.0 ± 1.4 PbB-B100-D20 140.8 ± 3.6 10.5 ± 1.0
PbF-B100-D30 149.5 ± 4.2 9.3 ± 0.9 PbB-B100-D30 141.5 ± 2.1 11.2 ± 1.1
PbF-B100-D40 144.3 ± 4.8 15.6 ± 1.6 PbB-B100-D40 145.5 ± 3.0 13.0 ± 1.3

Concerning the PbF batch, the laser surface texturing induced an increase in the contact
angle in a range of about 15◦–50◦. The higher result was observed for PbF-B100-D30, which
showed a WCA of 149.5◦, close to the superhydrophobic threshold [31].

When evaluating the evolution of the WCA values with varied surface texturing, it
was seen that the dimple size played a less-relevant role than the dimple density. Indeed,
the specimens characterized by the same density and a growing dimple size showed slight
similar water contact angle values. Conversely, with increasing dimple density, a significant
increase in the hydrophobic surface properties occurred.

In addition, when assessing the evolution of the OCA trend when varying the surface
texturing, the oleophilic properties were quite similar, if not worse. Only the PbF-B100-D30
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batch showed an evident increase in the interfacial affinity with nonpolar liquids, as shown
by an average OCA value of 9.3◦.

Different considerations could be addressed by evaluating the contact angle values
for the PbB batches. For samples with the lead-based bronze coating, the laser surface
texturing had an evident effect on the surface wettability performances. A coupled increase
in the hydrophobic and oleophilic behaviors took place. All samples characterized by a
laser beam diameter of 100 μm exhibited a WCA close to 150◦. Furthermore, the OCA
experienced a reduction of up to 20◦.

Not only the liquid/solid contact angles were evaluated, but also the sliding angles, in
order to understand the surface wettability behavior [40]. All the samples before and after
texturing showed a high liquid sliding angle (90◦), indicating a high liquid adhesion (data
not reported in the table). Thus, creating a textured structure did not change the water
adhesion on the sample surface, regardless of the coating nature.

The marked hydrophobic and oleophilic behaviors found in the laser-textured samples
could be related to the intrinsic surface morphology acquired by the coatings at the end of
the surface treatment. The resulting surface profile was constituted by a larger number of
peaks and valleys, making the surface regularly jagged and rough.

This was in accordance with Wenzel’s theory, which relates the surface roughness to
the liquid/solid contact angle [41,42]. Indeed, Wenzel proposed a relationship between the
surface-roughness ratio (R: ratio of the rough surface area to the smooth surface one) and
the contact angles on smooth and rough surfaces:

cos(θw) = R cos(θ) (1)

where θw is the Wenzel contact angle (contact angle on rough surface) and θ is the ideal
contact angle (contact angle on smooth surface). According to this equation, by increasing
the surface roughness, the hydrophobic surface becomes more hydrophobic, and the
hydrophilic surface becomes more hydrophilic [43]. In fact, as shown in Table 4, both
PbR_AR and PbB-AR were hydrophobic and oleophilic before texturing, and they become
more hydrophobic and oleophilic after texturing. In this Wenzel state, the liquid penetrated
the rough surface cavities; such behavior is known as the homogenous wetting mode,
in which the interaction and the adhesion between the liquid and the solid surface are
high [44].

In order to better investigate the correlation between the wettability and the charac-
teristics of the surface profile of the specimens, an index related to the dimples’ surface
morphologies, named the DS index, was calculated according to the following expression:

DS index = (d ∗ h)/s (2)

where d and h are the diameter and height of the dimple, respectively. Consequently, d ∗ h is
the dimple area, and S is the length of the peak between two dimples. All the measurements
were defined in μm, thus the DS index was expressed in μm. The greater this index, the
greater the contribution of the cavities to the surface peaks.

Figure 9 shows the evolution of the water contact angle (WCA) and oil contact angle
(OCA) with the DS index for Pb-based and Pb-free textured samples.

For PbF batches (blue diamond marker in Figure 9), the WCA and OCA had a quite
good linear relationship with the DS index. The slope increased for the WCA values, and
vice versa (the slope decreased for the OCA). This result suggested that an increase in the
size of the dimples and their depth played a key role in enhancing the hydrophobic and
oleophilic behavior of the surface.

For the PbB batches (orange circle marker in Figure 9), a clear bilinear trend in the
WCA and OCA vs. DS index could instead be identified. The trend initially showed a
strong change in the contact angles due to a slight change in the DS index. The slope of
the fitting line (positive for WCA and negative for OCA) was very high. Subsequently,
for values of DS > 1.4, the trend showed a plateau zone. An increase in the dimple shape
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(diameter and depth) did not provide a statistically significant change in the contact angle.
The fitting line had a very low slope, indicating a trend almost parallel to the x axis.

 
(a) (b) 

Figure 9. Evolution of (a) water contact angle (WCA) and (b) oil contact angle (OCA) with the DS
index for Pb-based and Pb-free textured samples.

This behavior showed that for the PbB batch, a very extensive and invasive laser tex-
turing was not necessary to induce a surface-modification effect in the coating. A DS index
close to 4 was sufficient to guarantee an effective surface hydrophilicity and hydrophobicity.

Based on wettability measurements with oil and water, it was possible to assess that
the porous textured surface was tailored to act an oil reservoir thanks to its good oleophilic
behavior. This can prolong the life of lubricating oil layer and may result in a superior wear
resistance. Furthermore, a relevant hydrophobicity was highlighted, suggesting that the
surface texturing promoted the water-repellent barrier action on the surface.

4. Conclusions

The experimental studies in this paper were conducted to understand the influence of
surface laser texturing and roughness on the wettability of lead-free bronze and lead bronze
coatings. In order to increase the efficiency of components that work under reciprocating
sliding, classes of textured specimens were obtained by varying the diameter of the dimples
in a range of values between 100 and 200 μm and varying the surface density of the dimples
between 10 and 40%. By using a low-economic-impact technique, such as surface laser
texturing, it is possible to decrease the friction coefficient by increasing the hydrophobicity
and oleophilic, and therefore improve lubrication, especially in lubrication-starved con-
ditions. The results obtained on the basis of the wettability measurements with oil and
water highlighted that the porous textured surface was adapted to serve as an oil reservoir
thanks to its good oleophilic behavior. This can extend the life of the lubricating oil layer
and ensure better lubrication, even in hard-working conditions, resulting in superior wear
resistance. Furthermore, a significant hydrophobicity was highlighted, suggesting that the
surface texturing favored the water-repellent barrier action on the surface. For the tests
carried out on the PbF specimens, it was experimentally shown that an increase in the
size of the dimples and their depths played a key role in enhancing the hydrophobic and
oleophilic behavior of the surface, while regarding the PbB specimens, an increase in the
dimple shape (diameter and depth) did not provide a statistically significant change in
the contact angle, and therefore it was sufficient to guarantee a DS equal to 4, meaning a
coating with good hydrophobicity and oleophilic. Future work will concern the correlation
of the wettability tests with the tribological behavior of the coatings (both PbF and PbB)
in order to evaluate the extent to which the application of the surface texture affects the
friction coefficient of the coatings and the wear rate.
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25. Conradi, M.; Kocijan, A.; Klobčar, D.; Godec, M. Influence of laser texturing on microstructure, surface and corrosion properties
of Ti-6Al-4V. Metals 2020, 10, 1504. [CrossRef]

26. Travessa, D.N.; Guedes, G.V.B.; de Oliveira, A.C.; Cardoso, K.R.; Roche, V.; Jorge, A.M., Jr. The effect of surface laser texturing on
the corrosion performance of the biocompatible β-Ti12Mo6Zr2Fe alloy. Surf. Coat. Technol. 2021, 405, 126628. [CrossRef]

27. Senatore, A.; Risitano, G.; Scappaticci, L.; D’andrea, D. Investigation of the tribological properties of different textured lead
bronze coatings under severe load conditions. Lubricants 2021, 9, 34. [CrossRef]

28. Rajab, F.H.; Liu, Z.; Li, L. Long term superhydrophobic and hybrid superhydrophobic/superhydrophilic surfaces produced by
laser surface micro/nano surface structuring. Appl. Surf. Sci. 2019, 466, 808–821. [CrossRef]

29. Li, M.; Li, Y.; Xue, F.; Jing, X. A robust and versatile superhydrophobic coating: Wear-resistance study upon sandpaper abrasion.
Appl. Surf. Sci. 2019, 480, 738–748. [CrossRef]

30. Rizzo, G.; Massarotti, G.P.; Bonanno, A.; Paoluzzi, R.; Raimondom, M.; Blosi, M.; Veronesi, F.; Caldarelli, A.; Guarini, G. Axial
piston pumps slippers with nanocoated surfaces to reduce friction. Int. J. Fluid Power 2015, 16, 1–10. [CrossRef]

31. Khaskhoussi, A.; Calabrese, L.; Proverbio, E. An Easy Approach for Obtaining Superhydrophobic Surfaces and their Applications.
Key Eng. Mater. 2019, 813, 37–42. [CrossRef]

32. Rosén, B.-G.; Nilsson, B.; Thomas, T.R.; Wiklund, D.; Xiao, L. Oil pockets and surface topography: Mechanisms of friction
reduction. In Proceedings of the XI. International Colloquium on Surfaces, Chemnitz, Germany, 24–28 September 2004.

33. Costa, H.L.; Hutchings, I.M. Hydrodynamic lubrication of textured steel surfaces under reciprocating sliding conditions. Tribol. Int.
2007, 40, 1227–1238. [CrossRef]

34. Bharatish, A.; Rajkumar, G.R.; Gurav, P.; Satheesh Babu, G.; Narasimha Murthy, H.N.; Roy, M. Optimization of laser texture
geometry and resulting functionality of nickel aluminium bronze for landing gear applications. Int. J. Light. Mater. Manuf. 2021, 4,
346–357. [CrossRef]

35. Li, J.; Liu, S.; Yu, A.; Xiang, S. Effect of laser surface texture on CuSn6 bronze sliding against PTFE material under dry friction.
Tribol. Int. 2018, 118, 37–45. [CrossRef]

36. Wang, Z.; Gu, L.; Li, L. Experimental studies on the overall efficiency performance of axial piston motor with a laser surface
textured valve plate. Proc. Inst. Mech. Eng. Part B J. Eng. Manuf. 2013, 227, 1049–1056. [CrossRef]

37. Ryk, G.; Kligerman, Y.; Etsion, I. Experimental investigation of laser surface texturing for reciprocating automotive components.
Tribol. Trans. 2002, 45, 444–449. [CrossRef]

38. Guarnaccio, A.; Belviso, C.; Montano, P.; Toschi, F.; Orlando, S.; Ciaccio, G.; Ferreri, S.; Trevisan, D.; Mollica, D.; Parisi, G.P.; et al.
Femtosecond laser surface texturing of polypropylene copolymer for automotive paint applications. Surf. Coat. Technol. 2021, 406,
126727. [CrossRef]

39. Kümmel, D.; Hamann-Schroer, M.; Hetzner, H.; Schneider, J. Tribological behavior of nanosecond-laser surface textured Ti6Al4V.
Wear 2019, 422, 261–268. [CrossRef]

40. Khaskhoussi, A.; Calabrese, L.; Proverbio, E. Superhydrophobic Self-Assembled Silane Monolayers on Hierarchical 6082
Aluminum Alloy for Anti-Corrosion Applications. Appl. Sci. 2020, 10, 2656. [CrossRef]

41. Wenzel, R.N. Resistance of solid surfaces to wetting by water. Ind. Eng. Chem. 1936, 28, 988–994. [CrossRef]
42. Khaskhoussi, A.; Calabrese, L.; Proverbio, E. Effect of the Cassie Baxter-Wenzel behaviour transitions on the corrosion perfor-

mances of AA6082 superhydrophobic surfaces. Metall. Ital. 2021, 5, 15–21.
43. Jiang, G.; Hu, J.; Chen, L. Preparation of a Flexible Superhydrophobic Surface and Its Wetting Mechanism Based on Fractal Theory.

Langmuir 2020, 36, 8435–8443. [CrossRef] [PubMed]
44. Khaskhoussi, A.; Calabrese, L.; Patané, S.; Proverbio, E. Effect of Chemical Surface Texturing on the Superhydrophobic Behavior

of Micro-Nano-Roughened AA6082 Surfaces. Materials 2021, 14, 7161. [CrossRef] [PubMed]

112



Citation: Nassef, M.G.A.; Soliman,

M.; Nassef, B.G.; Daha, M.A.; Nassef,

G.A. Impact of Graphene

Nano-Additives to Lithium Grease

on the Dynamic and Tribological

Behavior of Rolling Bearings.

Lubricants 2022, 10, 29. https://

doi.org/10.3390/lubricants10020029

Received: 15 January 2022

Accepted: 15 February 2022

Published: 18 February 2022

Publisher’s Note: MDPI stays neutral

with regard to jurisdictional claims in

published maps and institutional affil-

iations.

Copyright: © 2022 by the authors.

Licensee MDPI, Basel, Switzerland.

This article is an open access article

distributed under the terms and

conditions of the Creative Commons

Attribution (CC BY) license (https://

creativecommons.org/licenses/by/

4.0/).

lubricants

Article

Impact of Graphene Nano-Additives to Lithium Grease on the
Dynamic and Tribological Behavior of Rolling Bearings

Mohamed G. A. Nassef 1,2,*, Mina Soliman 3, Belal Galal Nassef 2,4, Mohamed A. Daha 2 and Galal A. Nassef 2

1 Industrial and Manufacturing Engineering Department, Egypt-Japan University of Science and Technology,
New Borg El Arab City 21934, Egypt

2 Production Engineering Department, Alexandria University, Bab Sharqi 21544, Egypt;
belal.nassef@ejust.edu.eg (B.G.N.); m.daha@alexu.edu.eg (M.A.D.); galalnassef@alexu.edu.eg (G.A.N.)

3 Atlasco Egypt Company, 1st Industrial Zone, El-Obour 11828, Egypt; mina@atlascoegypt.com
4 Materials Science and Engineering Department, Egypt-Japan University of Science and Technology,

New Borg El Arab City 21934, Egypt
* Correspondence: mohamed.nassef@ejust.edu.eg

Abstract: In recent years, reduced graphene oxide (rGO) received considerable interest as a lubricant
nano-additive for enhancing sliding and rolling contacts. This paper investigates the tribological and
dynamic behavior of ball bearings lubricated by lithium grease at different weight percentages of rGO.
Full bearing tests were conducted for experimental modal analysis, vibration analysis, ultrasonic
analysis, and infrared thermography. Modal analysis indicated considerable improvements of the
damping ratio values up to 50% for the bearings with rGO nano-additives. These findings were
confirmed by the corresponding reductions in vibrations and ultrasound levels. The steady-state
temperatures of bearings running with lithium grease reached 64 ◦C, whereas the temperature of
bearings lubricated by grease with 2 wt.% rGO measured only 27 ◦C. A Timken Load test was
conducted on grease samples with and without rGO additives. Grease samples having 2, 3.5, and
5 wt.% rGO showed the highest OK load with an increase of 25%, 50%, and 100% as compared to
values of lithium grease. For comparison, all tests were conducted on samples of the same grease
blended with graphite and MWCNTs’ nano-additives. The results proved the superiority of graphene
in enhancing the load-carrying capacity and damping of grease in rolling bearings.

Keywords: lithium grease; graphene; load-carrying capacity; wear scar; infrared thermography;
vibration analysis; damping ratio

1. Introduction

Rolling element bearings (REBs) are critical components in rotating machinery for
various mechanical systems in wind turbines, aerospace, and automotive industries. It is
reported that around 10 billion bearings are manufactured worldwide every year [1], and
this bearing market is expected to grow in size from about USD 118.7 billion in 2020 with a
compound annual growth rate (CAGR) of 8.5% from 2021 to 2028 [2].

Unexpected failures of REBs present a crucial impact on the performance of machinery
and may cause a catastrophic failure of the assets and losses of lives [3]. A review analysis by
Vencl et al. [4] classified the most frequent bearing failures according to wear mechanisms
while reporting that bearings fail prematurely due to improper bearing selection, incorrect
bearing handling and mounting, and inappropriate operating conditions. More than one-
third of the failed bearings are attributed to inadequate lubrication, including improper
lubricant viscosity, overdose/underdose lubrication, and wrong lubrication intervals. By
combining lubricant contamination from the harsh surrounding environment and worn-out
sealing, this ratio is increased to about 80%. Harris [5] classified lubricant deficiency as
one of the main failure mechanisms of rolling bearings. For example, if the lubricant is
insufficient at the Hertzian contact zone (i.e., lubricant starvation case), an adhesion wear
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mechanism takes place where the contacting surfaces weld together; then, they get torn
apart as the rolling action follows [5,6].

During operation, lubricant migration from the contact zone in bearings is a common
cause of lubricant starvation [7,8]. Different theoretical and experimental approaches for
controlling oil migration considering the thermal gradient factor, surface texture, and
chemical surface properties were discussed by Grützmacher et al. [9]. One advanced
approach presented multi-scale surface patterning using two techniques in journal bearings
as a countermeasure for oil migration [10]. It proved highly efficient in reducing lubricant
migration and wear reduction. A further study in the same direction considered the effect
of thermal gradient on the oil spreading (migration) on single and multi-scale surface
patterned stainless steel samples [11].

Oil and grease are mainly employed in REBs to prevent metal-to-metal contact be-
tween the rubbing surfaces of the inner race, rolling elements, and outer race [12]. Their
purpose is to minimize friction and wear in REBs during operation; hence, they signif-
icantly contribute to reducing energy losses and maintaining high reliability of power
transmission systems [13]. Grease is preferred over oil lubricants for REBs as it shows
superior performance in resisting the washing action of water, preventing any leakage,
operating without frequent relubrication, showing good vibration damping capacities, and
increasing the sealing efficiency against any contaminants [14,15].

Grease lubrication consists of a thickener (such as lithium soap, calcium soap, polyurea),
70–97% base oil (synthetic or mineral oil), and 3% additives. The prominent role of the
additives is to introduce or enhance specific properties, such as extreme pressure (EP)
additives, anti-wear (AW) agents, oxidation inhibitors, and lubricity additives [16].

The current increasing usage of heavy machinery and advanced mechanical systems
in sectors of construction, mining, railway and aerospace, and electric vehicles’ indus-
tries requires a corresponding significant improvement in grease lubrication additives to
achieve higher load-carrying capacities, better vibration damping, and minimum energy
losses. Advances in synthesis and characterization of two-dimensional (2-D) materials
such as molybdenum disulfide (MoS2), tungsten disulfide (WS2), hexagonal boron nitride,
graphene, and other 2-D nano-materials have opened the door for their application as solid
lubricants or lubricant additives in rotating machinery. A review by Rosenkranz et al. [17]
summarized the directions of research work conducted on 2-D nano-materials, including
their chemical properties, tribological behavior, and their potential to be applied as solid
lubricants well as lubricant additives. The review also highlighted the current issues re-
lated to large-scale production and the obtained quality of each 2-D nano-material to be
reasonably applied in the industry as solid lubricants. In order to efficiently incorporate 2-D
nano-materials to reach a superlubricity regime on the nano- and macro-scales, different
mechanisms of energy dissipation due to friction between sliding surfaces were studied
and discussed in [18]. The review in [19] discussed different theoretical and experimental
models describing physical mechanisms such as the interlayer sliding between single or
multilayered 2-D nano-materials such as graphene and graphene oxide in comparison
to graphite and how this significantly contributed to reducing the friction coefficient to
the superlubricity zone. The review recommended that more studies should address the
practical application of these 2-D materials in controlling friction and wear in macro- and
meso-mechanical systems.

Adding carbonaceous nanomaterials such as CNTs, graphene, and reduced graphene
oxide (GO) to the lubricating grease has been proposed as a popular trend to improve
lubricant properties [20–22] significantly. Carbonaceous nanomaterials enhance the load-
carrying capacity, decrease the coefficient of friction (COF) and wear scar diameter (WSD)
between the mating parts [23,24], and impart new chemical, mechanical, and physical
properties to grease [25]. Due to their strong in-plane bonding, weak interlayer interactions,
and dangling bonds, their application in dry and boundary lubrication of machine elements
such as gears and bearings was highly recommended by Berman et al. [26].
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Graphene has a two-dimensional structure and small particle size, providing a large
contact area sufficient to resist oxidation [27,28]. Its unique nano-scaled structure intro-
duced high thermal and electrical conductivities, promoting it to be one of the best choices
in supercapacitors and energy harvesting [29]. Due to its outstanding physical properties
and self-lubricity characteristic, researchers reported that graphene enhanced the lubricity
of grease and thermal conductivity as well [30,31].

Zhang et al. [20] investigated the addition of different graphene weight fractions
with lithium-based grease. The results showed about 15% improvement of the COF when
adding 2 wt.% graphene. Jayant et al. [30] conducted experimental trials by mixing reduced
graphene oxide (rGO) with lithium-based grease. The rGO concentration of 0.4 wt.%
reduced the COF by about 20% and 30% for sliding-induced rolling contact and rolling
contact compared to base grease. Fu et al. [32] tried different graphene additions with
calcium grease, and they found that 2 wt.% was the optimum percentage regarding the
tribological properties as this percentage reduced the COF by about 15% compared to base
grease. Furthermore, a reduction in the friction coefficient by up to 60% was obtained after
adding 1 wt.% graphene to a semi-solid lubricant [33]. Nan et al. [34] investigated the effect
of mixing different graphene percentages with attapulgite-based grease. They observed
that graphene additions improve the tribological behavior of the base grease, especially at
high loading conditions. It was also found that the addition of 1 wt.% graphene reduces
the friction coefficient by 67% as compared to the base grease.

From the above review of literature, it was concluded that complex lithium grease is
commonly used as a lubricant in REBs due to its good tribological behavior. However, there
is still a need to improve the tribological properties of the REBs in rotating machinery by
reducing generated friction forces and energy losses. According to a previous investigation,
achieving 1% reduction in the frictional power concerning the automotive industry can
save approximately billions of fuel liters [35].

Most of the research work highlighted the importance of nano-additives in general
and graphene in particular in enhancing the tribological performance of grease lubricant.
Extensive research work focused on determining the COF and WSD of the developed
grease using standard tests, such as the four-ball wear test and ball-on-disk test. Despite
the promising tribological results of graphene as a nano-additive in grease, its application
in the lubrication of essential mechanical components, such as rolling bearings, remains
relatively unexplored.

The literature lacks any attempts to provide an insight into the influence of adding
graphene on the damping capacity of grease lubricant and how this would enhance the
dynamic response of REBs during highly dynamic operations. An individual attempt
in [36] found that have rolling bearings experienced the lowest frictional torque when
adding 1 wt.% GNPs with the thickness of 6–8 nm as an additive to grease. It reduced
the frictional torque inside the bearing by more than 60% as compared to base grease,
but the investigation was limited to only 1 wt.% of graphene as an additive. A more
recent investigation studied the effect of adding different rGO percentages and several
other carbonaceous additives such as MWCNTs to the bearing lubrication and reported
maximum power saving when 2 wt.% rGO was added to lithium grease [37].

The present research had the objective to focus on investigating important aspects
of graphene grease lubricant that are still unexplored and have not received considerable
research attention on rolling machinery components such as rolling bearings. Vibration
damping properties, heat chilling potential, and load-carrying capacity are among the
important aspects of this investigation. Full bearing tests, vibration modal analysis tests,
and standard lubricant tests were conducted in this research investigation. Other prominent
carbonaceous additives, namely, graphite and MWCNTs, were considered for comparison
to stand upon the level of improvement when applying graphene to grease lubricant.
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2. Materials and Methods

2.1. Test Setup

A customized test rig was designed and manufactured to conduct a full bearing test,
as shown in Figure 1. It was used to evaluate the effect of each nano-additive in lithium
grease lubricant on the vibrational response, ultrasound emissions, and heat generation
of rolling element bearings (REBs) [37]. The test rig previously designed by Nassef [37]
consisted of seven main components: (1) the electric motor, (2) coupling, (3) base, (4) shaft,
(5) two support bearings, (6) test bearing, and (7) the applied radial load. The specifications
of each component are listed in Table 1, whereas the detailed design of the rig is described
elsewhere [37].

  
(a) (b) 

Figure 1. (a) Test rig setup, and (b) Assembly model of the test showing: (1) an electric motor with
(2) a suitable coupling, (3) base, (4) shaft, (5) two support bearings and their housings, (6) test bearing
with a specially designed housing, and (7) the applied radial load.

Table 1. Specifications of test rig components.

Component Specifications

Electric Motor GAMAK (3 hp, and 1400 rpm)
Base C45 Carbon Steel
Shaft SUS 420 Stainless Steel

Two Support Bearings NU1011M Roller Bearing

The test bearing was a deep-groove ball bearing 6006 zz, whose specifications are
summarized in Table 2 as provided by NSK bearing manufacturer. The test bearing was
fitted to its special housing, which was assembled in an interference to the rotor. The motor
ran at 1400 RPM while a set of dead weights between 2050 N and 2250 N were separately
attached to the bearing housing through a suitable hook.

Table 2. Specifications of the test bearing (6006 zz) provided by NSK manufacturer.

Dimensions (mm)
D D B r

30 55 13 1

Mass (kg) 0.116

Dynamic load rating,
CD (N) 13,200

Static load rating, Co (N) 8300

Clearances (μm)
C2 CN C3 C4 C5

1–11 5–20 13–28 23–41 30–53

116



Lubricants 2022, 10, 29

2.2. Material Preparation and Characterization

The nano-additive material under investigation in this work was graphene nano-
sheets supplied, by Nanogate Company, Cairo, Egypt, in the form of reduced graphene
oxide (rGO) from the local market, which was prepared via the Modified Hummer’s
Method [38–40]. X-ray diffraction (XRD) (Empyrean Malver panalytical, Almelo city, The
Netherlands) was used to obtain the average grain size, % crystallinity, and d-spacing of
graphene nano-sheets. XRD analysis operated at 30 mA and 40 keV with an angular range
of 0.08–80 degrees and Cu-Kα1 radiation of 0.154-nm wavelength.

A transmission electron microscope (TEM) (JEOL JEM-2100, JOEL Ltd., Tokyo, Japan)
was used to obtain the shape and number of layers. The sample was first immersed in
ethanol, and the suspended solution was then sonicated for around 5 min. Then, a 5-μm
sample from the suspension was drop cast on a carbon-coated copper grid. The TEM results
were further confirmed using Raman spectroscopy (WITec alpha 300 R confocal Raman
microscope, WITec Company, Ulm, Germany) at room temperature through the exposure
of the rGO sample to a 532-nm laser. The Raman spectrum was recorded using a WITec
alpha 300 R confocal Raman microscope (Germany) with 50× magnification objective. The
sample was excited using a 532-nm laser line and 3-mW power impinging on the sample.
Finally, the Raman spectrum was collected with 20-s detector time and five accumulations.

Moreover, Fourier transform infrared (FTIR) spectroscopy (Bruker Vertex 70 with a
wave-number range of 400–4000 cm−1, Bruker Company, Billerica, MA, USA) was used
to obtain information about the functional groups attached to the graphene structure to
assess its quality. MWCNTs were characterized using TEM to confirm their shape and size,
whereas a scanning electron microscope (SEM) (JSM-IT200) was used to investigate the
graphite structure.

The rGO weight percentages of 0.5, 1, 2, 3.5, and 5 wt.% were separately mixed with the
appropriate quantity of commercial, heavy-duty, lithium-based grease (4 g). The blending
process was performed using a commercial mixer of 150 kW. The stirring process was
completed after the grease color became uniformly dark. The exact mixing conditions were
applied for mixing constant MWCNTs’ percentage of 1 wt.% and graphite percentages of 2,
3.5, and 5 wt.% with grease to compare their tribological behavior with rGO. The blended
grease and nano-additives were then used to lubricate the test bearings according to the
SKF formula shown in Equation (1).

Gq = 0.114(D)(B) (1)

where Gq is the amount of grease used to re-lubricate the bearing in ounces, (D) is the outer
diameter of the bearing, and (B) is the bearing width.

2.3. Experimental Modal Analysis

Experimental modal analysis technique was conducted on the test bearings to obtain
their dynamic characteristics in terms of natural frequencies and damping, according to ISO
7626-5:2019 [41]. The purpose of this test was to evaluate the effect of added nano-additives
with a lithium grease lubricant on the dynamic response of a test bearing. A customized
setup was used for supporting each rolling bearing. Each test bearing was suspended from
the support using elastic cords to reach approximate free boundary conditions. This was
an essential step to obtain the flexible body modes of the bearing structure while ignoring
the effect of the rigid body modes.

An impact hammer was used to induce a low to moderate force impulse in a very short
time in the time domain, which excited a wide (theoretically infinite) range of frequencies,
including the natural frequencies of the test bearing itself. The transient impulsive signals
were measured using a piezoelectric force transducer attached to the hammer. Meanwhile,
the vibrational response of the bearing to the impulsive shock was measured using a
piezoelectric triaxial accelerometer mounted using wax on the outer ring of the bearing
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(in the opposite direction to the force signal). The accelerometer was carefully selected so
that its weight was less than one-tenth the weight of the test bearing.

Both force and response signals were detected and recorded by a multi-channel signal
analyzer unit. The signals were then conditioned and processed in PULSE labshop©
software to calculate the frequency response function (FRF) of each bearing as the ratio
between response to force signal. An arithmetic average of four impulse signals was
determined for each bearing to ensure the high repeatability of results. The FRF and
coherence function for each test bearing were determined. The first fundamental mode
of vibration (first resonant mode) was selected for further analysis. Hence, the natural
frequency (fn), damping ratio (ξ), FRF amplitude (H), and corresponding coherence value
at the first resonant mode of vibration were recorded. Only resonant modes with high
coherence values were considered during the selection of bearing modes. This was essential
to ensure high autocorrelation and cross-correlation between response and force signals.

For proper signal conditioning, transient and exponential windowing functions were
selected for excitation and response signals, respectively. The frequency range of interest for
the tested bearing fell between 0–4000 Hz. An anti-aliasing filter and proper least-squares
curve were used to avoid aliasing and truncations of signals. To ensure the consistency of
results, the same locations were considered for the impact force, vibration response, and
fixation points of the elastic cords during testing for all test bearings.

2.4. Vibration Analysis

Vibration measurements and analysis in the time domain and spectrum were con-
ducted to investigate the influence of rGO nano-additives on the vibration performance
of each bearing during operation. The vibration measurements were performed on each
test bearing mounted to the test rig under a radial load of 2250 N. SPM Lenova Diamond
vibration analyzer (SPM, Strängnäs, Sweden) was used for condition monitoring of the test
REBs according to ISO 10816 part 7 [42].

Test bearing vibrations were measured using an accelerometer attached to the housing
of the test bearing in the radial vertical and horizontal directions via magnet. The measured
signals were directly fed into the data analyzer, which conducted signal conditioning and
processing using anti-aliasing filtering, amplifiers, and integrators. Vibration measurements
were taken in terms of acceleration (g) and velocity (mm/s). In the analysis part, the root
mean square (RMS) was selected as a vibration amplitude indicator and was calculated for
all signals to detect any abnormal behavior of rolling bearings due to localized faults or
improper lubrication. RMS results were used for comparison between grease types as it
was directly proportional to the energy consumption in bearings due to vibration.

2.5. Ultrasound Analysis

Ultrasonic testing is a commonly applied technique for condition monitoring and
early detection of localized faults in rolling bearings. It is effectively used to measure the ul-
trasonic energy generated by friction forces and identify the lubrication status, whether it is
normal or improper lubrication, such as over lubrication or lack of lubrication. Ultrasound
technique operates in the spectrum range between 20 kHz to 100 kHz. In this work, an SDT
340 ultrasound device (STD Ultrasound Solutions, Brussels, Belgium) was employed to
measure and analyze dynamic signals in time and frequency domains for each test bear-
ing. The aim was to detect changes in the high-frequency ultrasonic signatures of the test
bearings caused by changing the tested lubrication type according to ISO 29821:2018 [43].

The ultrasound detector consisted of a transducer mounted on the bearing support,
which dynamically detected the signal, i.e., each measurement on each test bearing was
recorded as a signal for 10 s. The data were then converted by a heterodyne circuit board
into an audible signal (<20 kHz). This processed signal was furtherly conditioned by an
audio amplifier to be heard using standard headphones. The heterodyned signals were
analyzed in the time domain and frequency domain. The root mean square (RMS) was
used for analyzing each measured signal in the time domain.
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2.6. Infrared Thermographic Analysis

Infrared thermography (IRT) was conducted in this work using a FLIR E8 Thermal
Camera (Teledyne FLIR LCC, Wilsonville, OR, USA) as a non-contact and non-invasive
condition monitoring technique to measure the surface temperature and its distribution on
test bearing according to the ISO18434-1:2008 [44]. It is commonly used in maintenance
activities to record infrared radiation emitted by the bearing and indicate any abnormal
friction due to improper lubrication during operation [45]. Considering the fact that the in-
tensity of the emitted infrared radiation from the bearing is proportional to its temperature,
it presents a relevant indicator for the impact of lubricant additives on the lubricity and
generated rolling friction during operation and on the resultant temperature [46,47].

Proper calibration of the test setup of the IRT camera is essential to obtain accurate
temperature recordings [48]. Since the test bearing is the main source of heat during
operation, the passive IRT technique was adopted, i.e., no external heat source was used
for each test. It should be noted that IRT measurements were conducted in a controlled
environment. Therefore, the effect of humidity, wind, and solar radiations were ignored.
Two main parameters were considered during IRT calibration: emissivity and reflected
temperature measurement. The test bearing material had low emissivity; therefore, a
high emissivity electrical tape was placed on the outer ring of the bearing to measure the
apparent temperature accurately. The tape had high emissivity, which was set to be 0.95.
The IR camera was located at a distance of 500 mm from the test bearing to fit within the
region of interest (ROI).

The bearing surface temperature, i.e., the environmental temperature, was recorded
at the beginning of each test. Then, the test bearing ran at 1400 rpm supporting a 2250-N
radial load. The transient temperature was monitored every 2 min until reaching a steady
state after 10 min. After being transformed into equivalent electric signals, the measured
infrared radiations were revealed as visible images (thermograms) of different colored
energy levels.

2.7. Timken Load Test

The load-carrying capacity of each test grease aggregate was determined using the
Timken load test method, according to ASTM D 2509 [49]. The Timken OK load is described
as the maximum load that can be applied before the lubricant film’s breakdown and the
roller element’s seizure. It is used to characterize the extreme pressure (EP) of each test
grease. The duration of the test is around 10 min. The test procedure starts by installing a
bearing roller element with a 15-mm width and 11-mm diameter in contact with the inner
race. The material of both the inner race and the roller element was made from GCr15
bearing steel (SAE 52100). A sample of 10 gm from the test grease was applied to the inner
race and the roller element.

During Timken load tests, the temperature was maintained at 25 ◦C before the start of
the test. The load was increased by a constant rate until the load broke the lubricant film,
separating a rolling element and the inner raceway, leading to scoring and motor seizure.
The number of used unit loads was recorded in each test (each unit load weighed 497 g).
After each test, the Timken OK load was recorded and the corresponding roller element
scar area was inspected and measured for each test grease using the Stereo microscope
(Zeiss Company, Jena, Germany).

3. Results and Discussion

3.1. Nano-Additive Material Characterization

Figure 2a shows the XRD pattern of graphene, which reveals a broad (near sharp)
characteristic peak at 2θ = 24.65 ◦C, referring to the basal plane (002) with about 54%
crystallinity. The broad peak indicates the randomly arranged crystal phase due to the for-
mation of a few layers of rGO after the reduction process [50–52]. Additionally, the average
grain size was estimated from Scherrer’s formula to be 1.66 nm, and the interlayer spacing
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(d) (FWHM = 5.11) accounted for 0.37 nm according to Bragg’s law, which confirmed the
removal of oxygen functional groups during the fabrication process [53,54].

20 40 60 80

0

200

400

600

800

 

In
te

ns
ity

 (c
ou

nt
s)

2 Theta

240

  
(a) (b) 

 
(c) (d) 

 
(e) 

Figure 2. (a) XRD pattern of reduced graphene oxide, (b) Raman spectrum of rGO sample, (c) TEM
analysis of rGO structure with a resolution of 100 nm, (d) TEM analysis of rGO structure with a
resolution of 200 nm, and (e) FTIR analysis results of rGO sample.
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From Raman spectroscopy results, three characteristic peaks attributed to rGO, are
shown in Figure 2b. The first one, which is the D-band, appeared at 1350 cm−1 and this
peak was mainly responsible for the structural disorders and defects [55], while the second
(G-band) and third (2-D-band) peaks were observed at 1595 and 2925 cm−1, respectively.
The G-band characterized the graphene symmetry and order [56], while the stacking of
carbon atoms was deduced from the 2-D-band [57]. The intensity ratio of 2-D/G was
estimated to be 0.91, and this ratio was essential to evaluate the number of graphene layers,
which accounted for four layers, confirming the TEM results [58]. Turning to the D-band, it
strongly appeared in the spectrum, reflecting a significant distortion in the symmetry of
the graphite structure [59,60]. The intensity ratio of D/G showed a great importance in
the detection of the structural defects and disorders. By calculating the ratio, it was found
that ID/IG was 0.98, which indicated a remarkable density of defects represented in edge
defects obtained from the reduction of the C=C bond [61].

In Figure 2c,d, TEM images reveal a nanosheet-layered structure of graphene with four
stacked layers and dimensions of up to 3 μm in length and 5 nm in thickness, respectively.
Additionally, the graphene structure had fewer wrinkles and folds at different TEM resolu-
tions. Figure 2e reveals the spectrum obtained from FTIR analysis of rGO. It was found
that there was a strong and broad stretching band at 3421.43 cm−1, which was attributed to
the intermolecular bonded O-H function group. The weak presence of the C-O function
group at 1191.48 cm−1 indicated the insufficiency of oxidizing substances to break covalent
bonds at the basal plane, reducing structural defects and distortions. Another medium
stretching band of C=C appeared at 1629.73 cm−1, indicating the stability and integrity of
the graphene structure. Moreover, weak peaks were observed at 1387.57 and 754.26 cm−1,
which belonged to C-H bending, revealing the small amounts of hydrogen species, which
were functionalized with carbon atoms [61].

Both graphite and MWCNTs were used in this study and were characterized using
SEM for the former and TEM for the latter. The SEM micrograph of the graphite structure
revealed a sheet-like structure with a flake size of about 27 μm, as shown in Figure 3a, while
for MWCNTs, TEM images confirmed the nanotube structure with an average external
diameter of about 17.5 nm, as revealed in Figure 3b.

  
(a) (b) 

Figure 3. (a) Microstructural analysis of graphite using SEM with 5-μm resolution and (b) microstruc-
tural analysis of MWCNTs using SEM with 100-nm resolution.

3.2. Modal Analysis Results

Figure 4 shows an example of the FRF plot, including the first mode of vibration for
bearing from impact excitation of bearing and the corresponding coherence function to the
first dominant mode. The damping ratio values for the test rolling bearings were calculated
from their individual FRF plots and are illustrated as shown in Figure 5.
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Figure 4. Modal test results of bearing with base grease lubrication in the form of: (a) frequency
response function (FRF) and (b) coherence function.

Figure 5. Damping ratio values for rolling bearings with each test lubricant.

Test rolling bearings of the same type and size, same material, same manufacturer,
and same interference fit with the shaft showed various dynamic characteristics. This
was potentially attributed to variations in the lubricant characteristics of the tested rolling
bearings. The damping ratio values for bearings lubricated by the addition of 1, 2, 3.5, and
5 wt.% rGO were increased by 18, 24, 28, and 52% when compared to bearings with base
grease lubrication. While the damping ratio values of bearings with 1 wt.% rGO grease
fell in the same range as those for 1 wt.% graphite and 1 wt.% MWCNTs, increasing the
contribution of rGO to the grease to 2 wt.% and up to 5 wt.% improved the damping ratios
by 15% and 28% when compared to 2 wt.% and 5 wt.% graphite.

For a typical ball bearing, the damping capacity originates from three mechanisms [62].
The first damping mechanism is the material damping due to internal friction within the
material structure during the material dynamic deformation, while the second damping
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contributor is the dry friction at the contact points between rolling elements and raceways.
The third and the most effective mechanism of damping is the viscous damping originated
from the oil full film lubricant at the elastohydrodynamic lubrication zone (EHL). Other
possible sources for damping are the contact surfaces between the outer ring to the housing
and the inner ring to the shaft. Since bearings are assembled with the shaft in interference,
the contact areas between the bearing rings and the housing possess high stiffness and
barely contribute to the damping mechanisms of REBs. This is because damping can only
be effective in the case of relative motion between REB elements [62,63]. As REBs suffer
from low damping characteristics compared to other bearing types, enhancement of oil
film damping characteristics contributes to a corresponding improvement in reliability of
bearings during service [63].

On the nanoscale level, interfaces between stacked layers of graphene are significantly
weaker than grease–graphene interfaces [64]. The addition of graphene to grease increases
the viscosity of grease, which in turn increases its shear strength, while weak Van der
Waal bonding between graphene layers reduces their interface shear strength [65]. Thus,
lower shear forces are sufficient to cause slippage of graphene layers with respect to each
other during operation. This latter action would contribute to damping enhancement. The
larger surface area of 2-D graphene nanosheets makes it more compliant than 1-D CNTs,
especially when subjected to small shear forces resulting in easier activation of damping
mechanisms.

3.3. Vibration Analysis Results

For each test bearing, vibrations were measured and analyzed in radial vertical and
horizontal directions [66]. Time waveform and frequency spectrum for test bearings lubri-
cated with base grease are shown in Figure 6. Among all results, test bearings lubricated
with base grease showed the maximum vibration velocity levels, reaching 3.31 mm/s and
3.93 mm/s in the vertical and horizontal directions, respectively. These levels comply with
the maximum permissible levels in ISO 10816-7:2009 [67].

(a) 

(b) 

Figure 6. (a) Time waveform and (b) frequency spectrum of rolling bearings lubricated with
base grease.
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Vibration acceleration values (RMS) were calculated from the frequency domain for
all test bearings, as shown in Figure 7. It can be seen that test bearings with nano-additives’
lubricant demonstrated significantly lower vibration values than a base lithium grease
condition. Furthermore, increasing the weight percentage of rGO nano-additive in grease
resulted in a corresponding reduction in the calculated vibration RMS levels until reaching
its lowest at 0.71 g and 0.88 g in the horizontal and vertical directions, respectively, which
was lower by around 70% and 34% when compared to base grease results. Increasing the
aggregate rGO in grease to 3.5 and 5 wt.% caused an increase in vibration levels by 40% and
80%, respectively. This is attributed to the agglomeration effect of graphene in the grease,
which resulted in more resistance to the flow of lubricant between the rolling element and
raceway, causing more friction and vibrations. A similar trend took place in the case of
graphite nano-additives. Grease with 1 wt.% MWCNTs’ nano-additives showed similar
vibration levels to the 1 wt.% rGO case and is lower by 38% than the 1 wt.% graphite results.

Figure 7. Vibration levels (RMS) measured in radial vertical and horizontal directions on each
test bearing.

The vibration levels in the case of test bearings with rGO, MWCNTs, and graphite
nano-additive lubricants proved that these additives contributed to decreasing the trans-
mitted vibrations inside the bearing structure [68]. Adding these nano-additives to grease
produced a stable tribo-film between the rolling elements, inner ring, and outer ring, which
acted as spring and damper connectors. The carbonaceous nano-additives possessed high
damping and elasticity properties that significantly reduced vibration signal transmissibil-
ity between bearing elements. Furthermore, the 2-D structure of rGO had a large area that
covered the asperities between the mating surfaces and inhibited metal-to-metal contact
in the elastohydrodynamic zone [64]. Hence, it reduced the vibration levels due to rolling
friction in the ball bearings during operation.

Another aspect is that adding graphene stabilizes the fibrous structure of grease
thickener to a large extent [69]. However, it weakens the cross-linking in the thickener
fibrous network, which facilitates the discharge of base oil from voids to formulate full
film lubrication [70]. Adding rGO also contributed to widening the voids in the fibrous
structure of the lithium grease thickener. This, in turn, increased the amount of discharged
base oil to the clearance gap between the rolling elements and raceways. Hence, the
supplied nano-additive lubricant between the bearing elements eliminated metal-to-metal
contact and acted as a good spring-damper system that reduced transmitted vibration in
the bearing structure. Adding more rGO wt.% beyond 2 wt.% did not cause any further
reduction in vibrations levels as the grease structure became more saturated with the
graphene nano-additives.
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3.4. Ultrasound Results

Figure 8 shows the ultrasound signal measured in the time domain and spectrum
for test bearings with base grease lubrication. It can be seen that the test bearing was in
a normal condition, showing ultrasound RMS value of 64.18 dBμV. The main source of
this value was friction forces during operation. In comparison, test bearings with rGO,
graphite, and MWCNTs’ nano-additive cases showed a lower ultrasound RMS value by
around 15%–20%, as shown in Figure 9.

 
(a) (b) 

Figure 8. Ultrasound signal for test bearing with base grease lubrication in (a) time domain and
(b) frequency domain.

Figure 9. Ultrasound amplitude (RMS) values for test bearings with test lubricants.

The results indicated the efficiency of rGO nano-additives in reducing frictional forces
generated during operation while providing quieter operation. The obtained ultrasound
values confirmed the vibration analysis results in the fact that nano-additive lubricants
showed significant reduction in friction forces of rolling bearings during operation in
comparison with base grease lubricant.

3.5. IRT Thermographic Results

In this section, thermograms were obtained from the IRT measurement for each test
bearing. Figure 10 shows the IRT measurement and corresponding thermogram for the test
bearing with base grease lubricant. The thermograms were post-processed, and the average
temperature at the test bearing hotspot was detected and considered for analysis, as shown
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in Figure 11. A noticeable variation of average temperature was detected between bearings
at steady-state operating conditions, i.e., after running the test rig for 10 min.

  
(a) (b) 

Figure 10. (a) The test bearing mounted on the test rig and (b) Infrared thermal image (thermogram)
of the test bearing.

Figure 11. Average temperatures of bearings under selected test lubricants after running for 10 min.

The thermal images and the bar chart results indicated that the test bearing with
base grease lubrication exhibited the highest temperature during operation, peaking at
64 ◦C. This was confirmed by thermogram (A), which demonstrated the distribution of
heat and maximum temperature at the tested bearing. All test bearings lubricated with
nano-additives showed temperature below 40 ◦C. Adding rGO additives gradually reduced
the temperature until reaching the lowest temperature, which accounted for 27 ◦C in the
case of the 2 wt.% rGO addition. This means that the heat energy generated on the test
bearing decreased by 57% due to adding 2 wt.% rGO compared to the base grease case.
Additionally, this value was repeated when adding 1 wt.% graphite and 2 wt.% graphite
to the grease. However, the MWCNTs’ addition reached only 33 ◦C, which surprisingly
denoted the superiority of small graphite additions over MWCNTs in reducing the heat
inside rolling bearings.

It was also noticed that the effect of the agglomeration in the case of 3.5 and 5 wt.%
rGO and graphite nano-additives gave rise to more friction between the rolling elements
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and lubricant nano-additives themselves; hence, this led to more energy losses in the form
of heat. IRT results were consistent with the vibrations’ measurements obtained for the
same test bearings.

3.6. Timken Load Test Results

Table 3 shows the Timken OK load values of each test grease. Commercial Mobil
fibra x235 grease was tested in a Timken tester, and its results were used for comparison.
The results revealed that lithium grease and Mobil fibra x235 grease showed the lowest
load-carrying capacities among the test samples. However, samples with 1 wt.% rGO,
1 wt.% MWCNT, and 1 wt.% graphite showed an insignificant difference in Timken OK
load values from base grease samples. Increasing rGO nano-additive percentages in grease
to 2 wt.%, 3.5 wt.%, and 5 wt.% resulted in a remarkable increase of Timken OK load by
25%, 50%, and 100% compared to samples of base grease (without additives).

Table 3. Timken OK load and corresponding wear scar dimensions and area for each roller element.

Roller
Number

Test Grease
Timken OK

Load (N)
X

(mm)
Y

(mm)
Wear Scar
Area (mm)

a Base grease (Lithium Grease) 1988 5.3 9.3 154.771
b 1 wt.% rGO 1988 4.7 8.6 126.918
c 2 wt.% rGO 2485 4.7 8 118.064
d 3.5 wt.% rGO 2982 4 7.7 96.712
e 5 wt.% rGO 3976 4.5 7 98.911
f 1 wt.% graphite 1988 5 8.3 130.312
g 1 wt.% MWCNT 1988 4.7 8.5 125.443
h Mobil fibra x235 1988 5.3 9.3 154.771

The rolling action between the loaded roller element and the ring component of the
Timken test was accompanied by wear, which resulted in uniform elliptical-shaped surface
scars. These wear scars on the test rollers were examined using brinelling microscopy and
found to be smooth. The wear scar area for the roller elements under each lubricant was
calculated using measurements of the minor (x) and major (y) axes [71]. The wear scar
dimensions and area are summarized in Table 3.

It can be seen that the wear scar area was the largest in the case of lithium grease and
Mobil fibra x235 grease, and it decreased gradually with the increase of wt.% rGO nano-
additives in grease samples. Lithium grease with 3.5 wt.% and 5 wt.% rGO nano-additives
produced around 50% smaller scar areas than those produced in the case of base grease.
This revealed a positive influence of rGO nano-additives to improve anti-wear (AW) and
extreme pressure (EP) properties.

4. Conclusions

The influence of adding reduced graphene oxide to commercial lithium grease on the
dynamic and tribological behavior of a deep-groove ball bearing was investigated. Timken
load test results revealed a considerable increase in test grease load-carrying capacities
containing rGO nano-additives. Grease samples having 2, 3.5, and 5 weight percent rGO
showed the highest load-carrying capacity (among other tested samples) with an increase of
25%, 50%, and 100% compared to base grease values. The wear scar dimensions measured
on the rolling element after the rupture of the lubricant film between the rolling element and
raceway indicated a remarkably high resistance of the formed graphene layer to wear. The
results also proved the superiority of graphene as a lubricant nano-additive in enhancing
the tribological properties in terms of load-carrying capacity and wear scar size.

After 10 min running under a radial test load of 2250 N and 1400 rpm, the steady-state
temperature of the bearing lubricated by 2 wt.% rGO grease leveled up at 27 ◦C, whereas,
for that lubricated by base grease, the temperature approached 65 ◦C. These findings
implied a reduction in friction forces between contacting surfaces of bearing elements
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during operation, which also complied with the vibrations and ultrasound measurements.
The vibration and ultrasound levels for 2 wt.% rGO grease were found to be 50% and 20%
lower than those for bearings lubricated with base grease. Modal analysis results indicated
considerable improvement of the damping ratio values of the bearings lubricated with rGO
additives up to 50% as compared to base grease. Increasing the aggregate of rGO in grease
to 2 wt.% and 5 wt.% resulted in higher damping ratios by 15% and 28% when compared to
2 wt.% and 5 wt.% graphite. The outcomes of this work represent a significant contribution
towards improving the reliability and quiet running of rolling element bearings during
their service time.
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Abstract: The present study theoretically evaluates the stability potential of noncircular geometries
when they are adopted in the outer bearing of floating ring bearings (FRB). A numerical study is
carried out to evaluate the stability about the static equilibrium position of a balanced, symmetrical,
rigid rotor, horizontally placed, and supported at both ends by identical FRBs. In the analysis, the outer
bearing of these FRBs is alternatively shaped with common circular bore (CB), two lobe-wave bore
(2LWB) or lemon bore (LB), assuming a linearization of the film forces. A minor part of the
study consists of partially supporting the results of the above study by means of a nonlinear,
transient analysis. Despite limiting to the theoretical aspect, dealt with under several simplifying
hypotheses, the investigation highlights the influence of the examined non-circular geometries on the
stability of the static equilibrium position, when these geometries are adopted for shaping the outer
housing of the FRB. The paper shows that contrasting effects are obtained, depending on the chosen
geometrical parameters. In the paper, the acronyms CB, 2LWB, and LB are used to indicate the FRB
layouts respectively equipped with outer circular, wave, and lemon bearing.

Keywords: journal bearing; rotor stability; floating ring bearing; lobe bearing; wave bearing; lemon
bearing; Hopf bifurcation

1. Introduction

The present analysis theoretically investigates the effects of giving the outer bearing of a floating
ring bearing (FRB) a non-circular geometry. The common FRB is a lubricated bearing that incorporates
a thin bush or ring between the journal and the casing. This layout presents consequently an inner and
an outer oil film, respectively delimited by the journal and the bush and by the bush and the casing.
Besides floating, the bush is free to spin, so that the whole bearing practically doubles a simple sleeve
bearing. The result is a device with remarkable capability to support ultra-high speed, high-temperature
rotating machinery, owing to the significant damping accomplished by the two oil films operating
in series. Reduced power loss and low costs are mainly the further key aspects that justify the wide
recourse to such bearings, especially in the support of turbochargers. Instabilities are unavoidable
effects of the rotor-support nonlinearities, to which the pronounced hydrodynamic concept of the
FRB highly contributes. They are typically represented by subsynchronous, self-excited vibrations,
which manifest in addition to the synchronous component excited by the rotor unbalance. Oil whirl and
whip, bifurcations from one limit-cycle to a different one, with collapse of the limit-cycle itself or the
possible evolution to a severe, total instability, are the ingredients of the dynamics of FRBs supported
rotors [1,2]. The above remarks justify a bulk investigation carried out in decades, especially focused
on the effects of the different parameters on the static and dynamic properties of the FRB [3–8],
largely motivated by the need to guarantee higher specific power with lightweight assemblies and to
overcome as far as possible the major drawbacks of non-linear instabilities. Shaw and Nussdorfer [3]
mentioned the early use of such bearings in the connecting rods of the 1920–1930 Bristol aircraft engines.

Lubricants 2020, 8, 99; doi:10.3390/lubricants8110099 www.mdpi.com/journal/lubricants

131



Lubricants 2020, 8, 99

They analytically evaluated the ring to journal speed ratio, taking account of both the clearances ratio
and the radii ratio, as well as the heat generated in the FRB in comparison to that obtained in an
equivalent journal bearing. An experimental measurement of the whirl to rotating speed ratio of
the ring was also carried out in their study. Ng and Orcutt [4] calculated the stiffness and damping
coefficients of the FRB around the static equilibrium position through linearization of the film forces.
Fractional-frequency whirling was observed in the experimental tests, whereas the whirl amplitude
was controlled through the oil feeding pressure, the oil viscosity, and the outer clearance. Tanaka and
Hori [5] calculated the stability charts for a simple rotor on FRBs, evaluating the effects of the different
FRB parameters and rotor flexibility as well as proving the superior stability of the FRB with respect to
the conventional journal bearing. A good agreement between experimental and theoretically predicted
stability limits was also obtained in the investigation. Boyaci et al. [6] theoretically investigated the
Hopf-bifurcation of a rigid, balanced rotor on FRBs. The π-film, short bearing model was adopted
together with the linearization of the film forces around the static equilibrium position. The sub-critical
or super-critical nature of the bifurcations, occurring under different operating conditions, was also
characterized with recourse to non-linear analysis. Hatakenaka et al. [7] set up a Reynolds equation with
a suitable cavitation model that could take into account the centrifugal force. This way the FRB-model
showed how the increase of the cavitation zone with the journal speed could influence the stiffness
cross-coupling coefficients and justify the reduction of the bush-to-shaft speed ratio. Chasalevris [8]
set up an analytical model of the finite-length FRB. Comparison to the numerical approach with finite
difference method confirmed the capability of the method to give accurate predictions at reduced
computational cost, when adopted within rotordynamic algorithms. Yet, a significant part of the
literature was specifically addressed to the study of realistic turbocharger (TC) models equipped
with FRBs [1,2,9–12]. These analyses turn out to be relatively involved. In order to guarantee an
adequate predictive level, the implemented theoretical tools had to consider the mass and unbalance
distributions and temperature gradients, in addition to the different parameters that characterize
the operation of the FRBs. Gunther and Chen [9] and Inagaki et al. [10] investigated the onset of
translational and conical unstable whirling modes, respectively through finite element analysis and
flexible multibody model, with further use of experimental tests. To save computational time, the short
bearing approximation was often preferred to the finite-length characterization of the oil films [10,11].
Tian et al. [11] and Schweizer [1,12] carried out thorough nonlinear analyses by means of run-up and
coast-down simulations, putting in evidence the influence of the unbalance distribution within the TC
rotor and giving particular emphasis to the character of the whirling modes and the phenomenon of
total instability. The dynamical behavior of TC rotor on semi floating ring bearings, which differ from
FRBs because the locking of the bush rotation was also studied by Bonello [13] and San Andrés et al. [14].
The effect of adopting a non-circular geometry for the bearing clearance, in place of the common circular
one, remained though practically neglected in the research literature about FRBs. This circumstance
contrasts with the widespread and consolidated recourse to lemon, multi-lobe, and pressure-dam
shapes in journal bearings, as a mean to guarantee higher stability of the lubricated pair with respect to
the simple circular geometry. To the best author’s knowledge, only a few, recent papers have dealt with
this topic. Eling et al. [15] theoretically analyzed a TC on FRBs with six-lobe-shaped bush. The study
showed that, in spite of an increase in the friction losses due to the lobe geometry, a reduction in
sub-synchronous vibrations, with respect to the use of common bush, could be obtained, as confirmed
by experimental tests. Soni and Vakharia [16] investigated the steady-state characteristics of a FRB
presenting an outer lemon bore. The theoretical analysis, which assumed a finite length bearing and
solved the lubrication problem through the finite element method, made it possible to assess a better
load capacity of the lobe geometry with respect to the reference circular one. Bernhauser et al. [17]
presented a run-up analysis of a TC multibody model with FRBs similar to those adopted in [15].
Regarding the practical employment of TCs within combustion engines, the authors pointed out the
importance of imbalance-excite and self-excited TC vibration as responsible of disturbing tonal noise
during the engine operation. The study theoretically proved that an optimization of the TC dynamics,
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through reduction or suppression of the said vibrations, can be actually achieved by means of the
assumed, uncommon geometry.

Previous studies carried out by the present author were focused on lubricated bearings equipped
with non-circular casing, specifically shaped as a two-lobe wave bore. The highest degree of
dissymmetry, in the class of multi-lobe geometries, showed by the 2LWB, makes it possible to
test the effects of the casing orientation with respect to external loads presenting a fixed direction
(e.g., gravity load). On the other hand, the wave amplitude represents a parameter apt to grade
the preloading effect. The non-linear behavior of unbalanced rotors supported by these bearings,
with special regard to the stability of periodic solution and bifurcations, was investigated in [18,19]
with recourse to the continuation method. The theoretical outcomes from [18] showed that a suitable
choice of the above geometric parameters is beneficial regarding the stability behavior of a rigid rotor
on 2LWB. The present investigation shares with these past studies the consideration of a non-circular
geometry, extending its use to an FRB, whose outer bearing, formed by the ring and the fixed casing,
was made as a 2LWB or a lemon bearing (LB). Nevertheless, the dynamic aspects under examination
limit here to the stability of the steady equilibrium point of a perfectly balanced rotor. The only
bifurcation investigated in the following of the paper, by means of the classic linear stability analysis,
is the Hopf-transition that gives rise to a limit cycle. How the said non-circular FRB geometry influences
this dynamics, in comparison to the common circular geometry, represents the main topic of the paper.
By way of example, a further inspection into the bifurcation scenario, with extension to a higher speed
range, is carried out through the brute-force integration of the system’s equations. This numerical,
non-linear approach completes the investigation by enabling the dynamics survey through observation
of the journal and ring orbits, the evaluation of the minimum film thickness, and that of a suitable
orbit-based index.

2. Rotor Model and Aspects of the Linear Stability Analysis

2.1. Bearing Geometries

A horizontal, rigid rotor is supported with FRB placed at both ends. Owing to assumed symmetry
with respect to the rotor middle plane, the analysis is restricted to a half rotor supported by one end FRB.
The floating ring is rotating with ωR speed around its geometrical axis and whirling in a precession
motion within the fixed housing. No misalignment of the ring nor of the journal is hypothesized.
When the shape of the outer bore is non-circular, with difference to the CB, the ring rotates inside
of a clearance whose radial dimension is not more constant. In the present analysis two different
non-circular shapes are adopted:

(1) Two-lobe wave bore (2LWB): the outer clearance Clo,WB (the subscript “o” indicates the outer
bearing) is expressed in dimensionless way and polar coordinates as

Clo,WB(δ,ϕ) = 1 + B cos(2δ+ ϕ) (1)

The wave amplitude B represents the degree of deviation from the circular shape, while the angle
ϕ indicates the angular displacement of the outer bearing with respect to the horizontal axis of a fixed
frame of reference whose origin is in the bore center (Figure 1a). A null B value corresponds to the
CB case.

(2) Lemon bore (LB): the clearance in this well-known geometry [20–22] is enclosed between two
shells, each one presenting a circumferential extension that is not a complete half-circle (Figure 1b).
It can be expressed in polar coordinates as

Clo,LB_1,2(δ,θ) = CH + (−1)kd sin(δ+ θ), δ ∈ [(k− 1)π, kπ], k = 1, 2 (2)

In the above expression, the k index refers to the k shell. The whole lengths are generally made
dimensionless by division with CH. Differently, they are expressed here in the ratio to the dimension Co
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of the CB clearance, according to the plot in Figure 1b, where the orientation angle θ is also indicated.
The ratio pE = d/CH = d/CH represents the ellipticity of the profile. It is worth to remark that,
differently to the CB and accordingly to the geometry in Figure 1b, the journal (i.e., the ring, in the
present case) is impeded to cover the whole clearance, owing to its radial dimension and to the shape
discontinuity of the clearance wall. It must be also noticed, in Figure 1, the absence of holes or grooves
for the oil circulation, according to the assumed hypothesis of a bearing model with side inlet-outlet at
ambient pressure.

 

(a) (b) 

Figure 1. Geometry of the 2LWB and LB clearances. B, d and CH are dimensionless quantities,
obtained by division with the radius Co of the CB clearance (represented by the dashed circle with
dimensionless unit radius in the left figure). In figure θ = ϕ/2 = ϕ/8. (a) 2LWB; (b) LB.

In order to carry out a comparison between the two shapes shown in Figure 1, regarding their
use in the outer bearing, their geometrical parameters are to be suitably assigned in order to establish
some mutual equivalence and further reference to the CB case. In this regard, in addition to
setting the same angular displacement through the relationship θ = ϕ/2, it seems quite reasonable
to assume, on the one hand, that the dimensional clearances respectively pertaining to the two
profiles, i.e., Clo,WB(δ,ϕ) = Co + CoB cos(2δ+ ϕ) and Clo,LB_1,2(δ,θ) = CH ∓ d sin(δ+ θ), have equal
mean values

Clo,WB

∣∣∣∣
M

= Co and Clo,LB

∣∣∣∣
M

= CH − 2d/π, (3)

On the other hand, imposing equal maxima

Clo,WB

∣∣∣∣
MAX

= Co(1 + B) and Clo,LB

∣∣∣∣
MAX

= CH (4)

or, alternatively, equal minima

Clo,WB

∣∣∣∣
MIN

= Co(1− B) and Clo,LB

∣∣∣∣
MIN

= CH − d (5)

is assumed to represents a plausible, further condition of equivalence. As a result, the ellipticity
parameter and the dimensionless law of the LB clearance Clo,LB(δ,θ), which comply with the
requirement of equal mean values and maxima (LBmx), are

pE,LBmx =
π
2

B
1 + B

and Clo,LBmx(δ,ϕ) =
Clo,LB(δ,θ)

Co
= 1 + B

[
1 + (−1)kπ

2
sin(δ+ θ)

]
, k = 1, 2 (6)
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whereas equating mean values and minima it is alternatively obtained (LBmn)

pE,LBmn = B
π

π− 2(1− B)
and Clo,LBmn(δ,ϕ) =

1− B
1− pE

[
1 + (−1)kpE sin(δ+ θ)

]
, k = 1, 2 (7)

Figure 2a,b show the comparison of the two elliptical clearances LBmx and LBmn, respectively determined
according to Equations (6) and (7).

 
(a) (b) 

Figure 2. Comparison between the 2LWB and the LB clearances (the differences have been expressly
highlighted by assigning B = 0.3). (a) conditions of equal mean values and maxima (LBmx);
(b) conditions of equal mean values and minima (LBmn).

2.2. Rotor-Bearing Model

After suitable manipulation, the equations of motion of the rotor-bearing system are eventually
written in a dimensionless way

⎧⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎪⎪⎪⎪⎩

x′′ + c
s x′ = U cos τ+

σ∗m,D
2Θs fi,x

y′′ + c
s y′ = U sinωτ− 1

s2 +
σ∗m,D
2Θs fi,y

x′′R = 1
χκ

σ∗m,D
2Θs

(
fo,x

2ρμΛ3υΘR

κ2 − fi,x
)

y′′R = 1
χκ

σ∗m,D
2Θs

(
fo,y

2ρμΛ3υΘR

κ2 − fi,y
)
− 1
κs2

, (8)

The significance of the symbols is given in the relative section. The inner film force components
are evaluated, according to the isoviscous, laminar, π-film model, under the infinitely short-bearing
approximation, (πSBA), through the analytical procedure reported in [23], suitably adapted to the
inner bearing, where both the ring and the journal rotate with different speeds (Appendix A). The ratio
ω̂ = ωR/ω between these angular speeds has been expressed in approximate way [24], so as to be
independent of the rotor speed

ω̂ =
ωR

ω
=

1

1 + υ3

k ρμ
(9)

Expressions of the outer film force components, limiting to the CB layout, could be obtained
similarly to the inner ones. A semi-analytical, more general procedure is instead adopted, which holds
in the whole different geometries, i.e., CB, 2LWB, and LB. According to the SBA and the selected bearing
geometry, the oil pressure is analytically obtained in the whole points of a grid with M circumferential
rows × N axially oriented columns, suitably fixed to represent the outer film in discretized way.
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After discarding the negative values, in accord to the Gumbel cavitation model, a numerical integration
over the same grid yields the oil force components (Appendix A).

2.3. Linear Stability Analysis

A linear stability analysis is carried out through the linearized equations written about stationary
equilibrium points. With this aim, the bearing modulus σ∗m,D and the Sommerfeld number ratio Σ

σ∗m,D = μ
ΩLD

W
R2

C2
L2

D2 , Σ =
(1 + χ)k2

ρμω̂Λ3υ
(10)

are assumed to represent a distinctive operating set of the system parameters (i.e., main geometrical
parameters, load, and dynamic viscosity of the lubricant). In particular, σ∗m,D is related to the modified
Sommerfeld numbers σm,D and σmo,D, which respectively characterize the current operating conditions
within the inner and the outer film, by means of the relationships

s =
σm,D

σ∗m,D
, σm,D = Σσmo,D. (11)

Two intervals, respectively Iσ of σ∗m,D and Is of s, are suitably assigned, so that at each σ∗m,D ∈ Iσ,
the rotor speed s is varied in Is. This way, different sets (s, σm,D, σmo,D) are fixed in turn by means
of Equation (11). The static equilibrium point PE ≡ (x, y, 0, 0, xo, yo, 0, 0)E regarding each set is hence
obtained by solving the system ⎧⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎩

fi,x = 0
fi,y = 1

σm,D

fo,x = 0
fo,y = Σ fi,y

. (12)

Above equation system is obtained from Equation (8) by setting derivatives and unbalance equal to
zero. It must be observed that the inner force fi,y can be evaluated here directly through the expression
of σm,D obtained by adaptation of the plain bearing case [24] and reported in Appendix A. Once PE is
obtained, the following linearized equations of motion hold in its neighborhood

s2

⎡⎢⎢⎢⎢⎢⎢⎢⎣
I2
=

0

0 χI2
=

⎤⎥⎥⎥⎥⎥⎥⎥⎦

⎧⎪⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎪⎩

ξ′′

η′′

κξ′′ R
κη′′ R

⎫⎪⎪⎪⎪⎪⎪⎪⎬⎪⎪⎪⎪⎪⎪⎪⎭
+ Θ

⎡⎢⎢⎢⎢⎢⎢⎢⎣
Q
=

−Q
=

−Q
=

Q
=
+ ρq

=

⎤⎥⎥⎥⎥⎥⎥⎥⎦

⎧⎪⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎪⎩

ξ′

η′

κξ′R
κη′R

⎫⎪⎪⎪⎪⎪⎪⎪⎬⎪⎪⎪⎪⎪⎪⎪⎭
+

⎡⎢⎢⎢⎢⎢⎢⎢⎣
P
=

−P
=

−P
=

P
=
+ ρΘR p

=

⎤⎥⎥⎥⎥⎥⎥⎥⎦

⎧⎪⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎪⎩

ξ

η

κξR

κηR

⎫⎪⎪⎪⎪⎪⎪⎪⎬⎪⎪⎪⎪⎪⎪⎪⎭
=

⎧⎪⎪⎪⎪⎪⎪⎪⎨⎪⎪⎪⎪⎪⎪⎪⎩

0
0
0
0

⎫⎪⎪⎪⎪⎪⎪⎪⎬⎪⎪⎪⎪⎪⎪⎪⎭
. (13)

The submatrices p
=

, P
=

, q
=

and Q
=

are written through the stiffness and damping coefficients,

as explained in Appendix B. Further manipulation of Equation (13) (Appendix B) yields the
eigenvalues problem

D
=

Ẑ = λ∗Ẑ
=

. (14)

Provided that the stationary equilibrium point PE is hyperbolic, the instability threshold is
represented by conditions where some λ∗, representing a real eigenvalue or a pair of conjugate
imaginary eigenvalues, turn out to have null real part.

2.4. Choice of the Parameter Values for the Analysis

Numerical simulation has been carried out for different operating conditions, fixed in turn
by choosing the parameter values with suitable criterion, in order to limit the case study work.
The values ±(3/4, 1/2, 1/4) ·π and 0 were assumed for the orientation angle ϕ, together with a wave
amplitude B = 0.2. The last quantity, employed within Equations (6) and (7) for the LBmx and LBmn
profiles, yields an ellipticity ratio pE respectively equal to 0.262 and 0.408. The LB-clearance ratio
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ΨS = CH/CV = 1/(1− pE), with CV = CH − d, represents a parameter that is frequently used too in
literature and assumes values 1.36 and 1.69, respectively in the above two cases. The parameters ρμ,
Λ, κ, υ, and χ were given values as follows: ρμ = 1; Λ = 1; κ = 1, 2; υ = 1.32, 1.5; χ = 0.025, 0.043,
0.075. Some of these values have been adopted in [5,6]. When the outer bearing is a 2LWB or an LB,
υ and κ are respectively evaluated with reference to the outer radius of the ring, which is maintained
comparing the different geometries, and to the clearance Co. A grid with M = 21 rows × N = 221
columns has been used to discretize the outer film.

3. Results

3.1. Steady-State Behavior: A Preliminary Comparison

Figure 3a,b illustrate the journal eccentricity ratio ε vs. the eccentricity ratio εo of the ring,
respectively in two cases relative to CB and LB mount. The parameter values υ = 1.2, χ = 0.001,
pE = 0.5, and κ = 0.7 and 1.3 have been adopted in order to carry out a comparison to the data from [16],
also shown in figures. The CB data have been obtained here as well as in [16] as a limit case of the
LB geometry. To the author’s knowledge and according to the short literature review given above
in the introductory section, the bearing model dealt with in [16] is so far the only one presenting
some similarity with the FRB adopted in the present study. Regarding the plots put in comparison in
Figure 3a,b, it is worth pointing out the differences between the present LB model and that adopted
in [16], where a finite different method-scheme and a finite bearing model with L/D = 1 have been used
to characterize the steady-state performances of an FRB with outer LB. In the light of these remarks,
the comparison may be assumed acceptable with exception of the LB layout and κ = 0.7.

 
(a) (b) 

Figure 3. Journal eccentricity ratio ε vs. the ring eccentricity ratio εo: comparison to results from [16].
(a) CB geometry. (b) LB geometry with pE = 0.5.

3.2. Linear Stability Analysis: The CB Case

Some check about the reliability of the semi-analytical procedure addressed to the linear stability
analysis, as described in the above section, has been carried out with reference to the operation of
a rotor on FRBs with outer CB. In this case, the stability responses obtained in both semi-analytical
and analytical way (see for example [5,6]) have been put in comparison. Figure 4a shows the results
(the analytical curves are reported in black) for three different κ values and the remaining parameters
fixed as in [6]. The plots in figure show some differences in the outcomes of both procedures,
particularly for the higher branches obtained with κ = 1.5 and 2. In this regard, the following remarks
are worth to be considered. The analytical curves have been here obtained expressing the inner and
outer fluid film forces as well as the inner and outer stiffness and damping coefficients in full analytical
way, according to [5]. On the other hand, the stability borders obtained in semi-analytical way are
calculated through a procedure that implies: the integration of the pressure distribution on a finite
mesh; the account of cavitation through cut off of the negative values; the calculation of stiffness
and damping coefficients by means of numerical derivatives. In both cases, the occurrence of pure
imaginary eigenvalues, which is crucial for the determination of the instability threshold, has been
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carried out numerically. According to these aspects, the differences in the outcomes, as they appear in
Figure 4a, receive some justification.

  

(a) (b) (c) 

Figure 4. Results for the CB layout. (a): Stability thresholds: numeric (in color) and analytic (in black).
(b,c): partial portraits of the eigenvalues behavior vs. s for κ = 2 in the LSR, at σ∗m,D = 8.13 (b) and the
HSR, at σ∗m,D = 0.398 (c).

In Figure 4a, it may be observed that each κ-case is represented by a curve with two distinct
branches, so as to organize the whole area under exam in two regions, a left higher stability region (HSR)
and a right lower stability region (LSR). The branch in the HSR, at lower values of the bearing modulus
σ∗m,D, represents stability loss very likely due to supercritical Hopf bifurcations, whereas the branch in
the LSR, characterized by light-load conditions, would very likely represent instability originated by
subcritical bifurcations [6]. These behaviors are due to the play of the eight eigenvalues at varying
the rotor speed s. In this regard, it is worth remarking that: (1) the set of eigenvalues is generally
made by real eigenvalues (REs) λ∗p,R, p = 1, P, and complex conjugate eigenvalues (CCEs) λ∗q,CC, q = 1,
Q; (2) the number of eigenvalues in each subset can change from s to s, on condition, in the present
system, that P + 2 Q = 8. As an example, Figure 4b,c, which refer to the curve in Figure 4a numerically
obtained for κ = 2, illustrate the conditions occurring at the onset of instability when σ∗m,D = 8.13 and
σ∗m,D = 0.398, respectively. Both figures show the behavior of the real parts Re(λ) of the eigenvalues
(upper diagrams) and that of the imaginary parts Im(λ) in the interval s = 2 ÷ 10 (for better clarity,
only the non-positive Im(λ) have been plotted). Furthermore, owing to the different magnitudes of
the eigenvalues parts, only partial data, i.e., those relevant to the Hopf bifurcations under analysis,
have been reported. That being said, from Figure 4b it can be inferred that the loss of stability at σ∗m,D
= 8.13, occurs at s around 2, when the pair λ∗2,CC crosses the imaginary axis from the negative to the
positive half-plane. It can be seen that, at the same speed, there are a second pair λ∗1,CC of CCEs and a
RE λ∗1,R, the latter one changing soon after, when s is about 2.2, into a further pair of CCEs. At the onset
of instability, the absolute value of the imaginary part of the eigenvalues that determine the bifurcation,
i.e., λ∗2,CC, is higher than that of λ∗1,CC. Differently in the HSR, when σ∗m,D = 0.398, Figure 4c shows that
the loss of stability, about s = 3, is due to the eigenvalue λ∗1,CC, which possesses the lowest absolute
value of the imaginary part with respect to the further CCEs (two of which, i.e., λ∗2,CC and λ∗3,CC,
are depicted in the upper and bottom diagrams of the figure). The above conditions, regarding the
magnitude of the imaginary parts of the critical eigenvalues, have been observed in [6] to be frequently
associated to sub-critical (Figure 4b) and super-critical (Figure 4c) bifurcations. Nevertheless, the same
conditions cannot represent a criterion to decide whether the bifurcation is of the former or the latter
type, nor in the present analysis are adopted the appropriate tools, like continuation or center manifold
analysis, in order to solve the issue.

The change from LSR scenario to the HSR one manifests with a jump, as it can be inferred
from the plots in Figure 4a and can be explained as follows, still making reference to Figure 4b,c,
without providing further data for the sake of conciseness. According to the above remarks, the Hopf
bifurcations in the LSR (Figure 4b) and in the HSR (Figure 4c) are due to different critical eigenvalues,
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i.e., λ∗2,CC and λ∗1,CC, respectively. As the value of the bearing modulus σ∗m,D is decreased from 10 to 2

(compare Figure 4b,c), the Re
(
λ∗1,CC

)
remains over the zero axis (i.e., the pair λ∗1,CC is continuing to cross

the imaginary axis). Differently Re
(
λ∗2,CC

)
diminishes gradually in value, till to abandon the zero axis

and to position entirely beyond it. Owing to its slope, when Re
(
λ∗2,CC

)
separates from the zero axis and

ceases to be critical (around σ∗m,D = 4.5), there is a jump from the critical s value that is due to λ∗2,CC,

say s∗2,E

(
λ∗2,CC

)
this end value, to the critical s value that is due to λ∗1,CC, say s∗1,I

(
λ∗1,CC

)
this initial value,

placed upward in the interval. The difference s∗1,I

(
λ∗1,CC

)
-s∗2,E

(
λ∗2,CC

)
justifies the discontinuity in the

observed threshold curve for κ = 2 in Figure 4a. Similar considerations hold for the remaining curves.

3.3. Linear Stability Analysis: The 2LWB and LB Cases

When the outer bearing is changed from the CB to the 2LWB or LB shapes, the dependence of
the stability curves on the bearing orientation ϕ and the level of deviation from the circular shape
(respectively represented in both types by the amplitude B and the ellipticity parameter pE) turns
out to be apparent. Figure 5a,b report the stability charts obtained adopting the 2LWB with B = 0.2,
ϕ = −(1, 2, 3)·π/4, υ = 1.32 and χ = 0.043; the clearance ratio κ was given the values of 1 and 2,
respectively in both figures. The curves in each figure show similarities to the plots of Figure 4a and
are mostly characterized by the presence of two distinct branches, corresponding to HSR and LSR.
In each figure, the threshold curve obtained with the CB layout, operating under the same respective
parameter values, has been added in order to allow comparison to the lobe solutions, so that a general
increase in stability, gained by the non-circular geometry, may be observed. In fact, the threshold
branches corresponding to the 2LWB are higher than in the CB case, with the only exception of the
ϕ = −3π/4 orientation. This effect is particularly remarkable in the HSR and even more when the
clearance ratio κ is equal to 1, whereas the dotted-line branches in the LSR turn out to be very close
each to the other. Also worth of notice is the broadening of the HSR, at the expense of the LSR, when κ
is raised from 1 to 2. Yet, comparing in each figure the curves corresponding to different angles, it can
be inferred that the apparent improvement of the stable behavior in the HSR is higher the less the slope
with respect to the horizontal layout assigned through the ϕ angle. Nevertheless, the orientation angle
ϕ = −3π/4 yields a some contrasting stability response: (1) poor when κ = 1, i.e., worse than that
of the CB mount, in a relatively broad interval of σ∗m,D and, moreover, without a distinct separation
between HSR and LSR; (2) generally better than the CB response when κ = 2, with a threshold even
higher than in the whole comparing cases, in a restricted interval of the bearing modulus, placed just
downstream the jump up to the higher branch.

Figure 5c–f illustrate the stability charts obtained replacing the 2LWB with an LBmx bearing
(Figure 5c,d) or an LBmn one (Figure 5e,f). In order to ease the comparison between geometries,
the whole set of Figure 5a–f is organized by rows, i.e., the figures on a same row are obtained with the
same parameter values. In the whole cases, it can be seen that the LB curves (Figure 5c–f) are more
gathered, with partial overlapping, and closer to the CB branches than in the 2LWB mount (compare
Figure 5a,b). From comparison, it can also be inferred a general, moderate decrease of the stability
thresholds gained by the lemon profiles, as well as the clear similarities to the respective 2LWB results
(compare figures on a same row), mainly consisting in similar partitions of the diagram area in HSR and
LSR. Some attention may be paid to examining the performances of the different angular orientations,
with particular reference to the HSR. The positioning of the LB curves, almost generally above the CB
ones, is still to indicate better stability with respect to the circular geometry. Nevertheless, the relative
gathering of the branches denotes a weak influence of the ϕ angle in this set of values, even though
some differences in the performance quality can be observed comparing the results pertaining to a
same given ϕ value in the LBmx and LBmn geometries (compare, for instance, the branches with
ϕ = −3π/4 in Figure 5c,d respectively to those in Figure 5e,f).
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(a) (c) (e) 

  
(b) (d) (f) 

Figure 5. Stability charts for CB and non-circular geometries, ϕ = −(1, 2, 3)·π/4, υ = 1.32, χ = 0.043,
κ = 1 (a,c,e), κ = 2 (b,d,f). (a,b): 2LWB; (c,d): LBmx; (e,f): LBmn.

A separate analysis is addressed just to the mentioned 2LWB case with ϕ = −3π/4 and κ = 1,
in order to throw light onto the characteristic continuity, i.e., without the typical jump from HSR to
LSR or vice-versa, exhibited by the corresponding curve in Figure 5a. Figure 6a,b make it possible to
assess that λ∗2,CC represents the critical eigenvalue both in the LSR and the HSR (compare Figure 5a).
Owing to coalescences between the different eigenvalues, observed in the Re(λ) and Im(λ) diagrams at
varying σ∗m,D in its interval, Re

(
λ∗2,CC

)
maintains its position over the zero axis, so that the critical value

of s∗ (i.e., the speed at which the pair λ∗2,CC crosses the imaginary axis) varies continuously without

jumps and intervention of different eigenvalues. It is also worth noticing that Im
(
λ∗2,CC

)
changes its

relative magnitude with respect to the other eigenvalues when passing from LSR to the HSR, as it can
be inferred comparing the bottom diagrams in Figure 5a,b.

 
(a) (b) 

Figure 6. Partial portraits of the eigenvalues behavior vs. s for κ = 2, at σ∗m,D = 3.98 (a) and σ∗m,D = 0.1 (b).
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The effects of an increase in the radius ratio υ from 1.32 to 1.5 can be observed from Figure 7a–f.
As in the previous set of figures, in each row it is possible to compare the 2LWB data (left) to the
LBmx (center) and LBmn ones (right), obtained under the same parameter values. Observation and
comparison of the plots in these figures make it possible to conclude that the above modification in
the υ value keeps unchanged the characteristics already observed in Figure 5a–f, while determining
an increased stability, as confirmed by the raising of the whole branches. On the other hand, it was
observed that a moderate change in the value of the mass ratio yielded no sensible modification in
the charts depicted in Figure 5a–f. Related results to support this remark were obtained assuming
χ = 0.025 and 0.075 and are not presented here for the sake of brevity.

The stability charts obtained with the same parameter values of Figure 5a–f, but adopting a further
set of angular positions, i.e., ϕ = (0, 1, 2, 3, 4)·π/4, are reported in Figures 8a–c and 9a–f. The values
κ = 1 and κ = 2 were respectively adopted in the former and the latter set of figures. A general decay
of stability, partly lessened at higher loads, is shared by the different curves, which show substantial
similarities in the three, compared geometries. It is apparent that, whatever the noncircular bearing
shape, when κ = 1 the threshold curves for ϕ = π/2 and ϕ = 3π/4 are positioned quite below the CB
curve. Differently, some higher branches of the curves calculated with ϕ = 0 and ϕ = π/4 overstep
the CB stability border when σ∗m,D is about less than 0.2. Similar behavior characterize the data for
ϕ = πwith restriction to the LBmx and LBmn profiles (Figure 8b,c). A further remark can be made
about the shape of the curves, which are deprived of distinct separation between the HSR and LSR,
with the only exception of the 2LWB and LBmx branches at ϕ = 0.

  
(a) (c) (e) 

  
(b) (d) (f) 

Figure 7. Stability charts for CB and non-circular geometries, ϕ = −(1, 2, 3)·π/4, υ = 1.5, χ = 0.043,
κ = 1 (a,c,e), κ = 2 (b,d,f). (a,b): 2LWB; (c,d): LBmx; (e,f): LBmn.
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(a) (b) (c) 

Figure 8. Stability charts for CB and non-circular geometries, ϕ = (0, 1, 2, 3, 4)·π/4, υ = 1.32, χ = 0.043
and κ = 1. (a): 2LWB; (b): LBmx; (c): LBmn.

  
(a) (c) (e) 

  
(b) (d) (f) 

Figure 9. Stability charts for CB and non-circular geometries, ϕ = (0, 1, 2, 3, 4)·π/4, υ = 1.32, χ = 0.043
and κ = 2. (a,b): 2LWB; (c,d): LBmx; (e,f): LBmn.

When κ = 2 (Figure 9a–f) a higher spread, with respect to the results of Figure 8a–c, is observed in
the stability performances. Angular positions with ϕ = π/2 and 3π/4 yield a remarkable lowering of
the limit curves. This circumstance is particularly evident for the LBmn profile. Conversely, the best
performance pertains to the ϕ = 0 orientation: this horizontal layout of the outer bearing, makes the
stability borders in Figure 9b,d,f comparable to the higher branches depicted in Figure 5b,d,f, respectively.
Even in this case, this outcome appears more evident when the LBmn shape is adopted. A further
comment is to be addressed to the discontinuities exhibited in Figure 9b,f, which could represent, at first
glance, numerical artifacts. Nevertheless, an inspection into the behavior of the critical eigenvalues
clarifies the point. Figure 10a–e show the partial portraits of the eigenvalues obtained in the interval
of rotor speed s, taken at different, close values of the bearing modulus. In particular, Figure 10a–c,
relative to a sequence of σ∗m,D values around 3.5, show how the critical eigenvalue is initially represented
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by λ∗3,CC (Figure 10a,b, top) and successively (Figure 10c, top) by λ∗2,CC. The passage from the one
eigenvalue to the other takes place with a jump in the critical value s* of s, which justifies the right
discontinuity in the ϕ = 0 curve of Figure 9b. Further downward, when σ∗m,D is around 0.54 another
jump takes place, as confirmed by the left discontinuity in theϕ = 0 curve of Figure 9b. Differently from
the previous case, the jump in the critical value s* from 6.7 c.a. to 4.2 c.a. when σ∗m,D � 0.54 is due to the
only λ∗2,CC eigenvalue, as confirmed by the behavior summarized in the top diagrams of Figure 10d,e.

   
   (a)     (b)     (c) 

           
 (d)   (e)  

Figure 10. Behavior of the eigenvalues (partial portraits) related to the ϕ = 0 curve in Figure 9b,
taken at successive values of σ∗m,D. (a–c): sequence involved in the right discontinuity about σ∗m,D = 3.5;
(d,e): sequence involved in the left discontinuity about σ∗m,D = 0.54.

3.4. Non-Linear Analysis with Brute-Force Method

The above analysis of stability suffers from the limits due to the several simplifying hypotheses
that have been assumed, among which the linearization of the fluid film forces is a distinctive feature.
The brute-force approach, based on the numerical integration of the system’s ODE, represents a first,
classic tool at disposal to get further insight into the dynamics under analysis [23], especially in the
post-bifurcation scenario, before recurring to possible different methods, like continuation analysis or
center manifolds analysis [6,18,19]. However, it is worth remarking that the brute-force method can
cast light on the investigated dynamics, though restricting to the stable solutions and on condition to
evaluate suitably the sensibility to initial conditions, so as to detect the presence of possibly coexisting
solutions. Nevertheless, regarding the investigation carried out in the above section, this approach can
effectively play a supporting role, mainly consisting in a survey of the bifurcation dynamics predicted
through the linear stability analysis. Particularly, the stability loss can be verified by observing the
positions occupied by the journal and ring centers within their respective clearances, as the speed is
gradually increased in the low values range. In fact, when the bifurcation manifests, their equilibrium
point-status is replaced by a motion condition as an effect of the onset of a limit cycle. Both the speed
at which the transition sets in and the way the orbits’ size increase can be suitably appraised through
the numerical simulation.

On these premises, two examples have been chosen from the case-studies presented in the above
section, in order to show the use of the brute-force procedure in the present context. In each example,
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for a given set of κ, υ, χ, and σ∗m,D values, the rotor speed is assigned in steps within a suitable interval.
At each step, the numerical integration of Equation (8), written in the absence of unbalance, is carried
out by means of an ode15s MATLAB routine, up to attaining a steady condition after that the initial
transient is damped out. This procedure is repeated for different FRB layouts, whose responses are
eventually compared in terms of journal and ring center orbits, minimum film thickness, and SI index.
The last quantity is specifically related to the orbits. Besides contrasting the orbits obtained from a
layout to the other at some chosen s values, the said index, defined as

SI =
√

Δx · Δy (15)

where

Δx = xU − xL, Δy = yU − yL, xU = max{x}, xL = min{x}, yU = max
{
y
}
, yL = min

{
y
}

(16)

and {x} and
{
y
}

are the x and y coordinates of the orbit points, makes it possible to evaluate
approximatively the orbit dimensions along the examined interval of speed.

The two selected examples are characterized by the following sets of parameters:
Set (1) σ∗m,D = 0.1, κ = 2, υ = 1.32, χ = 0.043, layouts: CB, 2WLB with ϕ = −π/4, 3π/4 rad (reference

to Figures 5b and 9b);
Set (2) σ∗m,D = 0.22, κ = 1, υ = 1.32, χ = 0.043, layouts: CB, 2WLB with ϕ = 0,π/4 rad (reference

to Figure 8a).
In the examples, intervals: 1.18 ÷ 15.4 (10 ÷ 130 krpm) or 1.18 ÷ 21.3 (10 ÷ 190 krpm) of the s rotor

speed, in steps Δs = 0.355 (3 krpm), have been assumed.
Figure 11a,b depict the behavior of the SI index respectively for the above Set1 and Set2 conditions.

Each curve in the diagrams starts at a speed value that is generally not coinciding with the exact critical
one, but turns out to be placed just downstream of it, owing to the step resolution and the fact that the
index assumes null values in the presence of equilibrium points. The SI behavior shown in the plots
makes it possible to infer that:

- The orbits described by the ring center in the outer bearing are larger than those described by the
journal center. In particular, the orbits of the ring center for the CB are generally larger than in the
other layouts. An opposite outcome appears when comparing the orbits of the journal bearing,
which are, for the circular geometry, smaller than in the 2LWB examples.

- Under the Set 1 conditions, the bifurcation manifests at rotor speeds that are quite different each
to the other (Figure 11a). The 2WLB, ϕ = −π/4 layout presents a critical speed about s = 15,
remarkably higher than those that occur about s = 6 and s = 4, respectively for the CB and the
2WLB − ϕ = 3π/4 cases. This outcome is quite congruent with the predictions that can be
deduced from Figures 5b and 9b for these three layouts.

- Adopting the Set 2 (Figure 11b), the critical speeds obtained for the different FRBs are closer than
in the Set 1 conditions. The lowest one, at about s = 4.5, is obtained when the outer bearing,
i.e., the FRB housing, has a lobe profile with a ϕ = π/4 slope. In the other two cases, represented
by the CB and 2WLB − ϕ = 0 layouts, the transition to the limit cycle manifests at about s = 5.
Comparison to Figure 8a makes it possible to assess a sufficient congruence between the data in
these conditions too, despite the jump exhibited in the same figure by the threshold curve relative
to the lobe bearing with ϕ = 0 slope.

An insight into the results presented in Figure 11a,b can be achieved through inspection of the
trajectories described by the journal and ring centers at different speeds and depicted in Figure 12a,c,e,
for conditions of Set 1, and in Figure 12b,d,f for the Set 2 ones. A first indication about the stability
performances that pertain to the different layouts, is obtained by noticing the long-lasting permanence
of the equilibrium point at speed increase, which manifests in some cases with respect to the other ones.
This remark complies particularly with the behavior of the 2WLB − ϕ = −π/4 reported in Figure 12e.
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The wide orbits of the centers, detected for s = 16, contrast with the minute orbits obtained when s = 15.
Differently, the other two geometries analyzed under the same Set 1 conditions (Figure 12a,c) turn out
to exhibit big orbits well before, when s = 7.

 
(a) (b) 

Figure 11. Behavior of the SI index relative to the orbits of the journal and ring centers (respectively:
‘in’ and ‘out’ subscripts): examples for the CB and 2LWB layouts. (a) Set 1 conditions and layouts;
(b) Set 2 conditions and layouts.

 

(a) (b) 

 
(c) (d) 

 
(e) (f) 

Figure 12. Orbits of the journal and ring centers for different FRB layouts and rotor speeds.
(a,c,e) Conditions and layouts as in Figure 11 (Set 1), for s = 3.5, 4.5, 7, 15, and 16. (b,d,f) Conditions and
layouts as in Figure 11b (Set 2), for s = 4, 5, 5.5, and 15.
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The data of Figure 12a,c,e also confirm that the trajectories of the ring center in the CB layout
are on average closer to the housing wall with respect to the compared lobe geometries, as inferred
from observation of the SI curves in Figure 11a. The opposite result, relative to the magnitude of
the journal bearing orbits, which appears to be relatively lesser in the CB case than in the compared
geometries, is also verified. Figure 12b,d,f depict the trajectories obtained when conditions are those
of Set 2. The critical speed occurs for s values between 4 and 5 in the whole three bearing types.
Yet, the transition to the precession motion appears slightly anticipated by the 2WLB − ϕ = π/4 layout
with respect to the CB and the 2WLB − ϕ = 0 ones. Furthermore, comparing the data obtained at s = 4
and 5 in Figure 12d,f to those relative to s = 3.5 and 4.5 in Figure 12c and s = 15 and 16 in Figure 12e,
it can be said that the transition in the Set 2 cases manifests very likely some more gradually than in the
Set 1 examples. Further observation of the data in Figure 12a–f makes it possible to notice the presence
of higher harmonics that affect, at some degree, the journal orbits downstream of the stability loss,
particularly under the Set 2 conditions.

The brief portrait given in the present section is completed here below with an observation of the
minimum thickness behavior, as reported in Figure 13a,b. The whole curves in the plots present an
initial branch that raises with the rotor angular velocity, from the initial s = 2 value up to the critical
speed. This behavior is justified by the gradual centering of the steady equilibrium points within
the bearing clearances, which evolves as far as the speed is increased. The difference in the loading
conditions from Set 1 and Set 2 explains the different range of values pertaining to the curves reported
in the lower part of Figure 13a,b and relative to the inner bearing. It is worth observing that the
minimum thickness assumes practically the same values, whatever the FRB layout in the examples.
The curves shows quite clearly the jump that is due to the stability loss, with indications that agree with
those inferred from Figures 11 and 12. The significant jumps that affect the minimum film thickness
in the inner bearing under Set 1 are also worth of remark. This outcome appears to be reasonably
explained in terms of the said equilibrium point-centering and load condition effects. The example
represented by the 2WLB − ϕ = −π/4 case in Figure 13a is representative in this regard.

 
(a) (b) 

Figure 13. Minimum film thickness within the inner and outer bearings. (a) Set 1 conditions and
layouts. (b) Set 2 conditions and layouts.

4. Discussion and Conclusions

The paper presents a theoretical investigation that shows how the instability threshold of a
perfectly balanced, horizontally placed, rigid rotor on FRBs is dependent on the shape of the FRB
housing. With this aim, two geometries, respectively characterized by a two-lobe wave shape and
a lemon one, have been considered in place of the circular profile commonly adopted for the outer
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plain bearing. The angular orientation and the preload level are distinctive parameters of these two
unsymmetrical profiles. Shaping the bore of journal bearings by means of multi-lobe, dammed or
stepped profiles is a well-known, low cost practice to gain a better rotor stability with respect to the
basic circular geometry. Past research carried out by the author on this topic and the relative scarceness
of studies about the specific use of noncircular geometries within FRBs motivated the present study,
carried out with a linear approach. In this sense, and through the extension to different bearing
layouts, it particularly follows in the wake of some previous works [5,6] focused on the behavior of the
common FRB.

The results make it possible to assess the incidence of the noncircular shape and, particularly,
of the angular orientation of the profile, on the stability response of the rotor system, with positive
or negative effects that vary from case to case. In particular, the adoption of FRBs with outer 2LWB,
makes it possible to obtain better stability performances with respect to the CB layout when negative
values of the ϕ angle are employed. The highest instability thresholds are obtained with the negative
angle that presents the lesser absolute value among the adopted ones, i.e., ϕ = −π/4. Above this value,
i.e., when ϕ is null or positive, the performance gradually worsens, with a sensible lowering of the
curves occurring beyond ϕ = π/4. These remarks make it possible to infer that, regarding the analyzed
type of stability loss, the response of the 2LWB layout is better than the CB one, on condition that the
bearing is not too much inclined above the horizontal, with a peak in the counter-clockwise range of
angular displacements. The worst responses are instead obtained with the ϕ = π/2 and ϕ = 3π/4
clockwise positions. These circumstances are likely in relation to the assumed vertical direction of
the external load and the counter-clockwise, positive angular speed of the journal. The influence due
to modifications of the radius and clearance ratios, in terms of extension and position of the HSR
and LSR, are in line with those observed in the CB case, whereas varying the mass ratio in the range
0.025–0.075 yields no sensible changes.

When the LBmx and LBmn shapes are adopted in the outer FRB bearing, the stability charts
appear rather similar to those obtained in the corresponding 2LWB cases. The influence of negative ϕ
values is less pronounced than in the 2LWB layout, despite a general improvement of stability may
be detected, with curves that appear more gathered and close to the CB ones adopted for reference.
Nevertheless, the results of these specific inclinations show some differences with respect to those
described about the 2LWB layout, particularly in the case of the LBmx profile. A higher degree of
similarity may instead be assessed in the stability charts obtained for the 2LWB and the two LB layouts,
from case to case, when positive ϕ values are assigned.

The inspection of the eigenvalues behavior has proved to be an effective tool in order to justify
some specific features of the threshold curves. The recourse to brute-force integration, in a few
examples related to the case-studies considered in the previous analysis, has given further insight into
the examined dynamics. This part of the investigation has been carried out through observation of the
journal and ring orbits and evaluation of the minimum film thickness, with further use of a suitable
parameter correlated to the orbit dimensions.

The several, simplifying hypotheses in the analysis and, above all, the restriction to the Hopf
bifurcation, which takes place from the steady state equilibrium of the perfectly balanced rigid rotor,
mark the limits of the investigation. Nevertheless, the obtained results highlight significant effects of
the non-circular geometry, as it has been assumed here within the FRB layout, which could reasonably
encourage further research on the topic.
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Nomenclature

Symbols Description

B dimensionless wave amplitude of the 2LWB
C clearance of the inner bearing [m]
CH parameter of the LB bore [m]
Co clearance of the outer bearing (CB bore, reference for the 2LWB and LB cases) [m]
Clo,WB(δ,ϕ) clearance of the outer bearing (2LWB bore) [m]
Clo,LB_1,2(δ,θ) clearance of the outer bearing (LB bore) [m]
d parameter of the LB bore [m]
D diameter of the inner bearing [m]{

fi,x
fi,y

}
= 2Θ
σm,DW

{
Fi,x
Fi,y

}
: dimensionless force components of the inner fluid film{

fo,x

fo,y

}
= 1
σmo,D(W+WR)

{
Fo,x

Fo,y

}
: dimensionless force components of the outer fluid film

Fi,x, Fi,y force components of the inner fluid film [N]
Fo,x, Fo,y force components of the outer fluid film [N]
g gravity acceleration [m/s2]
h dimensionless fluid film thickness of the inner bearing
L axial length of the inner bearing [m]
m, mR semi-mass of the rotor, mass of the ring [kg]
p oil film pressure [N]
p∗ = μωR2

C2
L2

D2 : reference pressure in the internal oil film [N]
pE = d/CH =d/CH: lemon-bearing ellipticity ratio

p∗o = μoωR
R2

o
C2

o

L2
o

D2
o
: reference pressures in the outer oil film [N]

R radius of the inner bearing [m]
s = ω/Ω: dimensionless rotor speed
t time [s]
W, WR half-weight of the rotor, weight of the ring [N]
x, y dimensionless coordinates of the journal (Oxy: right-hand reference with horizontal x-axis)
x, y coordinates of the journal center [m]
x̂, ŷ = x− κxR, y− κyR: dimensionless relative positions between journal and ring
z dimensionless axial coordinate of the bearing
α angular position of the film border (Appendix A)
δ circumferential coordinate
γ dimensionless pressure of the oil film
ζ = z/L: dimensionless axial coordinate
θ = ϕ/2: orientation angle of the LB profile (Figure 1b)
Θ = ω/ω = (1 + ω̂)−1

κ = Co/C: clearance ratio
λ∗ eigenvalue (Appendix B)
Λ = Lo/L: axial length ratio
μ absolute viscosity of the lubricant in the inner bearing [Pa s]
ρμ = μo/μ: viscosity ratio
σm,D =

μωLD
W

R2L2

C2D2 : Sommerfeld number in the inner oil film

σmo,D =
μoωRLoD
W+WR

R2
o

C2
o

L2
o

D2
o
: Sommerfeld number in the outer oil film

σ∗m,D =
μΩLD

W
R2L2

C2D2 : bearing parameter

Σ = σm,D/σmo,D =
(1+χ)κ2

ρμω̂Λ3υ : Sommerfeld number ratio

τ = ωt: dimensionless time
υ = Ro/R: radius ratio
ϕ angular orientation of the noncircular outer bearing (Figure 1a)
χ = mR/m = WR/W: mass ratio
ΨS = CH/CV = 1/(1− pE): lemon-bearing clearance ratio
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ω rotor angular speed [rad s−1]
ω = ω+ωR [rad s−1]
ω̂ = ωR/ω: angular speed ratio
Ω =

√
g/C: reference angular frequency [rad s−1]

o subscript for the quantities relative to the outer bearing

R subscript for the quantities relative to the ring
′ dimensionless time derivative

Appendix A

Appendix A.1 Inner Bearing

Dimensionless Reynolds Equation with SBA:

∂2γ

∂ζ2 = 24

(
x̂− 2Θŷ′

)
sin δ− (ŷ + 2Θx̂′)

(1− x̂ cos δ− ŷ sin δ)3 , (A1)

Pressure within the oil film:

γ = 3

(
x̂− 2Θŷ′

)
sin δ− (ŷ + 2Θx̂′) cos δ

(1− x̂ cos δ− ŷ sin δ)3

(
4ζ2 − 1

)
, p = p∗γ, p∗ = μω(R2/C2)(L2/D2) (A2)

Dimensionless expression of the force components of the inner oil film:

{
fi,x
fi,y

}
= 2Θ
σm,DW

{
Fi,x
Fi,y

}
= E

(
3V

{ x
y

}
−G

{
sinγ
− cosγ

}
− 2S

{
cosγ
sinγ

})

α = arctan
(
(ŷ + 2Θx̂′)/(x̂− 2Θŷ′)

)
− (π/2) sin

(
(ŷ + 2Θx̂′)/(x̂− 2Θŷ′)

)
− (π/2) sin(ŷ + 2Θx̂′)

E1 =
(
(x̂− 2Θŷ′)2

+ (ŷ + 2Θx̂′)2
)0.5

, E2 = 1− x̂2 − ŷ2, E3 = ŷcosα− x̂sinα, E = −E1/E2,
S1 = x̂ cosα− ŷ sinα, S2 = 1− S12, G = (2/E20.5)

(
arctan(E3/E20.5) + π/2

)
, V1 = 2 + GE3,

V = V1/E2.

(A3)

Sommerfeld number for the inner oil film:

σm,D =
1

1 + ω̂

2
(
1− ε2

)2

ε
√
π2(1− ε2) + 16ε2

= Θσm,D_simp (A4)

σm,D_simp is the number relative to the simple plain bearing.

Appendix A.2 Outer Bearing

Dimensionless Reynolds Equation with SBA:

∂2γo

∂ζ2 = 24
1
h3

o

(
∂ho

∂δ
+

2
ω̂
∂ho

∂τ

)
, γo = po/p∗o, p∗o = μoωR

R2
o

C2
o

L2
o

D2
o

(A5)

Dimensionless oil film pressures:

CB : γo = 3

(
xo − 2ω̂−1y′o

)
sin δ−

(
yo + 2ω̂−1x′o

)
cos δ

(1− xo cos δ− yo sin δ)3

(
4ζ2 − 1

)
(A6)

2LWB : γo = 3

(
xo − 2ω̂−1y′o

)
sin δ−

(
yo + 2ω̂−1x′o

)
cos δ− 2B sin(2δ+ ϕ)

[1− xo cos δ− yo sin δ+ B cos(2δ+ ϕ)]3
(
4ζ2 − 1

)
(A7)

LBmx : γo = 3

(
xo − 2ω̂−1y′o

)
sin δ−

(
yo + 2ω̂−1x′o

)
cos δ+ (−1)kBπ2 cos(δ+ θ){

1− xo cos δ− yo sin δ+ B
[
1 + (−1)k π

2 sin(δ+ θ)
]}3

(
4ζ2 − 1

)
(A8)
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LBmn : γo = 3

(
xo − 2ω̂−1y′o

)
sin δ−

(
yo + 2ω̂−1x′o

)
cos δ+ (−1)kpE

1−B
1−pE

cos δ
{

1−B
1−pE

[
1 + (−1)kpE sin(δ+ θ)

]
− xo cos δ− yo sin δ

}3

(
4ζ2 − 1

)
(A9)

The following equation expresses the components in dimensionless way

{
fo,x
fo,y

}
=

1
σmo,D(W + WR)

{
Fo,x
Fo,y

}
= ΨSH

{
fSHS,x
fSHS,y

}
, (A10)

where

ΨSH = − 3π
4(N − 1)(M− 1)

,
{

fSHS,x
fSHS,y

}
=

M−1∑
i=1

N−1∑
j=1

[(
γ̂o(i, j) + γ̂o(i+1, j) + γ̂o(i, j+1) + γ̂o(i+1, j+1)

) { cos δ(2 j+1)/2
sin δ(2 j+1)/2

}]
(A11)

Appendix B

Main quantities adopted in Equation (13):

I2 =
[

1 0
0 1

]
, Q =

[
dξξ dξη
dηξ dηη

]
, q =

[
do,ξξ do,ξη
do,ηξ do,ηη

]
, P =

[
kξξ kξη
kηξ kηη

]
, p =

[
ko,ξξ ko,ξη
ko,ηξ ko,ηη

]

ρ =
1 + χ
κΘR

, ΘR = ωR/ω.

The matrices Q
=

and P
=

can be deduced from ([5], Appendix A), with the remarks

dξξ = A1, dξη = −A2, dηξ = −A3, dηη = A4, kξξ = B1, kξη = kηξ = −B2, kηη = B4.
The elements of q

=
and p

=
are numerically obtained by means of finite difference approximations of the partial

derivatives of the outer film force around the equilibrium point.
With use of the following quantities

Mm = s2

⎡⎢⎢⎢⎢⎢⎣
I2
=

0

0 χI2
=

⎤⎥⎥⎥⎥⎥⎦, MD = Θ

⎡⎢⎢⎢⎢⎢⎢⎣
Q
=

−Q
=−Q

=
Q
=
+ ρq

=

⎤⎥⎥⎥⎥⎥⎥⎦, Mk =

⎡⎢⎢⎢⎢⎢⎣
P
=

−P
=−P

=
P
=
+ ρΘR p

=

⎤⎥⎥⎥⎥⎥⎦, z =

⎧⎪⎪⎪⎪⎨⎪⎪⎪⎪⎩
ξ
η
κξR
κηR

⎫⎪⎪⎪⎪⎬⎪⎪⎪⎪⎭ (A12)

Equation (13) can be equivalently written

Mmz′′+MDz′+Mkz = 0 (A13)

and furthermore
U
=

Z′ + V
=

Z = 0 (A14)

where

U
=
=

⎡⎢⎢⎢⎢⎢⎣
Md Mm _

Mm 0
=

⎤⎥⎥⎥⎥⎥⎦, V
=
=

⎡⎢⎢⎢⎢⎢⎣
Mk 0

=

0
=

−Mm

⎤⎥⎥⎥⎥⎥⎦, Z
=
=

{ z
z′

}
. (A15)

Let the solution of Equation (A13) be given as Z(τ) = Ẑeλτ, so as to write

[
λU
=
+ V

=

]
Ẑ = 0. (A16)

After premultiplication by V
=
−1 it is obtained

[
λD
=
+ I

=

]
Ẑ = 0, with : D

=
= V

=

−1U
=

(A17)

and eventually
D
=

Ẑ = λ∗Ẑ
=

, (A18)

which represents the eigenvalue problem with λ∗ = −λ−1.
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Abstract: The vibration behaviour of turbocharger rotors is influenced by the acting loads as well as
by the type and arrangement of the hydrodynamic bearings and their operating condition. Due to
the highly non-linear bearing behaviour, lubricant film-induced excitations can occur, which lead
to sub-synchronous rotor vibrations. A significant impact on the oscillation behaviour is attributed
to the pressure distribution in the hydrodynamic bearings, which is influenced by the thermo-
hydrodynamic conditions and the occurrence of outgassing processes. This contribution investigates
the vibration behaviour of a floating ring supported turbocharger rotor. For detailed modelling of
the bearings, the Reynolds equation with mass-conserving cavitation, the three-dimensional energy
equation and the heat conduction equation are solved. To examine the impact of outgassing processes
and thrust bearing on the occurrence of sub-synchronous rotor vibrations separately, a variation
of the bearing model is made. This includes run-up simulations considering or neglecting thrust
bearings and two-phase flow in the lubrication gap. It is shown that, for a reliable prediction of
sub-synchronous vibrations, both the modelling of outgassing processes in hydrodynamic bearings
and the consideration of thrust bearing are necessary.

Keywords: run-up simulation; semi-floating ring bearing; thrust bearing; two-phase flow cavitation;
oil-whirl and oil-whip

1. Introduction

Turbochargers have become indispensable in combustion engines due to economic,
ecological and efficiency reasons. The engine’s charge exchange work is no longer sufficient
to satisfy the required demands, so additional charging is necessary. The rotor’s principle
design consists of a compressor and turbine wheel taken up by a common shaft. Due
to the flow of exhaust gases to the turbine wheel, the kinetic energy of the gases is used
to set the rotor in a rotational motion. Simultaneously on the compressor side, the fresh
air is compressed and supplied to the combustion chamber. Consequently, the main aim
of turbocharging is to increase the power and combustion efficiency of the engine by
increasing the mean pressure while reducing fuel consumption if possible.

An essential factor for compliance with the requirements is the support of the rotor.
This is preferably achieved by using hydrodynamic bearings. Compared to roller bearings,
hydrodynamic bearings have a simpler and more cost-efficient design as well as more
favourable thermo-hydrodynamic operating conditions. A disadvantage is their highly
non-linear behaviour, which can even lead to additional rotor excitations in terms of sub-
synchronous vibration [1–11]. Woschke et al. [1,2] examined the excitation mechanism
in context with the current natural frequencies and damping of the rotor. By solving
the eigenvalue problem at the current operating point, including the non-linear bearing
properties, a Campbell diagram with the corresponding damping is plotted and the rotor
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excitation via the half-whirl frequency is evaluated over the entire run-up. It is shown that
an oil-whip can occur if a weakly damped natural frequency is excited by an oil-whirl.
The current rotor natural frequencies depend on the mass and stiffness distributions of
the rotor as well as on the stiffness and damping properties of the individual bearings [2].
With the occurrence of oil-whips, increased vibration amplitudes, wear and even failure of
the rotor can occur. For this reason, a reliable prediction of the critical sub-synchronous
vibrations is necessary.

Concerning the stiffness and damping properties of hydrodynamic bearings, the
kinematics of shaft and housing, the temperature distribution and outgassing processes
have significant influences. Temperature changes lead to thermal gap changes. In addition,
the lubricant properties such as the viscosity are non-linearly dependent on it. Due to
thermal boundary conditions and the weak thermal conductivity of common lubricating
oils, the viscosity can vary in all three spatial directions, which must be taken into account
owing to the aforementioned non-linear temperature dependence. For this reason, Dowson
derived the generalised Reynolds equation [12], which allows the consideration of a
viscosity that varies over the gap height. In the following years, thermo-hydrodynamic
phenomena were thoroughly investigated, which is comprehensively documented in
the reviews [13–16]. In more recent publications, a transient consideration of the three-
dimensional thermal phenomena is increasingly carried out (see, e.g., [17–19]). This is a
requirement for the investigation of vibration phenomena.

Outgassing processes describe the presence of gas in the lubricating film with the
consequence of developing a multi-phase flow [20]. In hydrodynamic bearings, vapour
and gas cavitation as well as aeration can occur in particular. Vapour cavitation appears if
the hydrodynamic pressure falls below the vapour pressure so that the lubricant changes
its aggregate state. In contrast, gas cavitation is a diffusion-induced process in which the
gas dissolved in the lubricant undergoes a phase transition if the pressure falls below the
saturation pressure. Besides vapour and gas cavitation, air from the environment can
also penetrate the lubrication gap via the bearing edges (aeration) [21]. With the occur-
rence of two-phase flow, a partially filled lubricating gap is established, which leads to a
softer bearing behaviour and consequently favours the appearance of sub-synchronous
rotor vibrations. For modelling outgassing processes, the two-phase model is applied in
this contribution. It is a mass-conserving cavitation model, which makes it possible to
consider outgassing processes depending on the hydrodynamic pressure and the lubri-
cant film temperature [3,22–25]. For completeness, the cavitation theories according to
Jakobsson Floberg and Olsson (JFO-model) or its efficient numerical implementation by
Elrod [11,26–29] and the model of bubble dynamics [30] may also be mentioned.

In addition to the stiffness and damping behaviour of the individual bearings, the
arrangement and type of bearings also influence the current rotor natural frequency. The ra-
dial displacement of the rotor is mainly supported by journal bearings. Consequently,
this bearing type contributes to the stiffness and damping in horizontal and vertical rotor
direction, while the tilting stiffness is limited. In terms of tilting stiffness and damping,
thrust bearings contribute essentially. The rotor tilting results in an asymmetrical pressure
distribution at the thrust bearing so that a torque is created, which counteracts the rotor
tilting. Thus, the thrust bearing provides a further part to the stiffness and damping, which
can influence the current natural frequencies of the rotor. Investigations of the influence
of thrust bearings on a full-floating ring supported turbocharger rotor are carried out
in [31–36]. A variation of the axial load and thrust bearing design parameters is made
in [32]. The simulations show that with increasing axial load, the start frequency of the
oil-whip can be shifted to higher speed ranges. This is because smaller lubrication gaps
can occur at the thrust bearing so that the hydrodynamic pressure and consequently the
stiffness and damping of the bearing increase. In comparison, the number of bearing
segments seems to have only a minor influence.

This contribution deals with the influence of outgassing processes as well as the
impact of the thrust bearing on the occurrence of sub-synchronous vibrations for a semi-
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floating ring supported turbocharger rotor. Due to the design, the rotor’s centre of gravity
is close to the turbine bearing, which results in a general tendency to high rotor tilting
during operation. Under these circumstances, it is essential to consider the thrust bearing
in order to predict the sub-synchronous vibrations and the rotor amplitudes reliably.
To investigate the individual effects on the rotor’s response behaviour, various models of
the hydrodynamic bearings are chosen and their influences are compared with the results of
the run-up measurement. The level of detail includes the Half-Sommerfeld solution without
thrust bearing up to the two-phase model with thrust bearing. For detailed modelling
of the thermo-hydrodynamic states of the journal bearings, the Reynolds equation with
mass-conserving cavitation according to the two-phase model and the three-dimensional
energy equation for the temperature distribution in the lubricating film as well as the heat
conduction equation for the shaft, bushing and housing are solved. Regarding the thrust
bearing, the Reynolds equation with centrifugal flow and mass-conservation cavitation
is solved.

2. Theoretical Fundamentals

The examined rotor consists of an elastic shaft, the compressor and turbine wheel,
as well as the sealing disk, auxiliary bearing and thrust ring (cf. Figure 1). To model
the elastic deformations of the shaft, the Finite-Element-Method (FEM) according to the
Timoshenko beam theory [37] is applied. The FE-nodes are positioned at relevant shaft
shoulders as well as at the bearings in order to determine the lubrication gap. Furthermore,
the components assembled on the shaft can be defined as rigid bodies and their inertia
properties are assigned to the corresponding FE-nodes. The total mass of the rotor is
mRot = 20 kg and its centre of gravity is located close to the turbine bearing. To take the
unbalance condition of the rotor into account, the compressor and turbine wheel have
an unbalance distribution (uC, uT) with an angular offset. In addition to the rotor, the
compressor and turbine side floating rings exist as separate rigid bodies within a multi-
body environment. The interaction between the individual components is realised via
the resulting forces and torques of the hydrodynamic films. These are marked blue in the
figure. As a result, there is an interaction between housing and bushing (outer lubrication
gap) and between bushing and shaft (inner lubrication gap) at the journal bearing. The
forces and torques occurring at the thrust bearings act between the bearing housing (inertial
system) and the thrust ring or auxiliary bearing.

Figure 1. Schematic representation of the rotor model.

For the radial support of the rotor, floating ring bearings with outer squeeze-film
damping are used. Due to the prevention of the rotational movement of the bushing
around the longitudinal rotor axis, a hydrodynamic pressure can only be generated at
the outer gap if there is a squeezing of the lubricant. To ensure a sufficient lubricant
supply, the outer film has a circumferential groove, so the oil is distributed evenly over
the entire circumference. Furthermore, the oil can flow through the connecting channels
of the bushing to the inner lubrication gap and also build up a hydrodynamic pressure.
Accordingly, the lubricating films are coupled to each other, whereby the lubricant can
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flow either to the inner or to the outer gap, depending on the operating bearing condition.
It should be mentioned that the inner lubrication gap has a multi-lobe geometry consisting
of three segments and both the inner and outer gaps are unsealed. A schematic illustration
of the bearing with considered fluid flows is shown in Figure 2.

Figure 2. Schematic representation of the floating ring bearing with considered fluid flows.

For the axial support of the rotor, thrust bearings are used. With regard to the design,
each segment has a wedge, flat and groove area, whereby the oil is supplied through holes
in each groove area. To avoid the oil flowing off at the outer edge, the thrust bearings are
additionally sealed. A sealing effect is achieved by the fact that the outer bearing edge has
no contour. Due to the turbocharger design, the axial lubrication films on the compressor
and turbine sides can be considered separately. A schematic design of the thrust bearing
can be seen in Figure 3.

Figure 3. Schematic representation of the thrust bearing with considered fluid flows.

The following sections present the theoretical fundamentals for determining the pres-
sure distribution in hydrodynamic bearings by solving the Reynolds equation taking
mass-conserving cavitation into account. Besides the influence of cavitation, thermody-
namic processes in the lubricating film and at supported elements as well as their coupling
to each other are explained more in detail.

2.1. Time Integration

With respect to the simulation of transient processes, time integration and the im-
plementation of hydrodynamics is described first. Within the multi-body system (MBS),
the differential equation of motion

M(y) · ÿ + hω(ẏ) + hel(y, ẏ) = he(t, y, ẏ) (1)

is solved, where M is equal to the inertia matrix and y represents the state vector of the
bushings and the degrees of freedom of the elastic rotor. In addition, the gyroscopic effects,
centrifugal and Coriolis forces hω as well as the stiffness and damping properties of the
shaft hel are taken into account. External forces such as the unbalance or resulting forces of
the hydrodynamics are summarised in he. The workflow of time integration is shown in
Figure 4.
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Figure 4. Workflow of time integration, according to Woschke [1].

Starting from the rotor position at the current time, the lubrication gap h und its time
derivation ḣ can be determined via the kinematic states of the shaft and housing (−→r S,−→r H).
With knowledge of the gap, the hydrodynamic pressure distribution is calculated by
solving the Reynolds equation. Subsequently, an integration of the pressure over the
bearing surface provides the resulting bearing forces acting on the shaft and housing
(Fx,Fy). With regard to the thrust bearing, both thrust forces and torques are considered
due to the asymmetrical pressure distribution. With knowledge of the forces and torques
acting on the rotor, the right-hand side of Equation (1) and finally the acceleration vector
can be calculated. By executing a time integration procedure, the state vector (y,ẏ) at the
next time step is known.

The described procedure of time integration corresponds to an online solution of
the Reynolds equation. The pressure distribution is calculated at each time step, which
provides the advantage of an exact determination of bearing forces depending on the
current kinematic state of the supporting elements. Consequently, it is not necessary
to generate stiffness and damping tables and interpolate the table data to calculate the
acting forces.

2.2. Reynolds Equation for Journal and Thrust Bearings

To determine the pressure distribution in journal bearings, a simplified representa-
tion of the Navier–Stokes equation is used [1,2,26]. It is assumed that the lubricant is
incompressible and has a laminar flow behaviour. Furthermore, the oil properties can be
variable due to the lubricant film temperature. The implementation of the bearing-specific
assumptions leads to the generalised Reynolds equation [12,24] for journal bearings
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and

G =
∫ h

z=0
ρ

[
I1 − F1

F0
I0

]
dz , (4)

FCS =
∫ h

z=0
ρ

I0

F0
dz , (5)

FCH =
∫ h

z=0
ρ

(
1 − I0

F0

)
dz , (6)

Fρ =
∫ h

z=0
ρ dz . (7)

In Equations (2)–(7), p is the hydrodynamic pressure, h is the lubricant gap height and
ρ, η are the density and viscosity of the lubricant. Due to the assumption of a significantly
smaller lubrication gap height compared to other bearing dimensions, cartesian coordinates
with x and y can be used for the bearing circumference and width direction. Furthermore,
the circumferential velocity on the surface of the shaft uS and housing uH can be used as
boundary conditions for the fluid flow. The time derivative is needed to take transient
effects into account.

A simplification of Equation (2) is achieved by assuming constant lubricant properties
over the gap height. As a consequence, Equations (3)–(7) can be calculated, leading to the
Reynolds equation

0 = − ∂
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ρh3
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Couette-flow
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Squeeze-film flow

. (8)

At this point, it should be mentioned that the lubricant properties need to be averaged
over the gap height to use Equation (8). Using a film-averaged temperature to determine
viscosity would lead to a reduced pressure distribution and softer bearing behaviour. For
the numerical implementation, the three-dimensionally distributed lubricant properties
are determined first as a function of oil temperature and subsequently averaged over the
gap height. The oil properties are averaged after the non-linear properties have been taken
into account.

Within this contribution, Equation (8) is chosen to determine the pressure distribution
in journal bearings because the computing times are lower compared to the generalised
Reynolds equation. This is due to the integrals within the generalised Reynolds equation,
which have to be calculated for each time step of the time integration. To show the validity
of the simplified Reynolds equation, the spectrograms for the run-up simulations with the
generalised Reynolds equation are in the Appendix A.

To determine the pressure distribution in thrust bearings, the generalised Reynolds
equation with centrifugal force can also be used, but, for the same reasons as for the journal
bearing, the lubricant properties can be averaged over the gap height, resulting in the
Reynolds equation
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Centrifugal flow

.

Due to the bearing design, centrifugal flows have to be taken into account because
they provide an additional flow component in radial direction. In general, centrifugal
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flows can be induced via the hydrodynamic pressure gradient and via the circumferential
velocities of the fluid. In this contribution, it is assumed that the latter influence has a more
significant effect. The lubrication gap is in the fifth and seventh power in the case of the
pressure-induced centrifugal flow, while the lubrication gap is in the third power when
circumferential velocity is considered [38–40].

By solving the Reynolds equation, the hydrodynamic pressure distribution is known.
However, cavitation phenomena occur in the area of the opening lubrication gap, which
lead to the generation of a multiphase flow. With regard to the modelling of outgassing
processes, the focus is on diffusion-induced gas generation with the implementation of
the two-phase model. Therein, the gas phases dissolved in the lubricant and those present
separately in the lubrication gap are considered. Detailed explanations of the two-phase
model can be found in [23,24,41], so a summary is provided within this contribution.

2.3. Two-Phase Flow Cavitation

For further examinations, a control volume within a partially filled lubrication gap is
considered (cf. Figure 5). The phase transition takes place at the surface of the bubble.

Figure 5. Partially filled lubrication gap with control volume, according to Dowson [20].

Based on Figure 5, it becomes clear that the lubricant properties are significant for the
pressure build-up, while the properties of the gas phase can be neglected. Consequently,
within the Reynolds equation (Equations (8) and (9)), effective lubricant properties

ηe f f = ηliqF + ηg(1 − F) ≈ ηliqF (10)

ρe f f = ρliqF + ρg(1 − F) ≈ ρliqF

are used. The lubricant fraction F represents the ratio of the oil volume (hatched area) in
relation to the size of the control volume. For further calculations, the bubble content r is
introduced, which describes the ratio of the bubble volume to the oil volume as follows

F =
Voil
VCV

=
r

1 + r
(11)

r =
VB
Voil

. (12)

The basis for implementing the two-phase model is the determination of total gas
mass mB, which is composed of the masses dissolved and undissolved in the lubricant

mB = mB dis + mB undis = const . (13)

For determining the undissolved gas masses, the application of the ideal gas law (cf.
Equation (14)) is sufficient, whereas, for the dissolved gas masses, the Bunsen solubility
(Henry–Dalton law) has to be taken into account as well (cf. Equations (15) and (16)).
The Henry–Dalton law describes the solubility of gases in lubricants and provides the
possibility of idealised modelling of diffusion-induced phase transformations. The gas
volume VB dis dissolved in the lubricant is linearly dependent on the existing oil volume
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Voil and the ratio of hydrodynamic pressure p to a reference pressure p0. For the lubricants
ISO-VG 32-220, the Bunsen coefficient is αB = 0.08 − 0.09 [23].

mB undis = VB
p

R T
(14)

VB dis = αBVoil
p
p0

(15)

mB dis = VB dis
p

RT
= αBVoil

p2

p0R T
(16)

Inserting Equations (14) and (16) into Equation (13) with inclusion of the bubble
content by Equation (12) gives the total gas masses

mB =

(
r + αB

p
p0

)
Voil p
R T

= const. . (17)

The assumption of a constant total gas mass provides the possibility to compare
the current operating bearing condition with a reference one [24,41]. With regard to
the reference condition, the pressure p0, lubricant film temperature T0 and reference
bubble content r0 are known, so the total mass of gas can be calculated via Equation (17).
With knowledge of the current operating bearing state (hydrodynamic pressure p and
oil temperature T at the current step of time integration), the current bubble content and
lubricant fraction can be determined

mB 0 = mB (18)

r = r0
p0T
pT0

− αB
pT0 − p0T

pT0
(19)

F =
p

(r0 + αB)p0
T
T0

+ (1 − αB)p
. (20)

With the occurrence of gas cavitation, a partially filled lubrication gap is established,
which depends on the hydrodynamic pressure and lubricant film temperature. Restrictions
of the cavitation model result from the simplified modelling of phase transitions between
dissolved and undissolved gas masses. Here, the equilibrium between the gas phases is
instantaneous, which means that the inertia of the bubble growth is neglected. To take the
bubble inertia into account, the solution of the Rayleigh–Plesset equation is recommended.
This is a differential equation derived from the Navier–Stokes equation, which determines
the size of the bubbles as a function of the pressure, surface tensions and inertial effects.
In terms of an efficient implementation of outgassing processes, the evaluation of the
two-phase model is sufficient for the investigation of hydrodynamically supported rotors.
Furthermore, it should be mentioned that surface damage caused by cavitation is not
considered. The focus is on the generation of a two-phase flow.

For the numerical implementation of the two-phase model, the introduction of a
pressure-related lubricant fraction

FD =
F
p
=

1

(r0 + αB)p0
T
T0

+ (1 − αB)p
(21)

is recommended. This procedure provides the opportunity to apply stabilisation methods
in the cavitation domain (First Order Upwind) and methods for efficient solution of the
Reynolds equation with mass-conserving cavitation (Newton–Raphson method).

In summary, the Reynolds equation with mass-conserving cavitation according to the
two-phase model for the journal bearing is
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and for the thrust bearing taking centrifugal flow into account
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2.4. Temperature Model

In addition to the Reynolds equation, the energy and heat conduction equations are
also needed to describe the bearing condition with regard to the temperature distribution
in the lubricant film and on the shaft and housing, respectively. The oil temperature is
calculated by

∂T
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, (24)

wherein T is the oil temperature; (u, v, w) denotes the fluid velocity in bearing circum-
ferential, width and height direction; and η, ρ, λ, cp are lubricant properties in terms of
viscosity, density, thermal conductivity and specific heat capacity. The dissipative part of
Equation (24) is due to the lubricant shearing resulting from the change of the fluid flow
over the gap height ( ∂u

∂z , ∂v
∂z ). The gradients of the velocities are already known from the

derivation of the Reynolds equation
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With regard to heat convection, the velocities are calculated by

u(z) =
∂p
∂x

[
I1 − F1

F0
· I0

]
+

I0

F0
(uS − uH) + uH , (27)

v(z) =
∂p
∂y

[
I1 − F1

F0
· I0

]
. (28)

It should be mentioned that effective lubricant properties, according to Equation (10),
have to be used. Otherwise, there will be an overestimation of dissipation and heat
generation [42]. Furthermore, the velocity component w can be neglected since it is much
smaller than the other ones and laminar flow is assumed.

To determine the three-dimensional temperature distribution at the shaft and housing,
the heat conduction equation is evaluated
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)]
(29)

in cylindrical coordinates, where TS,H is the temperature of shaft and housing, respectively;
r, ϕ, z are the coordinates in radial, circumferential and bearing width direction; and ρ, c
and λ represent the material properties of the bearing parts.
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2.5. Coupling of Thermo- and Hydrodynamics

Considering Equations (22), (24) and (29), it becomes clear that a coupled system
has to be solved to describe the thermo-hydrodynamic processes in journal bearings.
The interaction consists of, on the one hand, the thermodynamics and hydrodynamics
within the lubricating film and, on the other hand, of the heat transfer processes between
the fluid and the shaft, bushing or housing. The interrelationships and holistic interactions
are shown in Figure 6.

Figure 6. Coupling of thermodynamics and hydrodynamics.

With regard to the pressure distribution in journal bearings, Equation (22) is evaluated,
wherein the hydrodynamic pressure depends on the temperature-dependent lubricant
properties as well as the lubrication gap including thermal gap expansion and the oil
temperature. Concerning the occurrence of outgassing processes, it should be noted that
the lubricant fraction depends on both the hydrodynamic pressure and the lubricant film
temperature (cf. Equation (20)). Thus, heating of the oil can lead to increasing bubble
generation, so the lubricant fraction decreases and consequently outgassing processes are
favoured. The occurrence of cavitation has a significant influence on the resulting forces
and torques of the bearing and thus on the bearing stiffness and damping. With the solution
of the Reynolds equation and two-phase model, the pressure and lubricant distributions
are known so that the thermodynamic states can be determined as the next step.

With knowledge of the pressure and lubricant fraction, the fluid velocities in the lubri-
cation gap and their change over the gap height can be calculated, so the dissipative part
and the components of the heat convection of Equation (24) are determined. Subsequently,
the temperature distribution in the lubricating film as well as at the shaft and housing is
evaluated, in which a thermally fully coupled system is considered. Heat transfer between
fluid and solid domain is based on a conjugate heat transfer model, in which heat con-
duction processes at the surface of the supported components are assumed. Heat transfer
coefficients, which are difficult to determine, are not needed within the temperature calcu-
lations. With the solution of temperature distribution, the viscosity, density and thermal
gap changes can be updated, which are again input variables for the hydrodynamics.

With regard to the shaft motion measurements, the turbocharger run-up was carried
out slowly, so the assumption of a quasi-steady-state temperature distribution is valid.
Furthermore, it is shown in [42] that solving the energy and heat conduction equation is
not necessary at every time step, since thermal processes take place significantly more
slowly than rotordynamic and hydrodynamic processes. Furthermore, solving these
equations at defined output steps provides the advantage of saving computational time.
The temperature is kept constant between the output steps.

2.6. Validation of Hydrodynamics and Thermodynamics
2.6.1. Journal and Floating Ring Bearing

Validation of the hydrodynamic model taking mass-conserving cavitation into account
has already been done for a rigid shaft supported by journal bearings and for a Jeffcott rotor
supported by full-floating ring bearings [41]. On the one hand, the shaft motion under
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cyclic load is evaluated and compared with the results of Ausas [28]. On the other hand,
the run-up behaviour of a Jeffcott rotor with floating ring bearings is investigated, whereby
the rotor’s response under the assumption of Half-Sommerfeld solution and the two-phase
model is compared with the results of Eling [19]. The influence of cavitation is shown by
the occurrence of sub-synchronous oscillations over a larger speed range. In summary, the
run-up simulation with mass-conserving cavitation shows better agreement with the shaft
motion measurement.

The validation of the thermodynamics is carried out in [42]. There, a Jeffcott rotor
with journal bearings is examined with regard to the influence of temperature assumptions
on the generation of sub-synchronous oscillations. Run-up simulations are performed
assuming isothermal operating conditions, a thermal lumped mass model and the complete
solution of the three-dimensional energy and heat conduction equations. In summary, the
rotor response based on the solution of energy and heat conduction equations shows the
best agreement with the results of Eling [19]. Furthermore, it is shown that the solution of
the energy equation does not have to be calculated in every time step, so the solution at
defined time steps is also sufficient.

2.6.2. Thrust Bearing

In this section, the results of the validation for hydrodynamics at thrust bearing
are shown. For this purpose, a comparison is made with the results of Hao [38]. The
corresponding experimental investigations were carried out by Zhang [43]. The considered
thrust bearing consists of 24 segments, where each of them has a flat and grooved area
(cf. Figure 7). Furthermore, ambient pressure is assumed at bearing edges. Under these
conditions, the lubricant fraction at inner and outer radius is equal to F = 1, which has
the consequence that the oil is supplied to the lubrication gap via the bearing edges. The
bearing design and the corresponding operating boundary conditions are summarised in
Tables 1 and 2.

Figure 7. Bearing design and boundary conditions, according to Hao [38].

Table 1. Summary of lubrication gap, according to Hao [38].

Property Name Value

Number of segments 24
Inner radius ri 24.0 mm
Outer radius ra 32.0 mm
Angle of groove ϕgr 8.4 deg
Angle of land ϕl 6.6 deg
Groove depth hgr 10.2 μm
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Table 2. Summary of operating condition, according to Hao [38].

Property Name Value

Viscosity ηliq 0.083 Pas
Density ρliq 812 kg/m3

Temperature Tliq 22.5 ◦C
Bunsen-Solubility αB 0.08
Bubble content r0 0.0–0.05
Angular velocity n 333.98 rpm
Min. lubrication gap hmin 15.4 μm

To determine the pressure distribution, the Reynolds equation with consideration
of centrifugal inertia, according to Equation (9), is evaluated for stationary operating
conditions and iso-viscous temperature distributions. In [38], the implementation of mass-
conserving cavitation is analogous to the principle of dissolved and undissolved gas masses
explained within this contribution. However, a temperature- and pressure-dependent
Bunsen coefficient was assumed, which is approximated via an exponential approach.
In contrast, within this contribution the Bunsen coefficient αB is constant. Furthermore,
it should be mentioned that a variation of the reference bubble content is carried out in
order to illustrate the influence of already existing undissolved gas masses. The results of
pressure and lubricant distribution at the bearing centre plane are shown in Figure 8.

(a) (b)

Figure 8. Gauge pressure (a) and lubricant fraction (b) at bearing centre plane r = 28 mm with hmin = 15.4 μm and
n = 333.98 rpm.

In summary, the results show a good agreement with the determined pressure and
lubricant distributions of [38]. Neglecting already undissolved air masses r0 = 0, a
maximum gauge pressure of pmax = 0.3 MPa is obtained between ϕ = 6.2◦ and 13.9◦.
At cavitation domain, a minimum lubricant fraction of Fmin = 0.63 is observed. With
increasing reference bubble content, the fraction of undissolved gas masses increases, so
that the maximum pressure decreases and the pressure area covers a smaller range overall.
For a bubble content of r0 = 0.025, the maximum pressure is pmax = 0.28 MPa. The pressure
area is located between ϕ = 6.7◦ and 13.2◦ and a minimum lubricant fraction of Fmin = 0.62
is determined.

The pressure and lubricant distribution over the entire bearing segment is shown in
Figure 9. The cavitation domain occurs mainly at groove area. Since a constant pressure is
assumed at bearing edges, a pressure gradient is created at inner and outer radius so that
the lubricant can be transported into the gap and thus a pressure is built up at flat area.
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Figure 9. Gauge pressure (left) and lubricant fraction (right) at hmin = 15.3 μm and n = 333.98 rpm.

3. Results of Run up Simulations

To evaluate the rotor response behaviour, run-up simulations are compared with shaft
motion measurements in the time and frequency domain. Furthermore, the influence of
thrust bearings on the rotor vibrations is also examined. For this purpose, the normalised
eccentricity and motion orbitals at compressor- and turbine-side bearings as well as the
rotor tilting angle are discussed more in detail.

With regard to the hydrodynamic boundary conditions, constant supply pressure is
assumed within the inlet holes. Due to the circumferential groove at the outer lubrication
gap of the floating ring bearing, there is a constant supply pressure over the entire groove.
Furthermore, the oil can flow out freely over the bearing edge since there are no lateral
seals. In addition, thermal boundary conditions have to be taken into account. At the outer
lubrication gap, the oil supply temperature is set within the circumferential groove. Since
the angular positions of the connecting channels are the same as the positions of feeding
holes and the lubricant is evenly distributed over the circumference within the groove
area, an effective mixing temperature can be assumed within the supply area of the inner
lubrication gap. Here, a perfect mixture of warm and fresh oil is supposed.

Besides the thermo-hydrodynamic boundary conditions, the run-up process is also
considered. Within the shaft motion measurement, the run-up is relatively slow, so that
the assumption of thermally steady-state operating condition is valid. In addition, thrust
forces occur due to the flow of gases to the impellers. Within the simulation, the lateral
forces are specified as look-up tables based on the measurement conditions. In addition,
the total thrust bearing clearance is known. Within the simulation, the rotor starts from a
minimum speed and accelerates constantly until the maximum speed is reached.

To evaluate the influence of cavitation and thrust bearings more precisely, simula-
tions were carried out with various levels of detail of the bearings. As the lowest model
accuracy (V1), a fully filled lubrication gap regardless of operating bearing condition (Half-
Sommerfeld cavitation) is assumed and thrust bearings are neglected. An increase in the
level of detail is achieved by considering outgassing processes, but thrust bearings are still
neglected (V2). Consequently, a comparison of the rotor response behaviour between the
model levels V1 and V2 shows the influence of cavitation. With regard to the modelling
level (V3), Half-Sommerfeld cavitation is assumed again, but thrust bearings are included.
As a result, a comparison between V1 and V3 shows the influence of thrust bearings on
vibration behaviour. The highest model accuracy (V4) includes both mass-conserving
cavitation and the consideration of thrust bearings.

3.1. Shaft Motion in Frequency Domain

First, the results of the shaft motion measurement are discussed in frequency domain
(cf. Figure 10). The figure shows the rotor response frequency as a function of the angular
velocity. From fRot = 0.48 of the maximum speed, sub-synchronous oscillation with a rotor
response frequency f = 0.16 are detected. Besides the oil-whip, the rotor behaviour is
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also determined by the unbalance-induced vibrations. A synchronous resonance occurs at
fRot ≈ 0.24, whereby the amplitudes decrease after passing the resonance.

Figure 11 shows the results of the run-up simulations at various levels of detail
of the bearings. Assuming a fully filled lubrication gap independent of the operating
condition of the bearing and neglecting the tilting stiffness of the thrust bearings (V1), no
sub-synchronous vibrations can be detected. On the one hand, a fully filled lubrication gap
can lead to an overestimation of damping properties at squeeze-film damper and, on the
other hand, it can lead to increased stiffness within the inner lubrication gap. Furthermore,
neglecting the thrust bearing has an effect on the vibration mode of the rotor and thus
also on the bearing stiffness and damping, which can be seen from the shaft orbits and
the eccentricity in the bearing planes. Taking outgassing processes (V2) into account,
sub-synchronous oscillation can already be predicted from a rotor speed of fRot = 0.55 and,
thus, a better agreement with the measurements can be achieved. The occurrence of a two-
phase flow leads to a reduction of bearing stiffness and damping, which favours lubricant
film-induced excitations. The run-up simulations V1 and V2 were carried out without
thrust bearings, with the consequence of neglecting the tilting stiffness and damping. To
evaluate the influence of the tilting stiffness on the rotor response behaviour, the thrust
bearing is added and Half-Sommerfeld cavitation at floating ring and thrust bearings is
assumed (V3). The rotor response shows sub-synchronous oscillations from a speed of
fRot = 0.66, whereby the oil-whip occurs later and with lower amplitude compared to the
measurement. One reason for the occurrence of sub-synchronous vibrations can be that
with the consideration of tilting stiffness, a rotor natural frequency is shifted closer to the
half-whirl frequency of the oil at floating ring bearing. Consequently, an oil-whip can occur
if a weakly-damped natural frequency of the rotor is excited. The highest level of detail is
given by mass-conserving cavitation both in floating ring and thrust bearings (V4). Thus,
the effects of the two-phase flow are superimposed on those of the thrust bearing, so that,
in addition to the start frequency of the oil-whip fRot = 0.50, the rotor amplitude is also
well predicted compared to the measurement. A summary of the rotor response behaviour
is given in Table 3.

Figure 10. Spectrogram of the shaft motion measurement captured at the sealing disc.

Table 3. Summary of rotor response behaviour measured at sealing disk.

Description Synchronous Resonance Start of Oil-Whip Response Frequency

Measurement 0.24 0.48 0.16
Half-Sommerfeld without thrust bearing (V1) 0.23 − −
2PM without thrust bearing (V2) 0.23 0.55 0.15
Half-Sommerfeld with thrust bearing (V3) 0.23 0.66 0.18
2PM with thrust bearing (V4) 0.23 0.50 0.15
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Figure 11. Spectrogram of the rotor response behaviour under the assumption of: (a) Half-Sommerfeld cavitation without
thrust bearing (V1); (b) two-phase model without thrust bearing (V2); (c) Half-Sommerfeld cavitation with thrust bearing
(V3); and (d) two-phase model with thrust bearing (V4).

3.2. Shaft Motion in Time Domain

Furthermore, the time signal of the horizontal rotor movement is evaluated (cf. Figure 12).
The signal represents the oscillation of the rotor around its stationary position and is cal-
culated by taking the half of the difference between upper and lower envelope curves of
the time signal. Measured sub-synchronous oscillations can be observed from a speed of
fRot > 0.48, whereby these are characterised by a stronger oscillation of the time signal. A
comparison of the run-up simulations shows that a better agreement with the measurement
can be achieved with increasing level of detail of the bearings. The run-up simulation
with mass-conserving cavitation and without thrust bearing (V2) already showed a good
congruence with respect to the start frequency of the oil-whip in the frequency domain, but
the rotor oscillations are predicted too low. Finally, the simulation with consideration of
thrust bearing and outgassing processes (V4) shows the best agreement with the measure-
ment both for the start frequency of the oil-whip and with regard to the rotor oscillation
magnitudes. Here, the oil-whip shows a clear increase of the vibration amplitude from a
speed of fRot > 0.50.
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Figure 12. Horizontal shaft motion evaluated at sealing disc.

Discrepancies between measurement and simulations can be explained by the fact
that a complete mixture between warm and cold oil is assumed within the supply area of
the inner lubrication gap. A more detailed implementation of the mixing processes is based
on a boundary layer model, in which a part of the warm oil can be transported over the
supply area. Furthermore, it should be noted that the temperatures at thrust bearing have
been specified via a look-up table. Spatial distributions of the temperatures are not taken
into account. For this purpose, the three-dimensional energy equation for the lubricating
film and the heat conduction equation for the shaft and housing must be solved in analogy
to the thermodynamics of floating ring bearings.

3.3. Normalised Eccentricity and Orbits of Shaft and Floating Ring

To investigate the influence of the thrust bearing on the rotor response, the nor-
malised eccentricities and the motion orbit of the shaft and bushings are examined (see
Figures 13 and 14). For a better evaluation, simulations with mass-conserving cavitation
and without thrust bearing (V2) and with thrust bearing (V4) are chosen.

(a) (b)

Figure 13. Normalised eccentricity of the shaft and bushing considering mass-conserving cavitation: without thrust bearing
(V2) (a); and with thrust bearing (V4) (b). Abbreviations: CS, compressor side gap; TS, turbine side gap.

Based on the normalised eccentricity of the bushing at turbine bearing (black area
in Figure 13), it can be seen that there is a contact at outer lubrication gap over the entire
run-up. This is due to the rotor’s design since its centre of gravity is close to the turbine
bearing (see Figure 1). In addition, the outer gap is designed as squeeze-film damper since
the rotational movement of the bushing is prevented. The hydrodynamic pressure can
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only be built up if there is a sufficient squeezing of the lubricant. Otherwise, the bushing
rests. From the motion orbit of the turbine-sided bushing (grey curve in Figure 14c,d), it is
also clear to see that the bushing gets immediately into contact and increased oscillation
can only be observed with the occurrence of sub-synchronous oscillations at fRot > 0.5 or
during unbalance resonance.

The influence of thrust bearings can be seen, on the one hand, with regard to the
normalised eccentricity of the compressor-sided bushing (blue area in Figure 13) and, on
the other hand, on the motion orbit (grey curve in Figure 14a,b). Without thrust bearings,
the normalised eccentricities of the bushing can be found between ε ≈ 0.78 − 0.86 and the
contact process occurs in the upper half φ = 60 − 90◦. Consequently, the rotor exhibits a
high degree of tilting. Considering the tilting stiffness, the rotor tilting is limited, which
results in, on the one hand, higher eccentricities between ε ≈ 0.88 and 0.95 and, on the other
hand, the motion orbit of the bushing occurs at the lower region φ = 240–270◦. Thus, the
influence of the thrust bearing is clearly illustrated by the motion orbit of the compressor-
side bushing. At this point, it should be mentioned that, with increasing eccentricity of the
bushing, the anisotropy of the squeeze-film damper becomes more significant, which also
has an influence on the rotor natural frequencies [10].

(a) (b)

(c) (d)

Figure 14. Normalised shaft and bushing orbit considering mass-conserving cavitation: (a) without thrust bearing at
compressor bearing (V2); (b) with thrust bearing at compressor bearing (V4); (c) without thrust bearing at turbine bearing
(V2); and (d) with thrust bearing at turbine bearing (V4).
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3.4. Thrust Bearing

In this section, the forces and torques acting at thrust bearing are discussed (see
Figures 15 and 16). With regard to the bearing forces, both thrust bearings are in equilib-
rium at lower speed range fRot < 0.1, since no thrust load is acting yet. Due to the transport
of the lubricant into the narrowing gap, a hydrodynamic pressure can be built up at thrust
bearing, which depends on the initial bearing clearance and thus the lubrication gap as
well as on the angular velocity of the rotor. The resulting thrust forces are only equal if the
thrust bearing is unloaded. Furthermore, the pre-loading of the bearing is due to the fact
that the total axial bearing clearance remains constant. The axial equilibrium position of
the shaft is within the bearing clearance. The axial force increases with rising rotor speed,
which results in a reduction of the load on the compressor-sided and an additional load on
the turbine-sided thrust bearing. The lubricant film-induced rotor excitations can also be
observed in increasing oscillations of the minimum lubrication gap from fRot > 0.52.
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(a) (b)

Figure 15. Thrust forces (a) and minimum lubrication gap (b) at thrust bearing (Bearing model level V4).

As mentioned above when evaluating the normalised eccentricity, the thrust bearing
limits the rotor’s tilting. For this reason, the bearing torque and the corresponding rotor
tilting angle are evaluated (see Figure 16). If the thrust bearing is neglected, the rotor
can tilt up to ϕ̂ ≈ 0.58–0.70, whereas with consideration of the tilting stiffness, the rotor
tilts by ϕ̂ ≈ 0.0–0.2. The tilting angle refers to the maximum possible tilting angle of the
rotor. Furthermore, the bearing torque shows that with the occurrence of sub-synchronous
oscillations, increased tilting torques can occur, which contribute to the overall stiffness of
the bearing.

(a) (b)

Figure 16. Thrust bearing torque (a) and tilting angle of the rotor (b) considering mass-conserving cavitation (V2 and V4).

4. Conclusions

In this contribution, the response behaviour of a semi-floating ring supported tur-
bocharger rotor is investigated under the influence of both cavitation and thrust bearing
support concerning the occurrence and amplitudes of sub-synchronous vibrations. The
Reynolds equation with mass-conserving cavitation according to the two-phase model
is used to determine the pressure and lubricant distribution in floating ring and thrust
bearings. In addition to the hydrodynamic state, the thermodynamics at floating ring
bearings are also considered. Here, the three-dimensional energy equation for the lubricant
film and the heat conduction equation for the supported elements are evaluated as a fully
coupled system.

To investigate the effects of cavitation and thrust bearing, various levels of detail
of the bearing system are chosen and their impact on the rotor response is evaluated in
time and frequency domain. As the simplest modelling, the thrust bearing is neglected
and a fully filled lubrication gap (Half-Sommerfeld cavitation) is assumed (V1). Under
these circumstances, no sub-synchronous vibrations could be predicted since an always
fully filled gap overestimates the stiffness and damping of the floating ring bearings. A
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significantly better agreement with the measurements can be achieved by taking outgassing
processes into account (V2). Compared to V1, the occurrence of cavitation leads to a softer
bearing behaviour with lower damping and stiffness, which favours the occurrence of
oil-whip phenomena. The results with mass-conserving cavitation show better agreement
with regard to the starting frequency of the oil-whip, but the vibration amplitudes are still
too low compared to the measurements. Subsequently, the influence of the thrust bearing
is discussed more in detail. For this purpose, run-up simulations with thrust bearing and
Half-Sommerfeld solution (V3) were carried out. Here, sub-synchronous vibrations are also
observed at higher speed range. The occurrence of oil-whip can be explained by the fact
that the additional tilting stiffness can shift the rotor natural frequencies closer to the oil
whirling frequency of the floating ring bearing. The best agreement with the measurements
is achieved when both thrust bearing and outgassing processes are taken into account.
Here, the effects of a softer bearing behaviour and shifting of the rotor natural frequencies
are superimposed.

Furthermore, the rotor’s vibration mode was investigated using the normalised eccen-
tricity and motion orbit of the bushing and shaft. For the considered rotor, the influence of
thrust bearing can be seen by the compressor sided bushing motion. If the tilting stiffness
and damping are neglected, the bushing is located at the upper range of the bearing hous-
ing so that the rotor has a significant tilting position. The consideration of tilting stiffness
counteracts the rotor tilting so that the motion orbit of the bushing is located in lower
region. In contrast, the bushing at turbine bearing does not show any significant influence
from the thrust bearing since the centre of gravity of the rotor is close to the turbine bearing
and thus higher radial loads are generally present. Consequently, the influence of the thrust
bearing is more significant the more decentred the centre of gravity of the rotor is, and thus
a possible tilting of the rotor during turbocharger operation is favoured.

In addition to the floating ring bearing state, the minimum lubrication gap, the tilting
angle of the rotor and the resulting forces and torques at thrust bearing are evaluated.
The already mentioned conclusions based on the bushing movements can also be obtained
when the rotor tilting angle is evaluated.
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Nomenclature

cp heat capacity
f ratio of the rotor response frequency and maximum rotational frequency
fRot ratio of the rotor speed and maximum speed
F lubricant fraction
FC coefficient of the Couette flow
FD pressure-related lubricant fraction
Fx/y bearing forces
Fρ coefficient of the squeeze-film flow
F0, F1 integrals for the Reynolds equation
F̂ normalised thrust force
G coefficient of Poiseuille flow
h lubricant gap height
he external forces
hel elastic properties of the shaft (FEM)
hω gyroscopic and inertia forces
ĥ normalised axial gap
I0, I1 integrals for the Reynolds equation
m mass
M̂ normalised bearing torque
M inertia matrix
p hydrodynamic pressure
r bubble content
r, ϕ, z lubrication gap coordinates−→r position vector
R universal gas constant
t time
T lubricant temperature
uC,T unbalance
ure f reference shaft displacement
usha f t horizontal shaft motion
ū normalised horizontal shaft motion
u, v, w velocity components of the lubricant flow
V volume
y state vector
x, y, z lubrication gap coordinates
αB Bunsen coefficient
ε normalised eccentricity
η viscosity of the lubricant
λ thermal conductivity
ρ density
ϕ̂ normalised tilting angle
atm atmosphere/ambient
B bubbles
C compressor
CV control volume
dis dissolved
e f f effective properties
g gaseous phase
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H housing
min minimum
liq liquid phase
S shaft
T turbine
undis undissolved
0 reference state

Appendix A

The run-up simulations shown in Section 3.1 are based on the Reynolds equation
(Equations (8) and (9)), where lubricant properties are averaged over the gap height.
To consider the non-linear oil properties more accurately, the run-up simulations were
repeated with generalised Reynolds equation (see Figure A1). In summary, the conclusions
can also be adopted here. With increasing level of detail, better agreement with the
measurements can be achieved. Consequently, the run-up simulation with two-phase
model and thrust bearing shows the best agreement with the measurements. Compared to
the simplified Reynolds equation, the overall simulation time was longer by a factor of 10.
The rotor response behaviour is summarised in Table A1.

Figure A1. Spectrogram of the rotor response behaviour under the assumption of: (a) Half-Sommerfeld cavitation without
thrust bearing (V1); (b) two-phase model without thrust bearing (V2); (c) Half-Sommerfeld cavitation with thrust bearing
(V3); and (d) two-phase model with thrust bearing (V4). Run-up simulations were carried out with the generalised
Reynolds equation.

Table A1. Summary of rotor response behaviour measured at sealing disk (Generalised Reynolds equation).

Description Synchronous Resonance Start of Oil-Whip Response Frequency

Measurement 0.24 0.48 0.16
Half-Sommerfeld without thrust bearing (V1) 0.24 − −
2PM without thrust bearing (V2) 0.23 0.51 0.14
Half-Sommerfeld with thrust bearing (V3) 0.24 0.56 0.15
2PM with thrust bearing (V4) 0.23 0.47 0.14
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Discrepancies between the run-up simulations with simplified and generalised Reynolds
equation result mainly from the integration of the non-linear oil properties via the clearance
height. The generalised Reynolds equation takes these into account more precisely, which
has an effect on the pressure build-up, the resulting bearing forces and finally the response
behaviour of the rotor. Nevertheless, the run-up simulations with generalised and simpli-
fied Reynolds equation show similar results. One reason for this could be that the run-up
was carried out with high oil inlet temperatures (as in the measurement). Thus, the oil
viscosity is in a range where temperature changes cause only minor changes in viscosity.
More detailed investigations of the temperature influence on the pressure distribution are
described in [17,44–46].
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Abstract: The application of sliding planet gear bearings in wind turbine gearboxes has become more
common in recent years. Assuming practically applied helix angles, the gear mesh of the planet stage
causes high force and moment loads for these bearings involving high local loads at the bearing
edges. Specific operating behavior and suitable design measures to cope with these challenging
conditions are studied in detail based on a thermo-hydrodynamic (THD) bearing model. Radial
clearance and axial crowning are identified as important design parameters to reduce maximum
pressures occurring at the bearing edges. Furthermore, results indicate that a distinct analysis of the
gear mesh load distribution is required to characterize bearing operating behavior at part-load. Here,
operating conditions as critical as the ones reached at nominal load might occur. Wear phenomena
can improve the shape of the gap in the circumferential as well as in axial direction incorporating a
significant reduction of local maximum pressures. The complexity of the combination of these aspects
and the additionally expected impact of structure deformation gives an insight into the challenges in
the design processes of sliding planet gear bearings for wind turbine gearbox applications.

Keywords: planet gear bearing; journal bearing; misalignment; mixed friction; wear; wind
turbine gearbox

1. Introduction

Generally, two different design concepts exist for wind turbine power trains. The first
one foregoes a transmission between rotor and generator, and therefore, generator speed
equals the one of the main rotor. Whereas this direct drive design provides high robustness
of the power train, it involves high demands on generator design as the rotating frequency
of the main rotor is in the magnitude of 1% or even less of the net frequency. The second
design approach applies a gearbox between the rotor and generator shaft, which increases
the speed on the generator side and reduces the previously mentioned discrepancy to
approximately 50%. This enables a more compact generator design. Both concepts feature
specific advantages and disadvantages that are comprehensively discussed by Ragheb and
Ragheb [1]. Gearboxes failures contribute 10% to 20% of wind turbine downtimes [2,3].
Most commonly, wind turbines gearboxes feature one or two planetary and one spur gear
stage due to lightweight and compact design requirements. Here, gear tooth as well as
bearing damages represent the main issues leading to downtimes [4]. In recent years, the
application of sliding bearings in wind turbine power trains has become more common, in
particular, in the case of the planet gear bearing. The sliding planet gear bearing requires
less radial space than the conventionally used rolling element bearings and enables flexible
modification of gear rim thickness. Moreover, it is not susceptible to typical damage
mechanisms that occur in rolling bearings and are caused by excitation from the gear mesh.
However, several challenging phenomena in low speed and high load planet gear bearings
exist that are partly specific for this tribologic system and that have not been studied in
detail yet.
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Figure 1 explains the basic design of a typical planet stage for wind turbine gearbox
applications investigated in this study. The torque generated by the kinetic energy of the
wind drives the main rotor that is connected by a hub to the planet carrier. The carrier
rotates with the main rotor speed. Most commonly, four or five planets are attached to
the carrier and distribute the driving torque to the same number of mesh contacts. The
planets rotate in a non-rotating ring gear due to the carrier speed and drive a sun gear that
is connected to the output shaft of the planet stage. Torque decreases from the rotor to the
generator side while rotating frequencies increase according to the particular transmission
ratios. Commonly, additional gear stages follow this first low-speed stage.

Figure 1. Basic design and kinematic properties of a planet stage for a wind turbine gearbox.

Figure 2 shows the red signed forces on the planet as well as the yellow signed
components of the mesh forces. In the case of the straight gear in Figure 2a, the mesh forces
feature a tangential Ft and radial Fr component. As the sum of the radial force components
is zero, the bearing force Fsc is equal to the sum of the tangential forces. Both components
of the mesh force contribute to an oval deformation of the planet. The magnitude of the
oval shape of deformation strongly depends on the ratio between mesh forces and rim
thickness and influences the lifetime of rolling element bearings [5,6]. In the case of the
helical gear in Figure 2b, additional axial force components Fax exist that involve a moment
load about y-axis. This moment load Msc has to be restored by the contact pressure in the
bearing and is a function of the helix angle of the helical gear. An additional moment about
the x-axis occurs if the load distribution on the tooth flanks becomes inhomogeneous in
the lateral direction and causes eccentric points of application of resulting mesh forces.
Figure 2c depicts an assembled helical planet gear with its contact partners in the front
view of a planet stage.

Restoring the moment load requires a significant misalignment between planet and pin
to generate the moment by fluid and asperity pressure in the bearing contact. This creates
a load condition that distinguishes the planet gear bearing from most other applications,
which are primarily loaded by radial forces. Bouyer and Fillon [7] and Sun and Changlin [8]
investigate the impact of misalignment between shaft and stator for journal bearings
and report on the well-known effect of edge loading. Whereas Bouyer and Fillon [7]
experimentally apply different vertical torque levels parallel to load direction, Sun and
Changlin [8] theoretically study the impact of the same misalignment angle applied at
different angular journal positions and variable eccentricities.
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Figure 2. Mesh forces and bearing load for (a) straight gear, (b) helical gear, and (c) the helical gear assembled in the
planet stage.

Depending on the concrete application, deformation can have positive as well as
negative impact on the load-carrying capacity of sliding bearings. If elasto-hydrodynamic
deformation is dominant, a rise of the film thickness compared to the hydrodynamic
theory exists [9]. Conversely, Hagemann et al. [10] show a reduction of film thickness for
a large five-pad tilting-pad journal bearing due to consideration of thermo-mechanical
deformation in their analysis and validate the results with experimental data. This decrease
in load capacity is traced to the thermally and mechanically induced axial bending of
the tilting pads. Prölß [11] extends and adjusts the sliding bearing model presented by
the authors in [10,12] to planet gear bearings. He determines a significant impact of
deformation on predicted operating behavior due to the above-described load situation.

This investigation focuses on a basic understanding of the impact of different parame-
ters on the operating behavior of sliding planet gear bearings as this type of bearing has
received increasing importance, especially within recent years. While numerous publica-
tions on conventional journal bearings under low speed and high load conditions exist,
e.g., [13–15], the specific properties of planet gear bearings have not been comprehensively
described in the literature with the exception of [11] to the authors’ knowledge. However,
understanding their specific kinematics, load situations, and deformation behavior is es-
sential for the development of a robust planet gear bearing design, in particular in the case
of helical gears. Many investigations focus on nominal or maximum load conditions but
part- and under-load can also contribute bearing damages as Garabedian et al. [16] show
for rolling element planet gear bearings of a wind turbine gearbox. Therefore, aspects of
the impact of part-load conditions on the performance of sliding planet gear bearings are
also studied. All subsequent analyses in the first part of this study assume rigid macro
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geometries for pin and planet, while the second part [17] focuses on the impact of structure
deformation on predicted results. Moreover, all results represent static equilibriums and
neglect dynamic force components that are of minor interest for the investigated load cases.

2. Materials and Methods

2.1. Governing Equations and Bearing Model

The authors describe the governing equations of the bearing model including the
consideration of oil supply effects in [10,12]. The generalized average Reynolds Equation (1)
for laminar flow is extended by the flow factors according to Patir and Cheng [18] to
consider the impact of surface roughness on hydrodynamic flow in the thin film region.
Due to the exclusive static load conditions investigated in this study, the squeeze term is
neglected in Equation (1).
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Herein, Φp
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z are the pressure flow factors, and Φs
x is the shear flow factor.

Equation (2) describes the local thickness of the lubricant gap h considering alignment
angles between pin and pad ϕx and ϕz.

h(φ, z) = CR − e·cos(φ − γ) + z·(−ϕx·cos(φ) + ϕy·sin(φ)
)
+ Δh(φ, z) (2)

In contrast to the conventional journal bearing, the outer solid body rotates, and
the pin is fixed. Therefore, the pin features a stationary temperature profile whereas
temperature in circumferential direction homogenizes in the planet due to sufficiently high
rotational speeds. Equation (3) includes the governing equations of the temperature model
of the planet gear bearing for its three components. Figure 3 visualizes the differences
between the discretization of the solution domains of journal and planet gear bearing for
the thermal bearing model.
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Herein u, v, and w are the flow velocities in the lubricant gap. In comparison to
the journal bearing, the three-dimensional part of the solution domain is adjusted to the
new requirements and the interface of the three to the two-dimensional section of the
solution domain is shifted from the journal radius in Figure 4a to the inner radius of the
planet in Figure 4b. At each internal fluid–solid interface, conjugate heat transfer boundary
conditions are valid. Temperature-dependent lubricant viscosity is determined using the
dynamic viscosity η0 at the reference temperature T0 by the equation of Falz [19].

η(T) = η0·
(

T
T0

)−l
(4)

A periodicity boundary condition in the circumferential direction is applied for the
solution of Equation (1) and the three-dimensional parts of Equation (3) at the particu-
lar boundaries of the solution domain. Moreover, the thermal bearing model assumes
convective heat transfer boundary conditions for the free solid body surfaces. For the
solution of Reynolds and energy equation, a conservative finite difference scheme (Finite
Volume Method (FVM)) is applied. The solution of the generalized average Reynolds
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Equation (1) is based on the difference scheme proposed by Elrod [20]. The combined con-
vection and diffusion problem of the energy equation is stabilized by the Hybrid scheme
according to the description in [21]. References [10,12] describe further details on numerical
implementation, including flow charts of the entire numerical procedure.

Figure 3. Numerical grid for temperature evaluation for the (a) journal bearing and (b) planet gear bearing.

Figure 4. Cross section of the three-dimensional solution domain of the temperature analysis (a) journal bearing, and (b)
planet gear bearing at a certain axial position.

The eccentricities ex, ey and angular alignment ϕx, ϕy between the centerlines of planet
and pin are determined using stiffness matrix C defined by Equation (5) to minimize the
error between mesh forces and bearing contact forces in order to find the static state of
equilibrium. The coefficients of C represent the sum of hydrodynamic and solid contact
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stiffness coefficients in the mixed friction regime while solid contact stiffness is equal to
zero in the hydrodynamic regime.

C =

⎛
⎜⎜⎝

Cxx Cxy
Cyx Cyy

Cxϕx Cxϕy

Cyϕx Cyϕy

Cϕx x Cϕxy
Cϕyx Cϕyy

Cϕx ϕx Cϕx ϕy

Cϕy ϕyx Cϕy ϕy

⎞
⎟⎟⎠ = Chyd + Csolid (5)

Hydrodynamic stiffness coefficients are derived from a linear perturbation of gener-
alized average Reynolds Equation (1). For this purpose, a linear impact of film thickness
modification on fluid film pressure due to translational (X,Y) or angular (ϕX,ϕY) rigid body
displacements relative to the current position described by ex, ey, ϕx, and ϕy is assumed
according to Equation (6).

h∗(φ, z) = h(φ, z) + X sin φ + Y cos φ − z·ϕX . cos φ + z·ϕY sin φ (6)

Solid body stiffness directly follows from the local gradient of the relation between the
mean distance of the contact partners and the asperity contact forces. A highly time efficient
iterative scheme based on the idea of Waltermann [22] and extended to consider moment
loads adjusts solid body positions and minimizes the differences between the outer forces
and moments and the ones restored by the fluid film and the solid contact pressure.

The authors comprehensively validated the theoretical THD bearing model and its
implementation with test data in previous investigations for fixed-pad and tilting-pad
journal bearings, e.g., [10,12,23]. As no test data for planet bearings is available, this step
must be omitted here. However, the correct implementation of the impact of misalignment,
which is of particular interest in this study, was not part of previous validation and is
verified with data from the literature.

2.2. Verification of the Numerical Procedure

Results of Sun and Changlin [8] are used to verify the numerical implementation
of the THD model in the planet gear bearing code with a special focus on misalignment.
Table 1 includes the data of the investigated journal bearing.

Table 1. Bearing parameters [8].

Parameter Value

Geometrical properties

Number of pads, - 1
Nominal diameter, mm 60

Bearing width, mm 66
Radial clearance, μm 30

Pad sliding surface preload, - 0.0

Static analysis parameters

Rotational speed, rpm 3000

Lubricant properties

Lubricant dynamic viscosity, mPas 9.0

Due to the isoviscous approach of the study, no impact of the modified kinematics
in the planet gear bearing code has to be expected. Figure 5 shows excellent agreement
between the two analyses for the local film pressure distribution in the case of the aligned
bearing (a,b) as well as for the highest investigated level of misalignment (c,d). While
maximum pressures in [8] are given with 33.06 MPa for the aligned case and 143.34 MPa for
the misaligned case, they are predicted with 33.30 and 144.2 MPa in this study. Additionally,
the resulting moments of the fluid forces due to different levels of misalignment in Figure 6
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nearly match for both analyses and verify the basic implementation of the THD model in
the planet gear bearing code.

Figure 5. Pressure distributions determined by Sun and Changlin [8] (a,c) and the planet gear bearing code (b,d) for
misalignment angles of γ = 0.0◦ (a,b) and γ = 0.03◦ (c,d).

Figure 6. Resulting moment for different levels of misalignment angles determined by Sun and Changlin [8] (a) and the
planet gear bearing code (b).
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2.3. Flow Factors and Solid Contact Pressure

The detailed prediction of flow factors and solid body pressure is not an aim of this
study. In fact, these parameters are introduced to apply a consistent bearing model with
representative parameters. Flow factors are analyzed based on the average Reynolds
equation according to [18]. Results are given in Figure 7a. An application of the theory of
Greenwood and Williamson [24] provides a relation between the mean film thickness on the
node of the numerical grid and solid contact pressure due to the interaction of the asperities
that is shown in Figure 7b. The contact surface features a root mean square roughness value
of Rq = 2.83 μm and matches the one earlier presented by the authors in [25]. A turning
process generates the surface topography that features small grooves in the circumferential
direction. Solid body contact pressure is determined based on the formula proposed by
Hu et al. [26]. Consequently, it slightly deviates from the ones presented in [25], which
are evaluated differently. The concrete course of the solid body load-carrying capacity has
exemplary character in this investigation. Therefore, the contradiction that the theory of
Greenwood and Williamson presupposes a normal distribution of the surface roughness
that does not exist for the investigated contact surface is accepted here.

Figure 7. Pressure and shear flow factors (a) and solid body contact pressure (b).

2.4. Investigated Sliding Planet Gear Bearing

Table 2 includes the basic analysis parameters of the investigated planet gear bearing.
The values are of the typical magnitude of planet gear bearings applied in 3 MW wind
turbine gearboxes.

Table 2. Planet gear bearing parameters.

Parameter Value

Geometrical properties

Number of pads, - 1
Nominal diameter, mm 250

Pitch circle diameter, mm 499
Bearing width, mm 300

Angular span of lube oil pocket, degrees 20.5
Width of lube oil pocket, mm 260

Radial clearance, μm 138
Pad sliding surface preload, - 0.0

Static analysis parameters

Nominal rotational speed, rpm 30
Nominal bearing load, kN 900

Lubricant supply temperature, ◦C 60
Lube oil supply pressure, MPa 0.2
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Table 2. Cont.

Parameter Value

Lubricant properties

Lubricant ISO VG 320
Lubricant density kg/m3 865 @ 40 ◦C

Lubricant specific heat capacity kJ/(kg·K) 2.0 @ 20 ◦C
Lubricant thermal conductivity, W/(m·K) 0.13

2.5. Bearing Loads Due to Mesh Forces

According to the illustrations in Figure 2, the mesh forces generate the load of the
planet gear bearing. The static radial bearing load Fsc is equal to the sum of the tangential
mesh forces that result from the driving torque Td and the contact between ring gear and
planet gear and between planet gear and sun gear, respectively.

Fsc = 2·Ft =
4·Td
d1

(7)

Using the normal pressure angle αn and the helix angle of the helical gear β, Equation (8)
defines the axial and radial components of the mesh forces.

Fr = Ft· tan αn
cos β

Fax = Ft· tan β
(8)

Neglecting special features of tooth flank geometry and the impact of deformation,
axial as well as radial mesh forces of the two contacts compensate for each other and do not
contribute to static bearing force. However, the eccentricity of axial forces causes a moment
load Msc that has to be restored by the bearing. This moment load follows according to
Equation (9).

Msc = Fax·d1 (9)

Consequently, moment load Msc depends linearly on the driving torque and, addi-
tionally, it is a nearly linear function of the helix angle of the helical gear. Restoring this
moment by the bearing contact requires an alignment of pin and planet relative to each
other. The impact of this effect on planet gear bearing operating behavior is considered as
a key or contributing effect throughout the entire subsequent investigations.

Figure 8 illustrates static bearing force and moment load as a function of the relative
input torque Tr. Here, 100% Tr correspond to the nominal load situation with a bearing
force load of 900 kN according to Table 2. While the force load in Figure 8a is independent
of the helix angle, the moment load in Figure 8b strongly depends on it. The distribution of
tooth forces to more than one contact due to a profile overlap is neglected in this study.

Figure 8. Force (a) and moment load (b) due to relative mesh load.
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3. Results

Wind turbine gearboxes are commonly equipped with helical gears in the planet stage.
The low level of dynamic excitation due to the continuous tooth mesh reduces the danger
of fatigue damages. As the forces in the axial thrust washers are comparably low, the
moments resulting from the gear mesh have to be restored in the radial part of the bearing.
This specific load conditions cause operating conditions and design measures that are
studied subsequently.

3.1. Impact of Helix Angle of the Helical Gear on Operating Conditions in the Lubricant Gap

To investigate the impact of helix angle of the helical gear on operating conditions
in the lubricant gap, a variation of this parameter is conducted in a range between
β = 0◦ and 8◦, assuming a homogenous load distribution on each tooth flank. Consequently,
no eccentricity of the tangential mesh forces exists, and according to the conventions in
Figure 2b, the resulting moment restored by the bearing Msc results exclusively from My
while Mx = 0 Nm. Figure 9 shows the local pressure distribution in the lubricant gap for a
straight gear (a) and a helical gear (b) with a helix angle β = 7◦ in two different views. Here,
the term “aggregate pressure” refers to the sum of hydrodynamic and asperity contact
pressure. While the aggregate pressure in case (a) purely results from hydrodynamic
fluid film, the edge loading in case (b) that is caused by the moment load due to the axial
component of the mesh forces involves mixed friction, and therefore, a combination of
hydrodynamic and solid contact pressure in the bearing. Moreover, the aggregate pressure
significantly increases in case (b) and reaches a level that exceeds the strength level of
common sliding bearing materials. In addition to these results, Figure 10 includes the
characteristic of minimum film thickness, solid contact and hydrodynamic pressure as well
as the alignment between planet and pin as a function of the helix angle. A significant rise
of the pressure level exists for helix angles β > 4◦. As expected, the load moment My causes
an alignment of the bearing about x- and y-axis due to the cross-coupling effects in the
fluid film.

Figure 9. Pressure distributions @ nominal operating conditions (a) straight gear (β = 0◦) and (b) helical gear (β = 7◦)
(npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Msc = 27.6 kNm (b)).
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Figure 10. Impact of helix angle of helical gear on (a) maximum pressures, minimum film thickness, and (b) alignment
angles between planet and pin (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa).

Deformation of planet and pin potentially reduce the extremely high maximum
pressures. However, the pressure level might remain in a critical range for technically
required helix angles in the magnitude of β ≈ 7◦. Therefore, measures have to be defined
to reduce maximum local load levels in the contact between planet and pin.

3.2. Impact of Radial Clearance on Load Carrying Capacity

Radial clearance is an important design parameter of hydrodynamic bearings. In
particular, a suitable value of this parameter has to ensure two aspects. First, positive
operating conditions for the entire nominal operating range of the bearing have to be
guaranteed. Second, the bearing has to be robust against any disturbances from these
conditions and tolerate shape deviations of the components due to the manufacturing
process. Both aspects especially have to allow thermal changes of the radial clearance due
to the transient operation of the machine.

Figure 11 exhibits the impact of the relative clearance on maximum pressure and
temperature for different gear helix angles. While a comparably moderate influence of
the relative clearance on maximum pressure exists for the lower helix angles of β = 0◦ and
β = 3◦ in Figure 11a, a very significant change for the practical highly relevant helix angle
β = 7◦ is observable as maximum pressure rises progressively with increasing relative
clearance. Moreover, the maximum temperature on the pin sliding surface increases with
rising relative clearance in Figure 11b for the maximum helix angle due to contact intensity,
whereas a commonly expected decrease in this value is present for β = 0◦. Generally,
maximum temperature is only slightly higher than the nominal supply temperature, and
consequently, thermal effects are not of major importance in this study. Results indicate
that relative clearance should be designed as low as possible in the investigated range for
β = 7◦.

Figure 11. Maximum pressure (a) and maximum temperature on the pin sliding surface (b) for variable relative loads
(npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa).
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3.3. Impact of Axial Profiling

An axial crowning of contact partners with high edge loading is a common measure to
reduce local maximum contact intensity. Examples for such applications are rolling element
bearings or tooth flanks. To investigate the impact of axial crowning on the performance
of the planet gear bearing, two different artificial crowning characteristics are defined
according to Figure 12a and applied at nominal load conditions with a helix angle of β ≈ 7◦.
The first one focuses on profile relief at the bearing edges where maximum pressures
occur, according to Figure 9b. The second one exhibits continuous parabolic shaped
characteristic across the bearing width. Though the maximum pressure in Figure 12b
slightly decreases compared to Figure 9b, the first profile tends to reduce the load-carrying
bearing width. However, the second profile provokes a significant reduction of the pressure
level. According to Figure 12c,d, a maximum pressure of 77.6 MPa is reached which is
approximately 37% higher than the one for the straight tooth flanks in Figure 9a and
acceptable for several bearing materials. Figure 12d illustrates the continuous pressure
level in axial direction accompanying a homogenous load distribution in the bearing. The
main cause for the advantages of the second crowning profile is that edge loading results
from the tilting movement of the planet relative to the pin about the axis in load direction.
Therefore, the crowning profile involves a comparably high region of nearly constant film
thickness at nominal load that starts at φ ≈ 160◦ at z = 150 mm and ends at φ ≈ 235◦ at
z = −150 mm, as depicted in Figure 13.

Figure 12. Impact of axial crowning (a) on the pressure distribution: (b) crowning #1, (c,d) crowning #2 (npl = 30 rpm,
Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, β = 7◦, Msc = 27.6 kNm).

188



Lubricants 2021, 9, 97

Figure 13. Film thickness @ nominal operating conditions with crowning #2 (npl = 30 rpm,
Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, β = 7◦, Msc = 27.6 kNm).

3.4. Operation at Part-Load and Over-Load Conditions

For the investigation of part-load and over-load conditions, the driving torque is
varied, while planet speed remains constant. Assuming a homogenous load distribution
in the gear mesh, the driving torque is proportional to the gear mesh forces causing the
bearing load forces and moments. The subsequently presented figures include the relative
input torque Tr. Figure 8 includes the corresponding force and moment loads.

3.4.1. Part-Load Conditions for Homogenous Load Distribution on Tooth Flank

In many applications, a geometrical optimization for nominal load conditions ac-
companies a degradation of the bearing performance in the part-load operating range.
Figure 14 contrasts maximum pressure and minimum film thickness for the investigated
planet gear bearing with crowning profile #2 and without crowning for relative loads
ranging from Tr = 10% to 100%. Results clearly show that the crowning exhibits advantages
in the entire investigated load range as maximum pressure decreases and minimum film
thickness rises. Moreover, a strictly monotonous characteristic of these parameters can
be observed, and operating conditions in the bearing become unfavorably with a rising
relative load.

Figure 14. Maximum pressure (a) and minimum film thickness (b) for variable relative loads (npl = 30 rpm, Tsup = 60 ◦C,
psup = 0.2 MPa, β = 7◦).

3.4.2. Part-Load and Over-Load Conditions for Constant Tooth Flank Geometry

While the previously presented results concordantly assume a homogenous load
distribution on the gear mesh, this ideal case is now supplemented by the practical case
of a certain tooth flank geometry designed for the nominal load case. The optimization
of the tooth flank geometry generally aims to match the previously studied ideal case
for the corresponding operating conditions. Consequently, only very low eccentricities
of the tangential and radial gear mesh forces to the middle plane of the bearing exist at
nominal load conditions. This shape optimization accompanies the eccentricities of these
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forces for all other load cases. With increasing load, the resulting mesh forces move along
the tooth flank from one side of the planet to the other one and across the center plane
for the nominal load case. Therefore, a load-dependent derivation of the moments from
the ideal case is present and depicted for an artificial tooth flank geometry in Figure 15.
According to Figure 15a, a parabolic shape of the characteristic of moment My is assumed
between relative loads Tr = 0 and 100%, and a linear one is present in the overload range.
The moment Mx in Figure 15b remains unchanged as no shifts are considered between the
meshing points of sun and planet gear and planet and ring gear, respectively. In opposite to
the ideal case studied so far, the direction of the resulting moment load varies with driving
torque. Figure 15c shows a rise of the resulting moment load due to the eccentricity of
the tangential mesh forces depicted in Figure 15d. In particular, the moment loads in the
part-load region are much higher, as the yellow curve in Figure 15c illustrates.

The modified bearing loads are applied to the bearing with crowning #2 and cause
a significant modification of the characteristics previously shown in Figure 14. Figure 16
indicates a degradation of the characteristic parameters, in particular, in the part-load
range. While the mesh forces, and therefore, the bearing force loads are identical for the
practical and ideal case, their application point changes, and the bearing moment load rises.
Consequently, the minimum film thickness for the practical case in Figure 16b decreases
and is partly below the value predicted for the nominal load case. Moreover, monotonous
characteristics of maximum pressure and minimum film thickness do not exist anymore.

Figure 15. Load moments My (a), Mx (b), and Mres (c) for variable relative loads (npl = 30 rpm, Tsup = 60 ◦C, psup = 0.2 MPa,
β = 7◦); eccentricity of tangential mesh force from the middle plane (d).
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Figure 16. Maximum aggregate pressure (a) and minimum film thickness (b) for variable relative loads (npl = 30 rpm,
Tsup = 60 ◦C, psup = 0.2 MPa, β = 7◦).

3.5. Modification of the Lubricant Gap by Wear

According to the previous results, load conditions of planet gear bearings might
incorporate operation in the mixed friction regime. Consequently, wear mechanisms can
arise. To study their general impact on the conditions in the contact between planet and
pin, solid contact forces Fsol are used to evaluate wear according to Archard’s law [27].

Vw =
k
H
·Fsol ·L = K·Fsol ·L (10)

The wear volume Vw is a function of the contact force Fsol, the sliding distance L and
the wear coefficient K. It is assumed that the softer material is located on the stator side pro-
voking a two-dimensional variable distribution of wear on the sliding surface of the bearing
without axial crowning. In the concrete case, a wear coefficient of K = 8.5·10−9 mm3/J
and an operation time of t = 280 h at nominal load is assumed. These operating conditions
cause significant wear according to Figure 17a. Figure 17b shows the characteristic of the
maximum aggregate pressure and minimum film thickness during the run. Here, wear
increases minimum film thicknesses and decreases maximum pressure monotonously in
the first 160 h. After 160 h a nearly constant level of minimum film thickness close to
pure hydrodynamic operation is reached that slightly reduces in the further run. The pres-
sure level decreases monotonously throughout the entire investigated time range. Local
maximum pressures tend to shift to the middle plane similar to the behavior observed in
the results for crowning #1 in Figure 12b. Nevertheless, maximum pressures significantly
reduce as wear accompanies regions of only slightly changed film thickness. To show
this phenomenon more clearly, the run time is extended to 560 h. Figure 18b depicts an
extension of the load-carrying region in the circumferential direction of the bearing due to
wear. Therefore, maximum pressure reaches a level comparable to the one predicted for the
unworn bearing with crowning #2 in Figure 12d. Though the pressure is more homogenous
in the axial direction with the crowning, Figure 18a indicates that the load-carrying region
in the circumferential direction, which is enclosed by the two red lines in both partial
figures, is smaller than the one of the worn bearing.
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Figure 17. Wear after 280 h run (a), maximum aggregate pressure and minimum film thickness (b), and pressure distribution
after 280 h run (c,d) (npl = 30 rpm, Tsup = 60 ◦C, psup = 0.2 MPa, β = 7◦, t = 280 h).

Figure 18. Comparison of pressure distribution with crowning #2 (a) and without crowning after 560 h (b) (npl = 30 rpm,
Tsup = 60 ◦C, psup = 0.2 MPa, β = 7◦).

4. Discussion and Conclusions

This paper focuses on specific operating conditions of sliding planet gear bearings for
wind turbine gearbox applications as well as on the impact of particular design parameters
on the properties in the contact between pin and planet. Special emphasis is given to
the influence of the helix angle of the gear. A helix angle greater than zero incorporates
additional moment loads that have to be restored by the bearing and accompany the edge
loading phenomena and mixed friction processes in the lubricant film.

The level of edge loading is very sensitive to relative bearing clearance for higher helix
angles. Results of a variation of relative clearance in a practical relevant range indicate an
improvement of the load-carrying capacity with a reduction of this parameter. However,
for practical applications, sufficiently high clearances are required that prevent problems
during transient operation or undesirable influences of manufacturing tolerances. More-
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over, the system has to be robust to sustain the deformation of its flexible components due
to the high mechanical loads. As a second geometrical design parameter, axial crowning
of the sliding surface is an appropriate measure to reduce maximum contact pressures.
Contrary to the straight cylindrical pin and planet bore geometry, a homogenization of the
contact pressure on the oblique line of maximum load exists. The shape of the crowning has
to approach the contact surfaces of planet and pin in this region to reduce high deviations
of the film thickness that exists due to misalignment between the contact partners.

Results for part-load conditions reveal critical characteristic operating parameters
if the load-carrying behavior of the gear mesh contact is considered. In particular, the
minimum film thickness is of the magnitude as at nominal operation or can be even lower.
Though the intensity of mixed friction might be lower due to the lower mechanical load,
issues may arise over the lifetime of the machine. Consequently, distinct characterizations
of tooth flank geometry as well as part-load conditions have to be the input parameters of
the bearing design process. Moreover, neglecting the additional load moments caused by
the eccentricity of tangential forces in the gear mesh contact might lead to a completely
different result assessment.

Wear processes in the bearing are able to adapt the shape of the lubricant gap to
the specific requirements of the bearing at operation. While load-carrying capacity is
improved by wear in the investigated case, the characteristic of the gap deviates from
the one determined, applying a crowning to the bearing because wear particularly arises
on the bearing edges. Therefore, the worn gap profile represents an improvement but
not an optimization of the bearing geometry. If the occurrence of wear is tolerable by
the tribologic system, it might be a measure to adjust the bearing itself to the operating
conditions, involving leaving out manufacturing steps for the axial crowning. However,
this option must be carefully evaluated because the danger of bearing damage arises if the
intensity of the wear becomes too high.

According to these investigations, the design process of planet gear bearings for wind
turbine applications involves several specific aspects that need to be studied in detail to
meet the high requirements on the reliability of wind turbine applications. Additionally, the
impact of deformation of the comparably flexible planet stage structure on the operating be-
havior of the bearing needs to be considered according to part 2 of these investigations [27].
Furthermore, future studies must provide details on the validation of these results.
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Nomenclature

c lubricant specific heat
CR radial clearance
d1 pitch diameter
e Eccentricity between pin and planet
F0, F1, F2 viscosity factors
F force
h film thickness
M moment
n rotor speed
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p pressure
Rq root mean square surface roughness
T temperature, torque
U surface speed
u, v, w flow velocities
x, y, z Cartesian coordinates
X,Y translational displacement relative to equilibrium position
Θ lubricant density ratio
γ attitude angle
η lubricant dynamic viscosity
λ lubricant conductivity
ρ lubricant density
ϕx, ϕy alignment angle about x-,y-axis
ϕX, ϕY alignment angle about x-,y-axis relative to equilibrium position
φ angular coordinate
φx,φz

p pressure flow factors
Φx

S shear flow factor
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Abstract: The use of planetary gear stages intends to increase power density in drive trains of
rotating machinery. Due to lightweight requirements on this type of machine elements, structures
are comparably flexible while mechanical loads are high. This study investigates the impact of
structure deformation on sliding planet gear bearings applied in the planetary stages of wind turbine
gearboxes with helical gears. It focuses on three main objectives: (i) development of a procedure for
the time-efficient thermo-elasto-hydrodynamic (TEHD) analysis of sliding planet gear bearing; (ii) un-
derstanding of the specific deformation characteristics of this application; (iii) investigation of the
planet gear bearing’s modified operating behavior, caused by the deformation of the sliding surfaces.
Generally, results indicate an improvement of predicted operating conditions by consideration of
structure deformation in the bearing analysis for this application. Peak load in the bearing decreases
because the loaded proportion of the sliding surface increases. Moreover, tendencies of single design
measures, determined for rigid geometries, keep valid but exhibit significantly different magnitudes
under consideration of structure deformation. Results show that consideration of structure flexibility
is essential for sliding planet gear bearing analysis if quantitative assertions on load distributions,
wear phenomena, and interaction of the bearing with other components are required.

Keywords: planet gear bearing; journal bearing; structure deformation; mixed friction; wear; wind
turbine gearbox

1. Introduction

The majority of journal bearing analyses, in practice and literature, neglect the impact
of structure deformation of the bearing components. However, many studies show that
this influencing factor can become one of the most important ones in analysis of bearing
operating behavior if structures are sufficiently flexible. Different authors investigate the
impact of misalignment between bearing and shaft caused by a load dependent bending
deformation of the shaft [1–4]. Generally, misalignment reduces minimum film thickness
and increases maximum film pressure. Consequently, it contributes to wear intensity in
the bearing. Some of the most typical applications showing this behavior are crankshaft
bearings of combustion engines [5,6]. Design measures can help to improve journal
bearings’ performance under misalignment. While Zhang et al. [7] report on optimum
radial clearance for given misalignment angles, Bouyer and Fillon [8] observe improved
operating behavior by application of local or global defects to the bush. In planet gear
bearings with helical teeth, a misalignment between pin and planet exists that is induced
by the load distribution in the gear mesh. In the first part of this study, the authors show
an improvement of bearing operating behavior by an axial crowning, which can either be
applied to the pin or the planet [9]. This measure represents a geometrical modification,
similar to the idea of a global defect from Ref. [8], but specific in its shape for the load
situation in planet gear bearings.

Lubricants 2021, 9, 98. https://doi.org/10.3390/lubricants9100098 https://www.mdpi.com/journal/lubricants197



Lubricants 2021, 9, 98

While misalignment caused by shaft deformation is predominantly influenced by
global deformation of this bearing component, changes of the shape of the sliding surface
also modify bearing operating behavior. Due to their highly flexible structure, tilting-pad
journal bearings represent an example for an application that exhibits deformation of the
sliding surface that significantly influences local film thickness and, therefore, characteris-
tics of hydrodynamic operation [10–12]. Concordantly, pad deformation causes a reduction
in minimum film thickness but with different characteristics for the shape of the structure
deformation. While [10,11] identify and predict minimum film thickness in the center
plane of the bearing due to an axial bending of the pad, ref. [12] predicts minimum film
thickness at the bearing edges due to maximum radial deformation in the center plane.
This contradiction shows that journal bearing structure deformation highly depends on
assumed load and displacement boundary conditions, and generalization, as a bearing
property, is limited. Lahmar et al. [13] study the impact of liner deformation on operat-
ing behavior of a compliant journal bearing. At same journal eccentricity, the region of
pressure build-up spreads in circumferential direction, whereas peak pressure significantly
decreases. Prölß [14] investigates the impact of deformation, on planet gear bearings with
spatial fixed pins, and finds similar tendencies due to the high flexibility of the highly
loaded structures. The complexity of structure models requires a weak iterative coupling
between fluid and structure analysis in many applications. Here, the strategy to update
investigated parameters during the iterative procedure strongly influences its convergence
speed, as Profito et al. [15] show for a connecting-rod big-end bearing investigation.

Planetary gearboxes enable torque conversion at very high power densities due to
the separation of the tooth forces to the single planets and the entire compact designs.
Therefore, the level of specific mechanical loads on the components of the gearbox are
extremely challenging and accompany significant structure deformation. In extension
to the first part of this study [9], the subsequent investigations focus on the impact of
deformation on predicted results and the comparison of general tendencies between rigid
and flexible analysis of planet gear bearings for wind turbine gearbox applications. As
thermal effects are not of major impact for this low speed application, according to the
results in [9], only structure deformation induced by mechanical loads are considered
in the analysis. The displacement boundary conditions of the planet stage components
feature a character significantly differing from other applications. Consequently, a specific
deformation behavior of the planet gear bearing sliding surface is expected.

2. Materials and Methods

2.1. Procedure for Consideration of Planet and Pin Deformation

High mechanical loads and, simultaneously, high structure flexibility require consid-
eration of fluid structure interaction in planet gear bearing analyzes. The full or strong
coupling of the fluid and structure problem in one system of equation is numerically
complex, and its application in the literature is limited to less detailed structure mod-
els, focusing on point or line contacts of an elasto-hydrodynamic (EHD) problem [16,17].
For the weak coupling of separated fluid and structure analysis, generally, two different
iterative procedures exist. The first one is to perform a co-simulation between the thermo-
hydrodynamic (THD) bearing analysis and a structure mechanics software. This procedure
involves the advantage of an arbitrary complexity of the structure model. Considera-
tion of non-linear contacts or boundary conditions, varying due to the current operating
conditions predicted in the iterative procedure, are possible. However, this analysis is
time consuming as an analysis of full, unreduced structure model is conducted in each
iterative step. Moreover, the investigated planet gear bearing features low absolute values
and gradients of the film thickness in the highly loaded film region, requiring a strong
under-relaxation to achieve reliable convergence. Therefore, low convergence speeds of
the weak coupling between fluid and structure analysis is present here. The application
of reduced stiffness matrices for the structures represents the second alternative. While
this analysis is less flexible to varying boundary conditions and requires a linear structure
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model, it reduces computational self-times of the simulation, based on a weak coupling,
as the structure deformation can be evaluated based on a priori determined information.
Prölß [14] successfully used stiffness matrices in planet gear bearing analyses for wind
turbine gearbox applications. The procedure will also be applied for further investigations
in this study and is described subsequently.

According to the theory of Craig and Bampton [18], the reduced stiffness matrix
=
Cred

characterizing the behavior of the master nodes on sliding surface can be determined
according to Equations (1)–(4).

{
FM
FS

}
=

⎡
⎣ =

CMM
=
CMS

=
CSM

=
CSS

⎤
⎦·{ hM

hS

}
(1)

Herein, M and S are the indexes for master nodes and slave nodes and
=
C is the stiffness

matrix of the structure. All nodes that are loaded by varying forces in the calculation
procedure represent master nodes, while slave nodes are all other remaining ones. In the
concrete case, the master nodes are all located on the sliding surface. The force vector FM
and hM represent the film force F f ilm and the deformation of master nodes hde f on the
sliding surface, respectively. Applying these parameters to Equation (1) gives

F f ilm =
=
CMM·hde f +

=
CMS·hS (2)

FS =
=
CSM·hde f +

=
CSS·hS (3)

Combining Equations (2) and (3) provides

F f ilm =

(
=
CMM −

=
CMS·

[
=
CSS

]−1
·
=
CSM

)
︸ ︷︷ ︸

=
Cred

·hde f +
=
CMS·

[
=
CSS

]−1
·FS︸ ︷︷ ︸

Fred

(4)

The reduced stiffness matrix
=
Cred in Equation (4) contains the information about

structure elasticity and boundary conditions. The reduced load vector Fred characterizes
the impact of the mesh forces on sliding surface deformation. While the description of
planet structure requires Fred, the reduced force vector becomes equal zero vector for
the pin.

The modification of stiffness matrix dimensions due to the reduction procedure is ex-
plained for the planet model. The sliding surfaces of planet and pin are discretized with
128 elements in circumferential and 16 elements in axial directions. Due to condensation
for reduced stiffness matrix, the number of degrees of freedom for the spatial deformable
178,987 nodes of the unreduced planet model is reduced from DOF = 178, 987 × 3 = 536, 961
to DOFred = 128 × 16 × 3 = 6144 of master nodes on the sliding surface. If only the nodes
on the sliding surface are defined as master nodes, the reduced description of the structure is
specific for a load distribution on the tooth flank, as shown in Figure 1a. However, the nodes
on the tooth flank can be considered as additional master nodes, enabling the analysis of
arbitrary load distributions of the mesh forces. This paper studies the impact of structure
deformation on bearing operating behavior under nominal load. Consequently, a definition
of master nodes on the sliding surface is sufficient. In addition, the influence of the defor-
mation behavior of the planet carrier on bearing properties is also considered. In Figure 2a,
the linear contact type ‘Bonded’ is defined at the contact surfaces between carrier and pin
to ensure linearity of the entire model. This contact type merges the two structures and
prohibits sliding or separation of its contact surfaces. Therefore, the model consisting of
planet and pin behaves as a homogenous structure.
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Figure 1. (a) Complete FE-Model and (c) complete stiffness matrices, (b) reduced FE-Model and (d) reduced stiffness
matrices for planet.

Figure 2. (a) Complete and (b) reduced FE-Model for pin.

Based on the reduced structure properties introduced in Equation (4), deformation

h
(i)
de f of the sliding surface is evaluated by Equation (5).

h
(i)
de f =

=
C
−1

red ·
(

F(i)
f ilm − k·Fred

)
(5)

Herein,
=
Cred and Fred are the reduced stiffness matrix and load vector, and F(i)

f ilm is
the film force representing the sum of hydrodynamic and asperity contact forces. For the
planet, the force vector Fred models the influence of the mesh forces on the sliding surface
deformation, while this component does not exist for the pin. Assuming a constant shape
of the load distribution on the tooth flank, Fred can be scaled linearly by k to consider
different levels of mesh forces.

200



Lubricants 2021, 9, 98

Figure 3 shows the algorithm for iterative calculation of the mechanical equilibrium for
the planet gear bearing considering structure deformation. After the start of the iteration,
the planet bearing code calculates the pressure field p and the planet position for the
undeformed gap contour according to the procedure explained in part I of this study [9].
Here, an equilibrium between the film forces and moments and the outer forces and

moments, generated by the mesh load, exists. Predicted film forces F(i)
f ilm are applied, on the

nodes of the sliding surface of pin and planet, to analyze resulting deformation Δh
(i)
de f . This

deformation is numerically damped by ξ(i) and considered in the gap function of the next
fluid film analysis, according to Equation (6). These iterative steps repeat for the highly
loaded system until maximum local difference of deformation, between two subsequent
iterations, is less than 1 μm, and the maximum local difference of pressure remains below
0.2 MPa.

h(i+1)
de f = h(i)de f + ξ(i) · Δh(i)de f ; i = i + 1 (6)

 

Figure 3. Flowchart for consideration of deformation.

The factor ξ(i) varies between 0.01 and 0.2 in this study and is modified by a heuristic
algorithm based on the convergence behavior of the calculation procedure.

2.2. Investigated Gear Set: Planet Gear Bearing

Table 1 includes the basic analysis parameters of the investigated planet gear bearing
that equals the one studied in part I [9]. The values are in typical magnitude of planet
gear bearings applied in 3 MW wind turbine gearboxes. Figure 4 depicts a pin with the
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sliding planet gear bearing. The oil supply pocket is located in the opposite direction of the
bearing load.

Table 1. Planet gear bearing parameters.

Parameter Value

Geometrical Properties

Number of pads, - 1
Nominal diameter, mm 250

Pitch circle diameter, mm 499
Helix angle, degrees 7
Bearing width, mm 300

Angular span of lube oil pocket, degrees 20.5
Width of lube oil pocket, mm 260

Radial clearance, μm 138
Pad sliding surface preload, - 0.0

Static Analysis Parameters

Nominal rotational speed, rpm 30
Nominal bearing load, kN 900

Nominal bearing moment, kNm 27.6
Lubricant supply temperature, ◦C 60

Lube oil supply pressure, MPa 0.2

Lubricant Properties

Lubricant ISO VG 320
Lubricant density kg/m3 865 @ 40 ◦C

Lubricant specific heat capacity kJ/(kg·K) 2.0 @ 20 ◦C
Lubricant thermal conductivity, W/(m·K) 0.13

Figure 4. CAD model of the pin with sliding planet gear bearing.

2.3. Investigated Gear Set: CAD Model and Material Properties

Figure 5 shows the CAD model of the investigated planetary stage. It consists of a
carrier, five pins, and five planets with a helix angle β = 7◦. Due to the periodicity of the
system, one-fifth of the model in Figure 6 is utilized to reduce the required number of
nodes in the subsequently derived structure analysis. Table 2 includes material properties
of the planetary stage solid body components.

2.4. FEM Approximation for Structure Analysis: Meshing

Figure 7a shows that the planet is divided into two parts. The inner structure (part 1)
features a cylinder geometry that can be well approximated by hexahedral meshes. The
mesh of the outer structure (part 2) can be optionally set to a tetrahedral mesh. Both
sub-structures are joint via a bonded contact to behave as a homogenous structure. The
same method of mesh generation is applied to the pin shown in Figure 7b. Additionally,
pin and carrier are merged by a bonded contact.
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Figure 5. CAD model of planet gear stage and its components.

 

Figure 6. One-fifth of the CAD model of planet gear stage.

Table 2. Material properties.

Planet Pin Carrier

Parameter Value

Young’s Modulus, MPa 210,000 210,000 176,000
Poisson’s Ratio, - 0.3 0.3 0.275

Coefficient of Thermal
Expansion, 10−6/K 12 11.1 12.5

Isotropic Thermal
Conductivity, W/(m·K) 39.8 42.6 31.1

Tensile Yield Strength, MPa 850 1000 420

The position of the nodes on the sliding surface in FEM model matches the one of the
film analysis to prevent interpolation uncertainties. For the following investigations, the
sliding surface is discretized with 128 in circumferential and 32 elements in axial directions
by using the hexahedral element type. The entire unreduced FE-model features 338,241
nodes. To prove independency of the results, due to level of discretization, the number
of nodes is varied homogenously in all three space directions. Figure 8 shows predicted
radial deformation of the sliding surface at the origin of the angular coordinate for the
same load distribution on the sliding surface of the planet. Results indicate that maximum
relative deviation of radial deformation, between two levels of investigated mesh density,
is below 0.2% starting with the discretization chosen by the authors. Therefore, the impact
of structure discretization on predicted results is expected to be below the remaining
uncertainties of the entire simulation procedure.

2.5. FEM Approximation for Structure Analysis: Boundary Conditions and Mesh Forces

At the planet, a stationary mechanical equilibrium between the external mesh forces,
the gravity forces, and the film forces exists. However, numerical differences between these
forces remain and require a ‘Remote Displacement’ boundary condition, with 0 degrees of
freedom, to prevent rigid body movement. In Figure 9a, this boundary condition is applied
on the internal surface of part 2 of the planet. Figure 9b shows the bonded contact model
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for the connection between the planet carrier and planetary pins. Additionally, tapered
rolling element bearings support both sides of the planet carrier and limit movement in
radial and axial directions. The inner surface of the rotor side hub of carrier is fixed to
provoke the twist deformation due to the applied driving torque. The two cross sections of
the one-fifth model of the carrier feature cyclic periodicity boundary conditions.

Figure 7. Hexahedral mesh of sliding surface for planet (a) and pin with carrier (b).

 
Figure 8. Radial deformation at 0◦ degree across the bearing width for different mesh densities of the
structure model.

Figure 9. Boundary condition for planet (a) and pin with carrier (b).
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Figure 10 shows the homogenous load distribution applied at 4 nodes on each tooth
flank, and the total force components on each side of the tooth flank are included in the
Table 3.

Figure 10. Homogenous load distribution on each tooth flank.

Table 3. Mesh load on the each tooth flank at nominal load conditions.

Parameter Ring Gear Side Sun Gear Side

Radial force Fr, kN −164 164
Tangential force Ft, kN −450 −450

Axial force Fax, kN 55.3 −55.3

3. Results

3.1. Mesh and Bearing Loads

The relations between mesh forces and the investigated static bearing loads are com-
prehensively described in part I of this study. Considering the helix angle of the helical
gear of 7◦, according to Table 1, the nominal load case corresponds to a bearing force of
Fsc = 900 kN and a moment load of Msc = 27.6 kNm. This load case exists for a relative
input torque of Tr = 100%. According to the explanations in part I, bearing force and
moment loads vary linearly with the relative input torque.

3.2. Verification of the Calculation Procedure

The procedure for consideration of planet and pin deformation, using a reduced struc-
ture model and its implementation in the planet bearing code, is verified by a comparison
to predicted deformation results of the full, unreduced structure model. This study applies
ANSYS for structure mechanical analyzes. Figure 11 shows the results of the deformation
analysis with the full structure model in ANSYS and with the reduced model in the bearing
code. In this case, the same exemplary pressure distribution is applied to both structures.
Results at the center and the bearing end show very good agreement with a maximum
deviation of 1.7 μm. Furthermore, the distribution of deviations that is not shown here
features a harmonic shape and, therefore, indicates differences of predicted rigid body
displacements without significant impact on gap contour and hydrodynamics. Conse-
quently, these results verify the application of the reduced structure model, according to
the procedure explained in Section 2.1.

3.3. Deformation Behavior of Components

The general component deformation behavior, which is already introduced in Figure 11,
is analyzed in more detail in this section. Figure 12 shows the bearing clearance, together
with the deformed contour of pin and planet, at the bearing edge (z = −150 mm) and in
the center of the bearing (z = −4.7 mm) under nominal operating conditions, according to
Table 1. In addition to these deformed components, the resultant gap contour, modifying
the shape of the lubricant gap, is depicted.
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Figure 11. Comparison of gap contour in the center of bearing z = −4.7 mm for (a) pin and (c) planet, and at the bearing
edge z = −150 mm for (b) pin and (d) planet @ nominal operating conditions (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C,
psup = 0.2 MPa, Mbear = 27.6 kNm, β = 7◦).

Figure 12. Load conditions (a) and gap contour in the center of bearing z = −4.7 mm (b) and at the bearing edge, z = 150 mm
(c) @ nominal operating conditions (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear= 27.6 kNm, β = 7◦).
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Figure 12 indicates three major characteristics of the deformation distribution for
the two components, due to the load conditions in Figure 12a. First, the pin shows an
indentation due to the pressure load that can be clearly seen by the comparison of the
bearing clearance and the deformed pin contour in Figure 12a. Second, the pressure load
provokes a twist of the components that is well recognizable for the planet, due to its higher
flexibility. Maximum radial deformation in load direction is shifted from approximately
185◦, in the center of the bearing, to 205◦ at its front end. Third, tangential and film forces
pull the planet while the orthogonally acting radial forces push the planet. Consequently,
the planet exhibits an oval shape that also dominates the resulting gap contour.

In addition, Figure 13 shows the variation of major and minor radial clearances at the
front (z = 150 mm) and rear (z = −150 mm) of the planet gear bearing over the entire load
range. The results show that the major and minor radial clearances exhibit nearly linear
increasing and decreasing trends with rising load, respectively. Moreover, ovalization of
the two lateral bearing ends is different. Here, the rear end shows a higher level due to
larger maximum and lower minimum clearance. Figure 14 visualizes this property by
the change of the total radial deformation, which represents the sum of radial planet and
pin deformation, over the bearing width. Here, the major axis on the lateral bearing ends
are shown, additionally, to express the previously described twist of the load zone in a
three-dimensional view.

Figure 13. Radial clearance of elastic calculation for variable relative loads (npl = 30 rpm,
Fsc = 0–900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear = 0–27.6 kNm, β = 7◦).

Figure 14. Change of ovalization of the total radial deformation field over the bearing width @ nomi-
nal operating conditions (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear = 27.6 kNm,
β = 7◦).

Figure 15 depicts radial deformation of the full three-dimensional structure model for
further analyses of deformation behavior and its major characteristics. Figure 15a visual-
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izes the planet deformation with its significant ovalization that is previously explained.
Figure 15b describes pin deformation. The global pin deformation is dominated by the
twist of the two carrier cheeks, caused by the transmitted torque in the planetary stage.
Therefore, the pin that is connected on both ends, by a crimp to the cheeks, exhibits an
s-shape deformation clearly observable in Figure 15b.

Figure 15. Radial deformations of components of planet (a) and pin and carrier (b) in ANSYS @ nom-
inal operating conditions (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear = 27.6 kNm,
β = 7◦).

Figure 16 shows the comparison of the film thickness predicted by the rigid and the
flexible calculation. Compared to the rigidly predicted film thickness in Figure 16a,b,
the elastic calculation provides a nearly parallel film thickness with low gradients in
circumferential direction of the loaded zone in Figure 16c,d. The red marks, in the side
view in Figure 16a,c, as well as the top views in Figure 16b,d, give a deeper impact on this
difference. This behavior is typical for highly loaded contacts and incorporate a decrease
in the maximum pressure level.

Figure 16. Film thickness of rigid (a,b) and flexible calculation (c,d) @ nominal operating conditions
with crowning #2 (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear = 27.6 kNm, β = 7◦).
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3.4. Impact of Axial Profiling Model on Bearing Considering Elastic Deformation of Components

The first part [9] of this study shows that an axial crowning #2, exhibiting a continuous
parabolic shape among the bearing width, is suitable to reduce maximum pressure and
increase minimum film thickness. In the next step, this measure is investigated consider-
ing elastic deformation. Figure 17 illustrates that comparable maximum pressures exist
with, and without, crowning at nominal operation. This result is in contrast to the rigid
one presented in [9], where essential differences are determined. In accordance with the
rigid results, the crowning #2 provides an advantage. However, the maximum pressure
of 23.6 MPa with crowning, in Figure 17b, is only 7.1% lower than the one without ax-
ial crowning. Again, the crowning provides a more homogeneous pressure profile in
lateral direction.

Figure 17. Pressure distributions of elastic calculation at nominal operating conditions without
crowning (a) and with crowning #2 (b) (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa,
Mbear = 27.6 kNm, β = 7◦).

Figure 18 shows maximum pressure and minimum film thickness for rigid and flexible
analyses for the entire speed range. The crowning #2 provides advantage in the entire load
range with increasing minimum film thickness and decreasing maximum pressure. While
the reduction in maximum pressure in Figure 18a is comparably low, as explained before,
the rise of minimum film thickness Figure 18b is significant and underlines the importance
of this measure for safe operation.

While results predicted under consideration of crowning show nearly pure hydrody-
namic operation with maximum asperity contact pressures of pc < 0.04 MPa, significant
deviations between the results for flexible and rigid geometries exist for constant clearance
in axial directions. As shown in Figure 18b, minimum film thickness increases under
consideration of deformation. Consequently, the intensity of mixed friction is reduced, and
maximum solid contact pressure decreases, according to Figure 19a. Assuming a boundary
coefficient of friction of μ = 0.03, to derive solid contact shear stress from solid contact
pressure, a notable impact of asperity contacts on maximum temperature and frictional
power loss can be observed, starting with a relative load of Tr = 50%, in Figure 19b.
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Figure 18. Comparison of maximum pressure (a) and minimum film thickness (b) between rigid and elastic calculation for
variable relative loads (npl = 30 rpm, Fsc = 0–900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear = 0–27.6 kNm, β = 7◦).

Figure 19. Comparison of maximum solid contact pressure (a) and temperature and frictional power (b) between rigid
and elastic calculation for variable relative loads without axial crowning (npl = 30 rpm, Fsc = 0–900 kN, Tsup = 60 ◦C,
psup = 0.2 MPa, Mbear = 0–27.6 kNm, β = 7◦).

3.5. Modification of the Lubricant Gap by Wear Considering Elastic Deformation of Components

To analyze the impact of flexibility on predicted wear distributions, rigid and flexible
simulations are conducted for 560 h of operation. According to part I of this study, wear is
evaluated according to Archard’s law with a wear coefficient of K = 8.5·10−9 mm3/J.

Vw =
k
H
·Fsol ·L = K·Fsol ·L (7)

It is assumed that the softer material is located on the stator side, provoking a two
dimensional variable distribution of wear on the sliding surface of the bearing that does
not feature the axial crowning.

Figure 20 includes the wear distributions for the nominal load case. In comparison
to the wear distribution predicted for rigid geometries, the flexible analysis shows three
major differences. First, the entire wear level decreases and exhibits a reduction in wear
height by approximately 40%. Second, the extent of the areas featuring wear significantly
reduces in lateral direction and concentrates more on the bearing ends. Third, the angular
span of the area with wear in a circumferential direction rises, due to the characteristic of
the deformed lubricant gap, that shows a wider region of low film thickness, according to
Figure 16c,d.
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Figure 20. Wear after 560 h run with rigid geometries (a) and under consideration of elastic deformations (b) at nominal
operating conditions (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear = 27.6 kNm, β = 7◦, t = 560 h, no
axial crowning).

Maximum pressure, determined for the flexible planet gear bearing in Figure 21b,
is only 26.7 MPa and is, therefore, approximately 38% of the one predicted for the rigid
bearing that is reported, already, in part I [9] and shown in Figure 21a. However, in
contrast to the rigid case, wear has no significant impact on maximum pressure, as film
thickness modification concentrates on the lateral bearing end and has little influence on
hydrodynamics. A comparison of Figure 17b or Figure 21b underlines this statement,
as there is no qualitative difference of the pressure distributions. Additionally, Figure 21
illustrates the extent of the load region in circumferential direction, caused by elastic
deformation and already described for film thickness, in Figure 16. Here, the two red lines
enclosing the load region in the top view of each pressure distribution show a wider range
of contact pressures in circumferential direction and a more homogenous distribution in
lateral direction for the flexible case in Figure 21b than for the rigid case in Figure 21a.

Figure 21. Pressure distribution after 560 h with rigid geometries (a) and under consideration of elastic deformations (b) @
nominal operating conditions (np = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear = 27.6 kNm, β = 7◦, t = 560 h,
no axial crowning).
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Figure 22 shows the film thickness of rigid and elastic calculations for the worn bearing
after 560 h. As expected, results are qualitatively comparable to the ones in Figure 16 with
the exception of the extension of the loaded area, due to wear in the rigid case. The
minimum film thicknesses of Figures 16 and 22 are summarized in Table 4. By comparing
rigid and elastic calculations, the elastic deformation of components have little impact
on predicted minimum film thickness, whereas the characteristic of the lubricant gap
significantly changes if the impact of deformation is considered.

Figure 22. Film thickness of rigid calculation (a) and under consideration of elastic deformations (b) at nominal operating
conditions without crowning after 560 h (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa, Mbear = 27.6 kNm, β = 7◦,
t = 560 h, no axial crowning).

Table 4. Minimum film thickness of rigid and elastic calculation at nominal operating conditions with crowning #2 or
without crowning after 560 h.

Parameter Rigid Calculation Elastic Calculation

Minimum film thickness with crowning #2, μm 2.6 2.748
Minimum film thickness with wear after 560 h, μm 1.55 1.75

Figure 23 shows the variation of maximum pressure and minimum film thickness
over the entire load range for rigid and elastic calculations, considering wear after 560 h.
The comparison with the unworn results from Figure 16 indicates that the wear process has
a great impact on predicted maximum film pressure for rigid geometries by decreasing its
value by almost 70%, while it modifies the flexible results less significantly, and maximum
pressure remains nearly constant. However, for the same operating conditions, minimum
film thickness increases from the theoretical value of 0.21 μm to 1.55 μm for the rigid
analysis. Concordantly, a significant rise from 1.11 μm to 1.75 μm is predicted under
consideration of flexible geometries. As this modification concentrates on the bearing edge,
it has little impact on maximum pressure.

Figure 23. Comparison of maximum pressure (a) and minimum film thickness (b) between rigid and elastic calculation
for variable relative loads, without crowning, after 560 h (npl = 30 rpm, Fsc = 900 kN, Tsup = 60 ◦C, psup = 0.2 MPa,
Mbear = 27.6 kNm, β = 7◦, t = 560 h, no axial crowning).
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4. Discussion and Conclusions

This paper introduces a time-efficient procedure for sliding planet gear bearing analy-
sis, based on reduced structure models. The numerical procedure is verified by comparisons
to co-simulation results, determined with an unreduced structure model of a planetary
gear stage, with dimensions that are typical for wind turbine gearbox applications. Further
structure analyses with this model provide an impact on deformation behavior of the
bearing components caused by the specific load conditions of the helical gear. Under
load, the planet exhibits a characteristic ovalization of its structure that twists in lateral
direction. The pin deforms to an s-shape by the twist of the carrier cheeks it is connected
to. Moreover, both planet gear bearing components show a deformation that provokes
lower film thickness gradients in the loaded region. The modification of the lubricant gap,
generated by this behavior, leads to an enlargement of the loaded area and a reduction
in local load maxima. Consequently, consideration of structure flexibility is essential for
quantitative sliding planet gear bearing analyses.

General tendencies of the impact of an axial crowning and wear on operating behavior
match the ones predicted, based on the presumption of rigid bearing geometries, in part
I [9] of this study. However, the magnitude of their influence changes significantly, as
structure deformation modifies the shape of the lubricant gap in wide ranges. For the
investigated cases of this study, consideration of structure flexibility provides lower maxi-
mum film pressures and higher minimum film thickness. This improvement of predicted
operating behavior reduces the intensity of asperity contacts and of the wear derived from
it. Therefore, results indicate that consideration of structure deformation is also important
to predict wear-lifetime. Moreover, the modified operating behavior has to be taken into
account to characterize the bearing as a component of the entire gear system in the design
procedure. Here, the impact of the planet gear bearing properties on the gear mesh design
represents an example. In summary, part I of this study indicates that different measures
exist to optimize planet gear bearings, while part II additionally shows that a quantitative
judgement about these measures requires a consideration of structure deformation, due to
its high impact on predicted operating behavior.

The entire study uses a THD model that has been validated comprehensively for
journal bearing applications. It is adapted to the planet gear bearing case, and the procedure
for the consideration of structure deformation is verified by a full model structure analysis
in a co-simulation. However, validation of the entire procedure is not possible yet.
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